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ABSTRACT 


This  document  contains  the  proceedings  of  the 
Fourth  Cryocooler  Conference  for  electronic  systems 
and  sensors.  Cryocoolers-4  was  held  September  25  and 
26,  1986,  in  Easton,  Maryland.  About  170  people 
attended,  representing  11  countries,  14  universities, 
21  government  laboratories,  and  60  industrial  com¬ 
panies.  Thirty-one  papers  were  presented,  describing 
advancements  and  applications  of  cryocoolers  in  the 
temperature  range  below  80  K. 


Key  words:  cryocoolers,  cryogenics,  cryopumps ,  helium, 
infrared  detectors,  refrigeration,  superconductors 


INTRODUCTION  AND  SUMMARY 

This  document  contains  the  proceedings  of  the  Fourth  International  Cryocooler 
Conference,  which  was  hosted  by  the  David  Taylor  Naval  Ship  Research  and  Development 
Center  and  held  in  Easton,  Maryland,  on  September  25-26,  1986. 

The  first  of  the  cryocooler  conferences  was  held  in  1980  at  the  National  Bureau 
of  Standards  in  Boulder,  Colorado.  Initially,  this  conference  was  designed  to 
get  the  scientific  and  engineering  community  together  to  discuss  the  lastest  devel¬ 
opment  and  advances  in  refrigeration  for  cryogenic  sensors  and  electronic  systems  at 
temperatures  below  20  K.  The  temperature  range  was  increased  to  80  K  for  the  Second 
and  Third  Cryocooler  Conferences,  held  at  NASA  God^.rd  Space  Flight  Center,  Greenbelt, 
Maryland  (1982)  and  National  Bureau  of  Standards,  Boulder,  Colorado  (1984). 

The  scope  of  the  Fourth  International  Cryocooler  Conference  covered  the 
scientific  and  technological  development  of  small  closed-cycle  refrigerators  and 
components  applicable  in  the  temperatures  below  80  K.  Some  170  participants  from 
11  countries,  14  universities,  21  foreign  and  domestic  government  laboratories, 
and  60  private  industrial  companies  attended. 


V  1  1 


Thirty-one  technical  papers  were  presented,  decribing  advancements  in  many 
areas  of  crvocooler  technology.  These  presentations  of  cryogenic  systems  included 
discussions  of  magnetic  refrigerators,  absorption  coolers,  space  coolers,  squid 
coolers,  pulse  tube  refrigerators,  and  hybrid  systems.  Two  special  attractions  on 
applications  of  these  cryogenic  systems  were  presented.  The  first  was  a  videotaped 
performance  of  an  infrared  detection  system  installed  on  an  A-6  fighter  plane. 

This  system  had  taken  pictures  of  the  Annapolis,  Maryland  area.  The  second  was  a 
film  describing  the  development  of  the  Japanese  magnetically  levitated  high  speed 
t  rain. 

The  development  and  application  of  a  small,  compact,  reliable  and  efficient 
cryocooler  is  essential  if  cryogenics  is  to  become  state-of-the-art  technology. 

To  this  end,  we  feel  that  the  papers  presented  at  Cryocoolers-4  and  included  in 
this  proceedings  show  significant  progress  in  cryocooler  technology. 


The  Editors 


NOTE  ON  THE  CRYOCOOLER  USER  EXPERIENCE 
DATA  COLLECTION  CENTER 


UNIVERSITY  OF  CALGARY 
ALBERTA,  CANADA 


A  Center  for  compilation  and  collation  of  cryocooler  user  experience  has 
been  established  in  the  Department  of  Mechanical  Engineering,  University 
of  Calgary,  Alberta,  Canada  by  Professor  Graham  Walker. 

Cryocooler  users  are  invited  to  contribute  their  experience  to  the  Center 
-  both  good  news  and  bad  news  is  welcome.  Tc  facilitate  compilation  it 
would  be  helpful  if  the  contributions  could  be  prepared  in  the  following 
format : 

Cryocooler  Type:  _ _  Model  No.:  _ 

Manufacturer:  Name  and  address/contact  person  or  service  represen¬ 

tative  . 

Application:  What  is  the  cryocooler  used  for  (no  more  than  1/2  page 

typed) . 

Experience:  Annual  operating  hours. 

Duty  cycle  (period  of  continuous  running). 

Maintenance  requirements:  1)  scheduled 

2)  unscheduled 

Failure  modes  -  type  and  reasons  for  system  being 
non-operational. 

Operating  Time/Elapsed  Time  between  failure  (defined 
as  system  not  operational). 

Any  other  relevant  information. 

Any  contributions  submitted  will  be  strictly  confidential  and  need  not  be 
identified  when  submitted.  It  would,  however,  be  useful  to  have  the  con¬ 
tributor's  name  and  telephone  number  for  further  information  if  required. 

The  data  collected  will  be  summarized  and  published  annually  in  the  technical 
press  or  by  direct  mail  from  the  Center.  Contributors  will  automatically 
be  sent  a  copy  of  the  annual  report  following  their  submission.  Copies  of 
the  annual  report  will  be  available  to  anyone  else  for  a  small  postage/ 
handling  fee. 

Contributions  should  be  submitted  to: 

Dr.  Graham  Walker 
Dept,  of  Mechanical  Engineering 
The  University  of  Calgary 
Calgary,  Alberta,  Canada  T2N  1N4 
(403)-220-5772 
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OPERATING  CHARACTERISTICS  OF  A 
HYDROGEN  SORPTION  REFRIGERATOR 
PART  1:  EXPERIMENT  DESIGN  AND  RESULTS 


Kurt  Karperos 


Aerojet  ElectroSystems  Co. 
Azusa,  CA  91702 


A  description  of  Joule-Thomson  refrigerator  operating 
characteristics  with  hydrogen  LaNi5  absorption  compressors  is 
presented.  A  continuous  supply  of  high  pressure  gas  is  provided 
by  the  phased  thermal  cycling  of  four  high  heat  transfer  hydride 
compressors.  Since  the  system  operates  with  no  moving  parts, 
other  than  self  actuating  check  valves,  the  system  offers  a 
potentially  highly  reliable  alternative  to  mechanical 
refrigerators  for  long  life  space  missions.  The  cooler  does  not 
require  electrical  power  and  can  operate  using  a  low  grade  energy 
source,  e.g.  waste  heat.  The  data  presented  include  pressure 
profiles  for  the  compressors  which  indicate  that  sufficient  heat 
transfer  is  achieved  and  that  an  excessive  heat  transfer  rate 
leads  to  nonoptimum  performance.  Pressure  and  mass  flow 
measurements  show  large  fluctuations  produced  by  changing  sorbent 
sorbate  equilibrium  conditions  and  by  large  changes  in  compressor 
heat  fluxes. 

Key  words:  Absorption;  adsorption;  cryogenics;  hydride; 
hydrogen;  Joule-Thomson;  refrigerator;  sorption. 


1.  Introduction 

Refrigeration  through  nonmechanical  sorption  compression  of  the  refrigerant 
gasses  has  been  demonstrated  as  a  viable  approach  [1,2]*  for  providing  reliable, 
long  life,  vibration  free  cryogenic  cooling  for  advanced  spaceborne  surveillance 
systems.  Mission  refrigeration  requirements  will  include  temperatures  from  6  to  125 
Kelvin  with  cooling  capacities  of  a  few  watts  to  tens  of  watts  and  5  to  10  years  of 
near  100%  duty  cycle,  maintainence  free  service.  Because  sorption  compressors  have 
no  moving  parts  they  have  the  potential  for  highly  reliable,  long  life  operation. 

The  refrigerators  need  no  electrical  power  to  operate  except  to  drive  very  simple, 
low  power  control  electronics.  Compressors  can  be  designed  to  run  on 


*Numbers  in  brackets  refer  to  literature  references  at  the  end  of  this  paper. 


1 


direct  solar  energy  or  waste  heat  such  as  from  a  radioisotope  power  system. 


As  stated,  the  practical  feasibility  of  sorption  refrigerators  has  been  proved. 
However  to  develop  flight  systems,  cooler  operating  data  beyond  that  which  are 
provided  by  laboratory  demonstration  models  are  required.  To  fill  this  need, 

Aerojet  undertook  a  program  to  develop  and  study  the  performance  of  a  flight-like 
hydrogen  LaNi5  absorption  refrigerator.  This  paper  discusses  the  design  philosophy 
and  the  operating  characteristics  of  the  refrigerator.  Of  particular  interest  are 
transient  data  that  indicate  dynamic  features  which  must  be  considered  in  future 
analysis  as  well  as  compressor  and  system  design. 


2.  Sorption  Refrigerator  Concept 

The  sorption  process,  in  which  gasses  are  physically  adsorbed  onto  the  sorbent 
surface  or  react  with  the  sorbent  and  are  absorbed  into  vacant  intersti ti tal  sites, 
is  an  exothermic  reaction.  That  is,  heat  is  liberated  when  the  gas  is  sorbed  and 
taken  up  when  the  gas  is  desorbed.  If  the  sorption  reaction  is  reversible,  as  with 
charcoals,  zeolites,  and  metallic  hydrides,  a  refrigerant  gas  can  be  pumped  by  the 
cyclic  heating  and  cooling  of  a  suitable  sorbent.  Figure  1  shows  a  schematic  of  the 
Aerojet  J-T  refrigerator  with  hydrogen  sorption  compressors.  In  this  system  one  of 
the  compressors  is  heated  to  release  high  pressure  gas.  The  gas  flows  through  the 

precoolers  and  the  recuperative  heat  exchangers  to  the  J-T  vaive  where  it  is 

expanded  and  cooled,  and  possibly  partially  liquefied.  After  absorbing  the  heat 
load  the  gas  flows  back  via  the  heat  exchangers  to  a  second  compressor  which  is 

cooled  to  sorb  the  low  pressure  gas.  The  direction  of  the  gas  flow  from  and  to  a 

compressor  is  controlled  by  self  actuating  check  valves.  The  outlet  valve  opens  and 
gas  flows  out  of  a  compressor  when  the  compressor  is  heated  to  the  point  where  its 
pressure  is  slightly  higher  than  the  system  high  side  pressure.  Similarly,  the 
inlet  valve  opens  when  the  compressor  is  cooled  so  that  its  pressure  drops  below  the 
system  low  side  pressure.  The  only  moving  parts  in  the  refrigerator  are  the  long 
life  check  valves  which  operate  at  the  warm  end  of  the  cooler.  The  compressors  are 
merely  pressure  vessels  equipped  with  a  means  to  heat  and  cool  them.  As  indicated 
in  figure  2  a  compression  cycle  is  composed  of  four  phases:  heating,  desorption, 
cooling,  and  absorption.  A  fully  charged  compressor  is  pressurized  by  heating  it  to 
the  high  equilibrium  temperature  at  which  point  it  desorbs  into  the  high  pressure 
side  of  the  system.  When  depleted  of  hydrogen  the  compressor  is  cooled  and  it 
absorbs  hydrogen  from  the  low  pressure  side  prior  to  repeating  the  cycle.  To 
provide  a  continuous  hydrogen  flow  the  refrigerator  includes  four  identical 
compressor  units  operated  90°  out  of  phase. 

As  with  other  sorption  refrigerator  analyses  (3,4|  a  simple  second  order  model 
was  used  with  heat  exchanger  ineffectiveness  the  only  refrigeration  loss.  This 
assumption  yields  a  simple  relationship  for  the  required  refrigerant  mass  flow  rate, 
m,  for  a  given  cooling  load,  qj 


m  =  qj/Ah 


where  Ah  is  the  enthalpy  difference  between  the  cool  and  warm  streams  at  the  warm 
end  of  the  low  temperature  heat  exchanger.  The  enthalpies  were  obtained,  as  a 
function  of  temperature  and  pressure,  by  assuming  the  compressors  delivered  a 
constant  discharge  and  suction  pressure,  and  the  system  pressure  drop  was  zero  so 
that  the  pressures  at  the  heat  exchanger  were  the  sorption  and  desorption  pressures. 
The  warm  stream  inlet  temperature  was  taken  as  the  precooler  temperature.  The  cold 
stream  temperature  was  then  calculated  using  the  heat  exchanger  effectivity. 

During  the  desorption  phase,  at  pressure  and  temperature  T^,  the  heat  of 
reaction,  required  to  liberate  the  hydrogen,  is  added  to  the  compressor.  The  heat 
of  desorption,  q^,  is  given  by 


hd 


=  mH 


where  H  is  the  heat  of  reaction  per  gram  of  hydrogen,  15480  J/g  for  LaNis  [5]. 
Prior  to  desorbing,  the  compressor  is  pressurized  to  the  high  pressure,  P^,  by 
heating  it  from  the  low  absorbing  temperature,  TL,  to  the  high  equilibrium 
temperature,  Tg.  Writing  the  total  thermal  capacitance  of  the  compressor  housing 
and  hydride  bed  as  EMC,  the  sensible  heat  required  is 


%  =  IMC(TH~TL)/At 


where  At  is  the  phase  time.  The  amount  of  energy  required  to  liberate  sufficient 
hydrogen  to  pressurize  the  compressor  was  assumed  small  compared  to  the  sensible 
heat  and  was  ignored. 

With  four  identical  compressor  units  operated  90°  out  of  phase  with  equal  span 
time,  the  approximate  input  power  at  any  given  time,  qj,  is  then  equal  to  the  sum  of 
the  desorbing  and  heating  powers 


(’li=%  f  <fd 


The 
oli  t  a  i  ned 


amount  of  hydride, 
from  the  relation 


M, 


requited  to  supply  t he  specified  mass  flow  rate  was 


M  mAt/AC 


where  AC  is  the  change  in  hydrogen  mass  concentration  during  desorption.  The 
change  in  mass  concentration  is  related  to  the  change  in  atomic  concentration,  AX, 
by  the  ratio  of  the  total  number  of  hydrogen  atoms  which  can  be  absorbed  into  the 
interstitial  sites  of  the  metal  molecule,  6.12  for  LaNi5,  to  the  atomic  weight  of 
the  metal.  A  value  of  0.7  was  chosen  for  AX  as  it  corresponds  to  the  near  full 
extent  of  the  isotherm  plateau. 

The  assumed  idealized  pressure  curve  for  one  compressor  unit  is  shown  in  figure 
3.  The  system  design  variables  are  given  in  table  1. 


Table  1  Refrigerator  Design  Variables 
Cooling  load  qg  =  2.5  watts 

4  Compressors  phased  at  90  seconds  (At  =  90  sec) 

Total  cycle  time:  360  sec  (4  x  90) 

Pressure  ratio  P^/Pl:  4-05  mPa/.10  mPa 
Operating  temperatures:  Ty  =  130°C,  Tl  =  0°C 
Hydrogen  mass  flow  rate:  m  =  0.03  g/sec 
Total  heat  of  absorption:  41,000  Joules 
Amount  of  hydride:  270  gm  per  compressor 

Absorbing  capacity:  3.86  gm  H2  (43.3  liters  STP  per  compressor) 
Amount  of  H2  cycled:  2.65  gm  (AX  =  0.7) 


3.  Mechanical  Design 

Two  compressor  designs  were  developed  to  meet  the  system  requirements. 

Schematics  of  the  two  designs  are  shown  in  figure  4.  The  hydride  bed  in  the  first 
concept  is  a  narrow  annular  gap,  4.128  cm  I.D.  by  0.318  cm  wide.  The  annular  gap 
allows  a  large  heat  transfer  area  and  avoids  the  singularity  along  the  cylinder 
center  line.  Heating  and  cooling  is  provided  by  a  surrounding  fluid  jacket  with  a 
passage  on  both  the  inside  and  outside  diameters  of  the  annulus.  The  thermal 
conductance  of  the  hydride  bed  is  enhanced  by  a  20/J  density  copper  foam  matrix  into 
which  crushed  hydride,  25  mesh,  is  sifted.  The  hydride,  which  upon  exposure  to 
hydrogen  breaks  down  to  a  micron  sized  powder,  is  retained  in  the  annulus  by  a  1 
micron  filter.  The  annulus  depth  is  25.40  cm.  The  second  concept  also  uses  a  0.318 
cm  wide  copper  foam  filled  annular  sorbent  bed;  however,  the  inside  diameter  wall  is 
a  1  micron  cylindrical  filter.  This  permits  the  hydrogen  to  pass  only  through  the 
narrow  width  of  the  bed  rather  than  its  entire  length  as  in  the  first  concept,  there¬ 
by  reducing  the  flow  resistance  and  resulting  pressure  drop  across  the  sorbent  bed. 
This  configuration  allows  only  a  fluid  passage  along  the  outside  diameter  and  as  a 
consequence  in  order  to  achieve  the  same  heat  transfer  area  the  compressor  is  twice 
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as  long  as  the  first.  The  compressors  are  made  from  316  stainless  steel  and  are  of 
all  welded  construction.  The  first  and  second  concepts  weigh  approximately  2.8  and 
4.1  kg  respectively  when  filled  with  hydride. 

Prototypes  of  the  two  compressor  concepts  were  tested  to  determine  their 
performance.  No  measurable  difference  in  performance  was  found  and  the  first,  more 
compact,  concept  was  selected  for  refrigerator  testing.  Figure  5  shows  a  photograph 
of  a  hydride  compressor.  The  six  mechanical  fittings  on  the  compressor  flange  are 
thermocouple  feed  throughs  used  only  for  test.  The  compressor  was  designed  with  a 
removable  cover  sealed  with  a  metal  0-ring  and  a  metal  backed  teflon  C-ring.  After 
preliminary  compressor  performance  tests  it  was  determined  that  the  seal  leak  rate 
was  unacceptable  and  the  compressor  was  welded  shut  for  future  tests. 

The  two  recuperative  heat  exchangers  are  of  a  simple,  tube-in-tube  counter  flow 
design.  They  are  made  from  stainless  steel  tubing  with  a  0.475  cm  O.D.  by  0.041  cm 
wall  inner  tube  slipped  inside  a  0.635  cm  O.D.  by  0.051  cm  wall  outer  tube.  The 
warm  and  cold  heat  exchangers  are  12.2  m  and  6.1  m  long  respectively. 

A  schematic  of  the  J-T  valve,  based  on  a  design  by  JPL,  is  shown  in  figure  6. 
The  variable  orifice  size  is  controlled  by  the  spring  force  on  the  ball.  As  the 
pressures  up  and  down  stream  from  the  valve  change  the  spring  flexes  to  balance  the 
forces  on  the  ball.  The  resulting  change  in  orifice  size  adjusts  the  mass  flow 
rate  through  the  valve.  By  reducing  excursions  in  the  pressure  difference  across 
the  J~T  valve,  the  valve  provides  less  fluctuation  in  temperature  at  the  cost  of  a 
changing  refrigeration  capacity.  It  was  anticipated  as  has  been  reported  [1],  that 
the  valve  would  be  less  susceptible  to  plugging  by  opening  up  to  relieve  pressure 
build  up  caused  by  the  orifice  fouling  with  frozen  contaminant.  However,  this  was 
not  found  to  be  the  case.  The  clogging  will  be  discussed  in  more  detail  below. 


4.  Test  Setup 

The  compressor  thermal  control  system  was  designed  and  assembled  to  model  the 
behavior  of  a  flight  system,  i.e.  a  closed  loop  system  with  a  low  grade  heat  source 
and  radiator  cooling,  but  with  the  components  being  commercially  available  hardware. 
A  schematic  of  the  system  is  shown  in  figure  7.  It  consists  of  high  and  low 
temperature  fluid  circuits  which  share  a  common  path  through  the  compressor.  The 
compressors  were  thermally  cycled  using  electrically  operated  ball  valves  to 
alternately  circulate  hot  and  cold  fluid,  Dowtherm  J,  through  the  compressor  jackets 
(fig.  7).  Fluid  circulation  was  provided  by  two  3/4  hp  centrifugal  pumps.  Liquid 
flow  rates,  approximately  30  liters/min,  were  monitored  with  rotameter  type 
flowmeters  and  were  regulated  with  gate  valves.  Expansion  tanks  were  used  to  dampen 
hydraulic  surges  and  to  accommodate  fluid  expansion  with  temperature.  A  6  kw 
process  heater  was  used  to  simulate  a  flight  heat  source,  e.g,  a  solar  collector, 
radioactive  isotope,  or  other  heat  source.  A  12,000  Btu  fluid  chiller  at  -20°C 
simulated  space  radiator  heat  rejection. 

The  sorption  refrigerator  and  test  equipment  were  controlled  by  a  computer 
driven  data  acquisition  and  control  system.  Interactive  software  provided  operation 
in  both  manual  and  automatic  modes.  Hardware  and  software  failsafes  were 
incorporated  to  ensure  graceful  shutdown  in  the  event  of  system  failure. 
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The  manual  operation  mode  allowed  complete  system  control  by  the  test  engineer 
except  for  data  acquisition,  which  proceeded  automatically  after  the  data 
acquisition  rate,  typically  every  15  seconds,  and  data  storage  medium  were  selected. 
The  operation  of  the  pumps,  heater,  chiller,  and  the  valves,  and  thereby  the 
temperature  of  the  compressors,  was  controlled  by  keys  at  the  computer  terminal. 

The  manual  mode  was  used  for  compressor  outgassing  and  activation,  preliminary 
system  checkout  and  diagnostics. 

In  the  automatic  mode  the  cyclic  operation  of  the  compressors  was  controlled  by 
simple  software  interrupts  from  the  computer's  internal  clock.  The  engineer 
selected  the  compressor  cycle  time  and  the  computer  generated  the  necessary  commands 
to  switch  the  values  and  operate  the  heater,  chiller,  and  circulation  pumps.  Data 
acquisition  and  storage  proceeded  as  in  the  manual  mode. 

The  pressure  of  each  compressor  and  the  high  and  low  pressures  of  the 
refrigerator  were  measured.  The  hydrogen  flow  rate  was  measured  with  a  mass 
flowmeter  down  stream  from  the  compressor  outlet  check  valves.  Thermocouples  were 
located  in  the  gas  streams  at  the  inlets  and  outlets  of  each  heat  exchanger  and 
precooler  and  on  the  liquid  trap.  Each  of  the  hydrogen  compressors  was 
instrumented  with  thermocouples  in  the  hydride  bed.  These  were  used  during 
compressor  performance  tests,  but  were  damaged  when  the  compressor  covers  were 
welded  and  therefore  not  used  during  subsequent  tests.  Immersion  thermocouples  were 
located  in  the  heat  transfer  liquid  at  the  entrance  and  exit  of  the  fluid  heater  and 
chiller  and  at  each  compressor  fluid  jacket. 


5.  Test  Results 

Operation  of  the  refrigerator  to  26.6  K  and  0.21  watts  (a  discussion  of 
refrigeration  capacity  and  losses  is  found  in  Part  2,  [6])  has  demonstrated  that 
system  operation  is  very  dynamic.  Compressor  suction  and  discharge  pressures  vary 
continuously  during  the  cycle.  The  pressure  profile  for  each  compressor  is 
extremely  repeatable  with  small  differences  between  compressors  attributable  to 
variations  in  check  valve  cracking  and  resealing  pressures.  The  continuous  varia¬ 
tion  in  mass  flow  rate  is  also  very  repeatable.  The  changing  pressure  difference 
across  the  J-T  valve  and  flow  rate,  and  therefore  refrigeration  capacity  working 
against  a  constant  heat  load,  result  in  a  fluctuating  coldtip  temperature. 

The  high  and  low  side  pressures  at  the  J-T  valve  are  formed  by  the  upper  and 
lower  envelope  of  the  four  compressor  pressures.  Figure  8  shows  the  pressure 
envelope.  The  hydrogen  mass  flow  rate  associated  with  the  pressures  in  figure  8  is 
shown  in  figure  9.  As  expected,  changes  in  flow  rate  correspond  to  fluctuations  in 
system  pressure.  Gross  differences  in  the  amplitude  of  flow  rate  peaks  are 
attributable  to  the  data  sampling  rate.  Coldtip  temperature  stability  is  shown  in 
figure  10.  The  temperature  fluctuations  are  caused  by  changes  in  high  and  low  side 
pressure  and  mass  flow  rate  and  are  therefore  in  phase  with  the  curves  of  figure  8 
and  9.  Because  the  frequency  of  fluctuations  is  very  low  it  can  be  easily  dampened 
and  thermophonics  would  not  be  a  problem. 

Since  the  fundamental  driver  of  sorption  refrigerator  operation  is  compressor 
pressure,  the  transient  behavior  of  the  system  can  be  understood  by  examining  the 
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pressure  profile  for  one  compressor  unit..  Figure  11  shows  the  transient  pressure 
for  a  compressor  unit  and  also  demonstrates  the  repeatability  obtained. 

At  point  A,  the  compressor  is  fully  saturated  with  hydrogen  and  hot.  fluid  is 
directed  to  it.  Because  of  the  initially  large  temperature  difference  between  the 
fLuld  and  the  compressor,  approximate ly  130°C,  the  heat  fluxes  are  large  and  the 
compressor  heats  rapidly.  Heating  is  nearly  complete  in  15  seconds.  Because 
of  the  finite  slope  of  the  isotherm,  and  since  the  compressor  has  a  full  hydrogen 
charge,  It  is  at  a  higher  pressure  than  the  other  hot  compressor,  90°  ahead,  which 
is  partially  desorbed.  Therefore  its  outlet  valve  opens  and  it  begins  to  deliver 
hydrogen,  Point  B.  The  sudden  release  of  hydrogen  causes  hydride  self  cooling  and 
the  compressor  pressure  drops  to  Point  C.  With  more  heat  input  the  compressor 
temperature  recovers  and  its  pressure  rises  to  Point  D.  The  fluid  loop  is,  as  it 
would  be  in  a  flight  cooler  utilizing  low  grade  heat,  a  closed  loop  with  a  finite 
heating  rate.  The  rapid  initial  heating  of  the  compressor  and  release  of  hydrogen, 
caused  by  the  initially  large  temperature  difference  between  the  heating  fluid  and 
the  compressor,  results  in  a  drop  in  fluid  temperature,  the  magnitude  of  which  is  a 
function  of  the  fluid  system  heating  rate  and  thermal  capacity.  This  drop  in  fluid 
temperature  results  in  a  compressor  pressure  drop  to  Point  E.  From  here  the  com¬ 
pressor  continues  to  desorb  to  Point  F  where  it  is  nearly  depleted  of  hydrogen  and 
its  pressure  drops  quickly.  The  compressors  cycle  at  Point  G  (the  compressor  shown 
remains  hot,  the  compressors  90°  ahead  and  behind  change  temperature).  The  com¬ 
pressor  outlet  check  valve  closes  and  with  no  hydrogen  flow  there  is  a  slight 
decrease  in  the  rate  of  pressure  drop.  However,  as  before  at  Point  C,  after  fluid 
switching  there  is  a  decrease  in  fluid  temperature  producing  the  pressure  drop  to 
Point  H.  With  the  check  valve  closed  recovery  of  the  fluid  temperature  produces  an 
increase  in  pressure. 

At  Point  I  cold  fluid  is  directed  to  the  compressor  causing  its  pressure  to 
drop  to  Point  J.  The  effect  of  the  finite  slope  of  the  isotherm  plateau  is  repeated 
here.  Although  at  the  same  temperature  the  compressor  is  at  a  lower  pressure,  being 
fully  depleted,  than  the  compressor  90°  ahead.  Therefore  its  inlet  check  valve 
opens  and  hydrogen  is  taken  up.  Because  the  absorption  reaction  kinetics  are  slower 
than  the  desorption  kinetics,  compressor  heat  transfer  is  great  enough  to  overcome 
any  self  heating  and  there  is  no  associated  sharp  jump  in  pressure.  Similar  to  the 
heating  loop  there  is  a  sharp  change  in  fluid  temperature  when  the  fluid  is 
switched.  The  resulting  increase  in  pressure  is  not  as  dramatic  since  the 
compressor  contains  very  little  hydrogen.  The  increasing  plateau  pressure  causes 
the  pressure  to  rise  to  Point  K  where  the  fluid  is  again  switched  to  the  compressors 
90°  ahead  and  behind.  The  inlet  check  valve  closes  and  the  pressure  momentarily 
drops,  Point  L,  but  rises  again  when  the  fluid  warms,  Point  M.  Gradual  cooling  of 
the  fluid  produces  a  drop  in  pressure  until  the  compressor  is  again  heated. 

A  major  threat  to  sorption  refrigerator  reliability  is  clogging  of  the  J-T 
valve  by  frozen  contaminants.  The  operation  of  the  self  adjusting  J-T  valve  was 
investigated  to  determine  its  ability  to  compensate  for  clogging.  Figures  12  and  13 
show  the  pressures  up  and  down  stream  of  the  valve  and  mass  flow  rate  through  the 
valve  while  it  was  partially  plugged.  The  valve  was  calibrated  to  provide  a  nominal 
flow  rate  of  0.015  g/s  with  a  pressure  drop  across  the  valve  of  3.95  MPa.  In  an 
attempt  to  clear  the  valve  the  temperature  of  the  high  pressure  compressor  and  there¬ 
fore  its  pressure  was  increased  to  provide  a  pressure  drop  of  approximately  4.8  MPa. 
As  can  be  seen  in  figure  13  there  was  no  effect  on  the  flow  rate  as  it  remained 
near  0.0025  g/s. 
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The  valve  performance  is  a  direct  result  of  sorption  compressor  behavior,  in 
particular,  its  tendency  to  seek  equilibrium.  A  hydride  compressor  heated  to  a 
given  temperature  will  release  hydrogen  until  the  volume  into  which  it  is  desorbing 
is  at  the  equilibrium  pressure  or  until  the  hydride  is  fully  depleted.  If 
contaminant  freezes  partially  obstructing  the  orifice  the  upstream  pressure  will 
rise  (down  stream  pressure  will  fall)  but  only  to  the  equilibrium  pressure  defined 
by  the  compressor  temperature.  At  that  point  the  compressor  will  only  desorb  enough 
hydrogen  to  keep  pressure  constant.  In  the  extreme  case  of  complete  valve  plugging 
once  the  equilibrium  pressure  is  reached  no  more  hydrogen  would  be  desorbed.  The 
hydride  compressors  behave  like  pressure  regulators.  Any  sorption  compressor,  be  it 
absorption  or  adsorption,  will  have,  by  design,  an  upper  pressure  limit.  When  the 
J-T  valve  fouls  the  pressure  can  increase  to  that  limit,  but  not  above,  at  which 
point  the  self  adjusting  feature  of  the  valve  no  longer  works.  The  reliability  of 
the  design  when  coupled  with  a  mechanical  compressor  has  been  demonstrated  by  its 
accumulated  life  on  the  JPL  Deep  Space  Network  Maser  Receiver.  It  is  the  pressure 
regulating  characteristic  of  sorption  compressors  which  negates  the  valve  self 
adjusting  feature. 


6.  Conclusions 

While  a  sorption  refrigerator  can  be  thought  of  as  a  thermal  analog  to 
mechanical  refrigerators,  the  operation  of  sorption  compressors  is  inherently 
different  from  mechanical  compressor  operation.  As  opposed  to  a  constant  volume 
mechanical  compressor  a  sorption  compressor  is  a  constant  pressure  device.  During 
both  absorption  and  desorption  the  compressor  seeks  to  regulate  the  gas  pressure  to 
its  equilibrium  pressure.  Modeling  and  design  of  compressors  and  refrigerators  must 
reflect  this  fundamental  difference. 

Past  analysis  of  sorption  refrigerators  has  assumed  steady  state  operation. 
Detailed  examination  of  refrigerator  operation  has  demonstrated,  as  is  expected  in 
any  real  system,  that  operation  is  transient,  with  fluctuations  in  expansion 
pressures,  mass  flow  rate,  and  coldtip  temperature.  Design  improvements  can  be  made 
to  minimize  fluctuations,  including  controlled  heating  and  cooling  of  the 
compressors,  surge  tanks  to  accommodate  mass  flow  transients,  and  high  capacity 
heating  and  cooling  systems;  however,  operation  will  remain  dynamic.  The 
fluctuations  are  very  repeatable  and  are  explained  by  known  changes  in  compressor 
heat  flux  and  sorbent  sorbate  equilibrium  conditions.  Such  fluctuations  are 
predicable,  can  be  modeled,  and  accommodated  by  design. 
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Figure  5  Hydrogen  LaNi5  Compressor 


11 


Gas  Out 

6.35  Dia  — 

- 

Compression 

Plug 

6.35  Dia 

_ „  .V- 

/'/t  12.70  Dia 


6.35  Dia 
Bail 


Spring 


Figure  6  JouleThomson  Expander  (Dim  In  MM) 

Ball 

Valves 


Compressor 

(Typ) 


Expansion 


■ 


6kw 

Process 

Heater 


— (  ) 

Rotameter 

Metering 

77777/  Valves 

V  »  » 

Flowmeters 

3/»  hp  Circulation 

Pumps 

12,000  BTU 
Fluid  Chiller 

Figure  7  Fluid  Loop  Schematic 


Flow 

(g/s) 


Time  (Min) 

Figures  System  Presure 


Figure  9  Hydrogen  Mass  Flow  Rate 


jO 


Temperature 

(K) 


Pressure 

(MPa) 


Time  (Min) 

Figure  1 1  Compressor  Pressure  Profile 


Press.  (MPa) 


15 


Preceding  Page  Blank 


OPERATING  CHARACTERISTICS  OF  A 
HYDROGEN  SORPTION  REFRIGERATOR 
PART  II:  A  COMPARISON  BETWEEN  A  SECOND  ORDER 
ANALYSIS  AND  EMPIRICAL  DATA 


Lawrence  A.  Wade 

Aerojet  ElectroSystems  Co. 
Azusa,  CA  91702 


Aerojet  ElectroSystem  has  developed  a  hydrogen  sorption 
refrigerator  which  has  the  potential  to  become  a  highly  reliable 
alternative  to  mechanical  refrigerators.  The  sorption 
refrigerator  utilizes  a  Joule-Thomson  (J-T)  expander  in 
combination  with  a  H2/LaNi5  absorption  compressor  to  minimize  the 
number  of  wear  susceptible  mechanical  parts.  The  performance  of 
a  flight  qualifiable  system  is  simulated  by  supplying  heat  to  and 
removing  heat  from  the  compressor  via  fluid  loops.  The 
refrigerator  was  instrumented  to  allow  its  operating 
characteristics  to  be  accurately  determined.  A  general 
discussion  of  sorption  refrigeration  theory  is  presented  and  a 
second  order  refrigerator  analysis  model  used  to  predict  the 
refrigerator's  performance  is  examined  in  detail.  Empirical  test 
data  demonstrate  that  the  analysis  model  accurately  predicts  the 
performance  of  a  sorption  refrigerator.  It  was  determined  that 
variations  in  the  refrigerator  mass  flow  rate  and  pressures  have 
a  strong  impact  on  refrigerator  performance. 

Keywords:  Absorption;  adsorption;  analysis;  compressor; 
cryogenics;  metal  hydride;  hydrogen;  Joule-Thomson;  mathematical 
model;  refrigerator;  sorption. 


1.  Introduction 

Sorption  refrigerators  offer  an  inherently  reliable  solution  for  future 
satellite  cooling  requirements  as  they  have  no  moving  parts  other  than  ambient 
temperature  passive  check  valves.  Earlier  experiments  demonstrated  the  feasibility 
of  sorption  refrigeration. [1 ] ^  Aerojet  ElectroSystems  built  and  tested  a  sorption 
refrigerator  to  determine  its  operating  characteristics.  A  H2/LaNi5 


1)  Numbers  in  brackets  indicate  the  literature  references  at  the  end  of  this  paper. 

None  of  the  equations  in  this  paper  are  numbered. 
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refrigerator  design  was  chosen  for  this  experiment  based  on  the  results  reported  by 
previous  inves  t  iga  tors .  [  1 , 2.  ]  The  design  and  performance  details  of  this 
refrigerator  are  reported  in  an  accompanying  paper. [3] 

Figure  1  shows  a  schematic  of  the  hydride  refrigerator  design  and  a  diagram  of 
the  corresponding  temperature  as  a  function  of  entropy.  Tube-in-tube  counterflow 
heat  exchangers,  with  the  high  pressure  gas  flowing  through  the  annulus  and  the  low 
pressure  gas  flowing  through  the  inner  tube,  are  incorporated  in  the  design.  Liquid 
nitrogen  is  used  to  provide  the  30  K  precooling  refrigeration.  The  refrigerant  gas 
is  expanded  with  a  Jou le-Thomson  valve.  The  load  to  be  refrigerated  is  applied  to 
the  liquid  trap. 

A  rigorous  second  order  analysis  model  was  constructed  to  examine  the 
performance  of  the  sorption  refrigerator.  It  can  analyze  cycles  which  incorporate 
either  single  or  two  phase  refrigerant  expansion.  The  program  is  modular  in  nature, 
so  that  changing  the  kind  or  order  of  the  components  can  be  done  easily.  The  model 
is  also  useful  for  predicting  the  performance  of  proposed  sorption  refrigeration 
systems  since  it  can  analyze  multistage  refrigerators.  A  direct  comparison  of  the 
analytical  model  to  the  refrigerator's  measured  performance  and  operating 
characteristics  has  yielded  valuable  insights  into  the  complexities  of  how  sorption 
refrigerators  work. 


2.  Overview  of  sorption  refrigeration  theory 


Sorption  refrigerators  are  fundamentally  different  from  most  conventional  onas 
in  that  the  refrigerant  is  compressed  thermally  rather  than  mechanically.  The 
sorption  compressor  absorbs  gas  at  low  pressure.  The  absorbed  gas  is  then 
pressurized  by  heating  the  compressor.  High  pressure  gas  is  desorbed  and  run 
through  a  counterflow  heat  exchanger  to  the  expander.  Cooling  the  depleted 
compressor  returns  it  to  the  initial  state.  A  design  which  uses  tour  compressors, 
each  of  which  is  operated  in  a  different  part  of  the  cycle,  can  continuously  deliver 
high  pressure  refrigeiant  gas.  As  one  compressor  desorbs  high  pressure  gas,  a 
second  will  absorb  the  expanded  low  pressure  gas.  At  the  same  time,  a  compressor 
which  is  full  oi  absorbed  gas  is  being  pressurized  by  heating  and  another  compressor 
which  has  been  depleted  of  hydrogen  i s  being  cooled  and  thereby  depressurized.  When 
four  compressors  ate  used,  they  will  work  as  two  sets  of  opposing  pairs.  One 
absorbs  while  the  other  desorbs.  Oite  is  pressurized  while  the  other  is 
depressui  ized.  The  minimum  number  oi  compressors  needed  to  continuously  supply  high 
pressure  refrigerant  is  three. 

Uh i 1 e  some  median i on  1  ret r  igerators  (e.g.  those  which  use  the  Vuilleumier 
cycle)  also  thermally  compress  the  ret  tiger  ant,  sorption  refrigerators  diifet  in 
that  they  make  use  of  sorbent  mate) ial  for  this  purpose.  This  eliminates  the  need 
for  moving  mechaiiic.il  par  ts.  An  additional  advantage  in  piessui  ixing  the 
reft  igei ant  gas  by  treating  a  sorbent  material,  as  opposed  to  directly  heating  the 
gas  itself,  is  that  a  mm  li  gi  eater  pressure  change  is  possible  foi  a  given 
temperature  change.  Heating  l.aNis,  from  100  to  400  K  will  increase  its  equilibrium 
pressure  try  a  tactor  of  40.  It  just  the  gas.  was  heated,  the  ideal  gas  law  shows 
that  the  pressure  would  inn  ease  by  only  one  third.  Using  a  material  like  LaNitj  for 


the  sorbent  also  has  the  advantage  of  resulting  in  a  fairly  small  compressor  design 
as  the  absorbed  hydrogen  has  a  greater  density  than  does  liquid  hydrogen. [4)  Input 
power  is  supplied  to  the  sorption  compressor  in  the  form  of  heat. 

Almost  any  expander  can  he  used  in  combination  with  a  sorption  compressor  to 
make  a  refrigerator,  Due  to  their  .simplicity,  Joule -Thomson  ''alves  have  been 
selected  for  use  on  all  reported  sorption  refrigerator  designs.  This  is  a  naturally 
clean  system,  as  no  lubricants  arc  required  hv  the  refrigerator.  Some  alternative 
designs  shuttle  the  gas  between  two  compressors  which  eliminates  the  check  valves 
and  thereby  results  in  a  refrigerator  which  has  no  moving  parts.  Turbo  expanders 
appear  to  provide  the  most  promising  alternative  to  .  T  valves  when  high  efficiency 
is  required.  However  this  does  introduce  a  moving  part  into  the  cold  end  of  the 
refrigerator . 

While  idealized  theory  indicates  that  perfectly  continuous  flows,  temperatures, 
pressures  and  refrigeration  are  supplied  by  a  sorption  refrigerator,  the  experiments 
conducted  at  Aerojet  indicate  that  refrigerator  operating  characteristics  are 
actually  very  complex.  The  limited  heat  transfer  and  heat  capacity  available  in 
real  materials  cause  variations  in  the  pressures,  temperatures,  and  mass  flow  rate. 
Because  the  volume  of  the  LaNi^  increases  by  about  25%  when  fully  hydrided,  the  void 
volume  in  the  compressor  increases  by  nearly  40%  during  desorption.  This  change  in 
the  compressor  void  volume,  in  combination  with  the  gradual  change  in  the  LaNi^ 
hydride  equilibrium  pressure  when  absorbing  and  desorbing  refrigerant,  also  has  a 
strong  impact  on  refrigerator  dynamics.  Variations  in  the  refrigerator  pressures, 
temperatures  and  mass  flow  rate  were  found  to  be  extremely  regular.  These 
variations  occurred  with  the  quarter  cycle  since  four  compressor  units  were  used  to 
make  up  the  compressor  bank.  The  fluctuations  are  slow  in  nature  due  to  the 
refrigerator's  nine  minute  cycle  time.  Figure  2  shows  the  mass  flow  rate,  cold  end 
temperature  and  pressure  drop  across  the  J-T  valve  as  a  function  of  time. 


J.  Detailed  discussion  of  the  second  order  analysis  model 

The  model  constructed  to  examine  sorption  refrigerator  performance  utilizes  a 
second  order  analysis  technique.  A  .second  order  analysis  is  begun  by  calculating 
the  ideal  performance  of  a  refrigerator.  The  heat  flows  and  entropy  productions 
which  detract  from  the  ideal  cycle  are  then  calculated.  The  difference  between  the 
ideal  and  the  sum  of  the  adjustments  for  the  non-ideal  behavior  of  the  refrigerator 
gives  the  net  refrigeration  available.  This  program  calculates  the  refrigerant  mass 
flow  rate,  and  input  power  required  for  a  given  geometry,  operating  pressure,  net 
r >f r igerat ion  and  cold  temperature.  The  program  output  includes  the  net 
refrigeration,  the  individual  losses  and  the  refrigerant  enthalpy,  temperature,  and 
pressure  at  the  entrance  ar.d  exit  of  every  component  in  the  system. 

This  model  includes  a  number  of  loss  terms:  environmental  parasitic  heat 
loads,  heat  exchanger  inefficiency,  pressure  drop  losses,  heat  exchanger 
1.  ongi  tudinal  thermal  conduction,  and  ortho  to  para  conversion  of  the  hydrogen  gas. 
The  heat  exchanger  inefficiency  and  the  environmental  parasitic  heat  loads  are  the 
dominant  losses  in  th^  system.  The  pressure  drop  loss  was  very  low  in  this  system 
due  to  rhe  low  mass  flow  rate  (normally  between  0.01  and  0.02  g/sec.)  However,  in 
some  of  the  proposed  systems  which  have  been  examined,  the  pressure  dtop  loss  was 
also  very  important. 
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3.1  Code  logic 


A  flow  chart  of  the  program  code  logic  is  shown  in  figure  3.  The  program  is 
structured  so  that  the  heat  balances  in  the  cold  heat  exchanger,  J-T  valve  and 
liquid  trap  are  calculated.  The  mass  flow  rate  is  then  increased  until  the  required 
net  refrigeration  is  delivered.  After  the  correct  mass  flow  rate  has  been 
determined,  the  required  refrigeration  which  must  be  supplied  by  the  precooler  is 
calculated  and  the  compressor  input  power  is  determined.  When  using  experimental 
data  to  verify  the  program's  accuracy,  the  net  refrigeration  requirement  input  to 
the  program  is  varied  by  the  programmer  until  convergence  of  the  measured  mass  flow 
rate  is  achieved.  The  calculated  temperatures  and  net  refrigeration  can  then  be 
compared  to  the  measured  valves. 

The  analyst  inputs  the  precooler  temperatures,  the  required  net  refrigeration, 
the  heat  exchanger  geometries,  the  high  and  low  pressures  at  the  J-T  valve  and  the 
estimated  gas  enthalpies  at  the  inlets  and  outlets  of  each  compdnent.  An  initially 
low  estimate  of  the  mass  flow  rate  required  to  deliver  the  specified  net 
refrigeration  is  made  by  the  program  to  ensure  that  the  Newton-Raphson  mass  flow 
rate  estimation  routine  achieves  convergence.  After  estimating  the  required  mass 
flow  rate,  the  program  calculates  the  gas  stream  flow  areas  and  the  gas  properties 
at  the  estimated,  temperatures  and  pressures  in  the  cold  heat  exchanger.  The 
critical  Reynolds  number  is  calculated  and  the  friction  factors  and  heat  exchange 
coefficients  are  determined.  Using  this  information,  the  heat  exchanger  efficiency 
and  the  pressure  drop  are  established.  The  gas  enthalpies  at  the  cold  heat 
exchanger  inlets  are  known  as  their  temperatures  and  pressures  are  known.  The  gas 
enthalpy  at  the  high  pressure  outlet  is  calculated  by  subtracting  the  difference 
between  the  low  pressure  inlet  and  outlet  enthalpies  from  the  high  pressure  inlet 
gas  enthalpy  since  the  enthalpy  change  in  the  high  and  low  pressure  streams  along 
the  heat  exchanger  are  equal  when  the  heat  flow  is  balanced. 

The  pressure  at  the  inlet  of  the  high  pressure  side  of  the  heat  exchanger  is 
calculated  by  adding  the  pressure  drop  through  the  heat  exchanger  annulus  to  the 
pressure  at  the  J-T  valve  entrance.  The  pressure  at  the  outlet  of  the  low  pressure 
side  is  the  pressure  at  the  liquid  trap  minus  the  pressure  drop  through  the  inner 
tube.  The  temperatures  at  the  outlets  of  the  heat  exchanger  are  then  calculated 
from  the  newly  determined  enthalpies.  The  new  temperatures  are  used  to  determine 
the  new  average  temperatures  for  the  two  streams  and  new  gas  properties  are 
calculated.  The  program  iterates  until  the  heat  exchanger  effectivity,  outlet 
temperatures,  pressures,  and  gas  properties  have  converged.  The  losses,  the  net 
refrigeration  and  the  percent  of  the  refrigerant  which  is  liquefied  are  then 
calculated.  If  the  calculated  net  refrigeration  is  less  than  that  required,  the 
estimated  mass  flow  rate  is  increased  and  the  program  recalculates  the  heat 
exchanger  performance  and  the  refrigerator  cold  end  heat  balance.  This  continues 
until  the  desired  net  refrigeration  is  delivered. 

Once  the  temperatures  and  pressures  at  the  inlets  of  the  warm  heat  exchanger 
have  between  determined,  its  performance  can  be  calculated.  The  required  precooler 
refrigeration  and  finally  the  input  power  to  the  compressor  are  calculated. 

3.2  Equations 

The  symbols  used  are  defined  at  the  end  of  the  text. 
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3.2.1  Compressor  input  power 


The  input  power  to  the  compressor  is  the  sum  of  the  power  required  to  desorb 
the  refrigerant,  to  heat  the  compressor  when  pressurizing  the  refrigerant,  to  desorb 
enough  gas  to  pressurize  the  compressor  void  volume  during  pressurization  and  to 
make  up  the  heat  leaks  from  the  compressor  during  desorption.  These  can  be 
described  by  the  following  relations. 


^in~^d  +  Qp+^vl'^l 


where 


Qd=AH*w 

Qp~((^h*cph+Mg*cpg+Mss*CpSS)*(Td-Ta))/t 

%  =(AH*((Ph-P1)-(n*R*<Td-Ta))/Vv)*(Vv/(R*Td)))/t 


Hydrides  expand  when  absorbing  hydrogen  and  contract  when  desorbing  hydrogen. 

The  power  required  to  desorb  enough  gas  to  pressurize  the  additional  compressor 
void  volume  which  develops  as  the  hydride  becomes  depleted  of  hydrogen  and  shrinks 
was  not  included  in  this  calculation. 


3.2.2  Pressure  drop  and  heat  exchanger  efficiency 

The  heat  exchanger  effectivity  and  pressure  drop  relations  used  in  the  model 
describe  a  curved  tube-in-tube  configuration.  The  relations  have  also  been  modified 
slightly  to  account  for  the  effects  of  noncentrici ty  on  the  tube-in-tube  heat 
exchanger  friction  factors  and  heat  exchange  coef f icients . [5 ] 

The  program  assumes  constant  mass  flow  rates  and  pressures.  Using  the  standard 
counterflow  heat  exchanger  effectivity  equation  [  6]  resulted  in  ef fee t i vi. t ies  better 
than  0.9998  being  calculated.  However,  the  variations  in  mass  flow  rate  and 
pressures  found  in  the  sorption  refrigerator  cause  increased  heat  exchange  and 
pressure  drop  losses.  To  compensate  for  the  over  optimistic  efficiencies  calculated 
when  the  refrigerator  flow  variations  were  ignored,  the  effectivity  of  the 
counterflow  heat  exchanger  was  degraded  by  averaging  the  standard  relation  for 
Cmin/Cmax=l  and  the  relation  which  allows  this  value  to  vary.  This  resulted  in  a 
much  more  reasonable  calculated  effectivity  of  about  0.98. 

The  subscript  1  is  used  to  indicate  that  the  quantity  being  considered  refers 
to  the  heat  exchanger  annulus.  The  subscript  2  is  therefore  used  to  refer  to  the 
inner  tube  of  the  heat  exchanger.  The  equations  for  the  pressure  drop,  heat 
exchanger  effectivity  and  the  associated  friction  factors  and  heat  exchanger 
coeffecients  follow. 
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AP3=2*f  3*L*w2/(  pj*(D3-d2)*Ac^) 

AP2=2*f2*L*w^/( p2*Dj*Ac2^) 

e=((NTU/(l+NTU))+((l-e(-NTU*<1-cr)))/(l-Cr*e< -NTU*(1-Cr) ) ) )/2 

Recrit=20000-*(D1/D5)'32 

For  laminar  flow: 


f1=0.985xl0-4+25.21*Re1-1-011 
(  f  -344*(D1/D5) •5)/(lc56+log10(Re2*(D1/D5) *3))5* 73 

h1  =  (.9-k1*Re1-45*Pr1-5*Gr1-05*(D3/d2)-8*(^av///w)-U)/((D3-d2)-6*L-4 

h2  =  (  1  •84*k2*Re25/6*Prp1/3*(D1/D5)  •  25*( /vav///w)  • 14)/ 
((2+(10/(Pr22--l))-5)*Di273*L1/3) 


For  turbulent  flow: 


f1=0.085*Re1-°-25 

f2=0.00725*(D1/D5)-5+0.0085*Re2“0-25 
h1=0.020*k1*Re1-8*Pr1-4*(D3/d2)-45/(D3-d2) 
h2=0.021*k2*Re2-85*(D1/D5) • 1*Pr2'4/D1 


Ref 

No. 

[6] 

17] 

(8] 
[  9  1 
[10] 
[  111 


18] 
[  9  ] 
112] 
[13] 


3.2.3  Gross  refrigeration 

When  the  refrigerant  is  expanded  into  a  two  phase  flow,  curve  fit  relations  are 
used  to  describe  its  enthalpy  and  specific  heat.  The  ideal  gas  law  is  used  to 
describe  the  thermophysical  properties  when  the  refrigerant  remains  in  a  single 
phase  after  expansion.  The  effect  of  any  inaccuracy  in  these  relations  on  the 
predictive  capability  of  this  model  is  fairly  strong.  The  primary  effect  occurs 
when  the  gross  refrigeration  is  calculated.  The  gross  refrigeration  is  a  function 
of  the  difference  between  the  enthalpy  of  the  gas  at  low  pressure  and  the  cold 
precooler  temperature,  and  the  gas  enthalpy  at  high  pressure  and  the  same 
temperature . 


Qgross~w*(86  8  2 7 


Because  this  difference  can  be  very  small  relative  to  the  enthalpies 
themselves,  any  error  in  the  enthalpy  values  chosen  will  result  in  a  large  error  in 
rhe  calculated  gross  refrigeration. 
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3.2.4  Loss  calculations 


The  dominant  cold  end  losses  for  the  Aerojet  refrigerator  are  environmental 
heat  leaks  and  the  heat  exchanger  loss.  For  high  capacity  systems  the  pressure  drop 
loss  will  also  oacome  extremely  important.  The  losses  included  in  this  analysis  are 
the  environmental  heat  load,  heat  exchanger  loss,  pressure  drop  loss,  ortho  to  para 

conversion  of  the  hydrogen  gas  and  longitudinal  heat  conduction  along  the  heat 

exchanger . 

The  environmental  heat  load  at  the  precooler  and  cold  tip  are  calculated  from 
the  actual  design.  The  primary  source  of  heat  leaks  were  thermal  conduction  paths 
down  heater  and  thermocouple  wires,  and  the  pressure  transducer  capillary  tubes. 

The  heat  leaks  totalled  0.21  watts  at  the  cold  tip  and  0.15  watts  at  the  precooler. 

The  loss  due  to  inefficiency  in  the  precooler  heat  exchanger  was  not  included 

in  the  model.  Therefore,  the  gas  exiting  the  precooler  is  assumed  to  be  at  exactly 

the  same  temperature  as  the  precooler.  The  cold  counterflow  heat  exchanger  loss  is 
one  of  the  most  significant.  T.t  is  given  by  the  following  relation: 


Qj1x=(l-e)*v*  (h  I5) 


The  pressure  drop  loss  affects  the  refrigerator  perr  mance  in  two  ways.  It 
directly  increases  the  gas  temperature  through  frictional  heating  and  it  reduces  the 
pressure  range  over  which  the  refrigerant  can  be  expanded.  This  directly  reduces 
the  available  gross  refrigeration.  The  loss  of  gross  refrigeration  was  included  in 
the  model  by  using  the  pressures  measured  at  the  J-T  valve  when  calculating  the  gas 
enthalpies.  The  frictional  heating  is  described  by: 


'^dp-^pl/ Pl)  +  (^p2/ P2))*w 


Hydrogen  gas  exists  in  two  primary  states  ortho  and  para.  The  distinction 
between  them  is  the  relative  nuclear  spin  of  the  two  atoms  that  make  up  the  hydrogen 
molecule.  At  room  temperature,  the  two  states  of  hydrogen  reach  an  equilibrium 
condition  which  is  referred  to  as  normal  hydrogen.  Normal  hydrogen  consists  of  75% 
ortho  and  25%  para  hydrogen.  The  equilibrium  balance  swings  to  essentially  100% 
para  hydrogen  at  the  normal  boiling  point  temperature.  As  the  hydrogen  converts 
from  the  ortho  to  the  para  state,  703.3  i/g  are  released.  The  rate  at  which  this 
energy  is  released  will  be  referred  to  as  the  ortho  to  para  conversion  loss.  If 
left  alone,  the  reaction  rate  for  this  conversion  is  very  slow.  However  if  a 
catalyst  is  present,  the  rate  of  reaction  can  be  increased  by  several  orders  of 
magnitude.  Metal  oxides,  copper,  carbon  and  a  number  of  other  materials  can  act  as 
a  catalyst  with  varying  degrees  of  efficiency.  By  avoiding  materials  which  are 
known  to  be  hydrogen  catalysts,  or  which  are  susceptible  to  hydrogen  embrittlement, 
the  effects  of  this  problem  can  be  minimized.  In  the  interests  of  being 
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conservative,  the  reaction  rate  with  an  activated  charcoal  catalyst,  0.001  sec  *, 
was  assumed  for  this  calculation.  The  ortho  to  para  loss  is  given  by: 


Qo-p=0.001*w*703.3*(.75- Eq)*L1/v 


The  thermal  conduction  along  the  heat  exchanger  is  given  by: 


^cond~k-w*  ( A3+A4 )  *  ATf/L 


The  loss  term  Qde  is  the  difference  between  the  enthalpy  difference  as  a 
function  of  pressure  at  the  80  K  precooler  and  the  enthalpy  difference  as  a  function 
of  pressure  at  the  297  K  precooler.  This  term,  the  difference  in  the  enthalpy 
differences,  is  the  dominant  loss  when  the  required  precooler  refrigeration  is 
calculated.  It  can  be  put  in  the  form 


Qde=w*((H6-H2)-(H7-H1)) 


3.2.5  Heat  balances 

The  net  refrigeration  is  calculated  by  the  equation 


Qnet~0grOss  %x  ^dp  ^env  ^o-p  ^cond 


The  refrigeration  which  must  be  supplied  by  the  80  K  precooler  is  given  by  the 
equation 


Qpc-^whx+Qwdp ''Qwo -p+^wcond+Qde  ®hx  ^cond 


where  the  subscript  w  added  to  the  front  of  the  already  defined  subscripts  indicated 
that  these  losses  occurred  in  the  warm  heat  exchanger.  Note  that  the  cold  heat 
exchanger  inefficiency  loss  and  longitudinal  conduction  loss  are  treated  as  a 
refrigeration  of  the  precooler.  Table  1  shows  the  calculated  losses  and  heat 
balance  for  a  typical  set  of  refrigerator  operating  parameters. 


Table  1  Calculated  Heat  Balance  of  a  Typical  Refrigerator 


Cold  Tip 

Net 

Required  Precooler 

Refrigeration 

(watts) 

Refrigeration  (watts) 

9gross 

+0.7827 

9de 

+0.9390 

9env 

-0.210 

9whx 

+0.4224 

9hx 

-0.1895 

9wenv 

+0.150 

9o~p 

-0.0071 

9wdp 

+0.0094 

9cond 

-0.0008 

9wcond 

+0.0032 

Qdp 

-0.0004 

$o-p 

+0.0025 

9hx 

-0.1895 

^cond 

• -0.0008 

%et 

+0.375 

Qpc 

+1.336 

4.  Comparison  of  the  analysis  to  the  measured 
refrigerator  performance 

The  data  was  averaged  over  the  thirty  minutes  or  more  to  determine  the  values 
for  the  mass  flow  rate  and  pressures  which  were  input  to  the  analysis  model.  The 
refrigerator  achieved  an  average  cold  tip  temperature  of  28.9  K  and  a  gas 
temperature  prior  to  expansion  of  38. 5K  while  delivering  0.25  watts  of  net 
refrigeration.  The  program  predicted  that  the  refrigerator  should  achieve  a 
temperature  of  28.9  K  and  a  gas  temperature  prior  to  expansion  of  38. 5K  with  a  net 
refrigeration  of  0.28  watts.  When  the  refrigerator  was  operated  at  a  load  of  0.60 
watts,  the  gas  temperature  was  34.8  K  after  expansion  and  45.6  K  prior  to  expansion. 
The  program  predicted  that  the  gas  temperature  would  be  34.0  K  after  expansion  and 
45.9  K  prior  to  expansion  with  a  net  refrigeration  of  0.65  watts.  The  model 
therefore  calculated  the  refrigerator  cold  end  temperatures  to  within  2.4%  and  the 
net  refrigeration  to  within  11%. 

However,  this  close  correspondence  was  achieved  by  degrading  the  predicted  cold 
heat  exchanger  efficiency.  The  surges  in  mass  flow  rate  which  actually  exist  in  the 
refrigerator  result  in  higher  pressure  drops  and  heat  exchanger  inefficiencies  than 
those  calculated  by  using  averaged  pressures  and  mass  flow  rates.  The  difference 
between  the  degraded  heat  exchanger  loss  and  the  constant  pressure  and  mass  flow 
heat  exchanger  loss  directly  demonstrates  the  importance  of  the  refrigerator 
dynamics  to  performance  calculations.  As  the  variations  in  pressures,  temperatures 
and  mass  flow  rates  are  extremely  regular  it  should  be  possible  to  construct  a  model 
which  duplicates  the  physical  situation  and  is  capable  of  determining  the  relative 
importance  of  each  of  these  effects. 


5.  Conclusions 

A  detailed  second  order  model  has  been  constructed  whose  predictive  capability 
has  been  verified  against  the  measured  performance  of  a  flight  like  sorption 
refrigerator.  The  second  order  analysis  model  was  found  to  be  capable  of  predicting 
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cold  end  temperatures  to  within  2.4%  and  the  net  refrigeration  to  within  11%.  The 
program  calculates  the  refrigerant  pressures,  temperatures,  and  enthalpies 
throughout  the  system.  The  heat  flows  and  entropy  productions  in  each  of  the 
refrigerator  components  are  also  calculated.  While  the  model  examines  the  refrig¬ 
erator  in  a  rigorous  fashion,  there  are  a  number  of  assumptions  made  in  Its 
construction.  The  most  important  of  these  was  the  assumption  that  the  refrigerant 
is  supplied  by  the  compressor  at  a  constant  pressure  and  mass  flow  rate.  A  model 
can  he  constructed  which  is  capable  of  predicting  the  dynamic  operating  character¬ 
istics  of  a  sorption  refrigerator  since  the  measured  transients  are  extremely 
repeatable.  This  program  would  also  prove  valuable  when  designing  the  refrigera¬ 
tor  to  minimize  the  transients. 
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number  of  transfer  units 
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Prandt  l  number 
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Reynolds  number 

absorption  temperature,  K 

desorption  temperature,  K 

cycle  time,  s 

void  volume  cmJ 

mass  flow  rate,  g/s 

heat  of  desorption,  J/g 

temperature  difference  along  the  heat  exchanger,  K. 
heat  exchanger  effectivity 
density  at  state  points  in  figure  1,  gm/cc 
average  viscosity,  g/cm-s 

viscosity  of  fluid  next  to  the  wall,  g/cm-s 
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This  paper  describes  the  feasibility  study  of  the  high 
response  hydride  compressor  for  a  regenerative  cryocooler. 

The  gas  compression  parts  of  the  split  Stirling  or  Vuilleumier 
cycle  could  be  replaced  with  the  gas  absorption  compressor, 
if  the  pressure  response  of  the  absorption  compressor  is  high 
enough  to  drive  the  regenerative  cryocooler  directly.  A  metal 
hydride  (LaNi5)  has  been  used  for  the  experiment  of  hydrogen 
absorption  compressor  which  gives  the  equilibrium  state  of  12 
atm  at  80° C  or  4  atm  at  40 °C.  Our  preliminary  experiment 
indicates  the  pressure  response  of  the  order  of  seconds  could  be 
obtained.  An  application  of  the  hydride  compressor  operating 
below  100 °C  to  the  gas  compression  parts  of  the  regenerative 
cycle  cryocooler  has  also  been  described. 


Key  words;  absorption,  desorption,  hydride,  thermal  compressor, 
cryocooler,  hydrogen,  regenerative  cycle,  pulse  tube,  Vuilleumier 
cycle 


1.  Introduction 

An  increasing  number  of  cryogenic  applications  require  reliable  and  low  cost 
cryocoolers.  The  gas  sorption  compressor  could  be  substituted  for  the  mechanical 
compressor  of  the  cryocooler  and  enhance  its  reliability.  The  sorption  compressor 
having  intake  and  exhaust  valves  has  been  used  in  a  high  pressure  Joule-Thomson 
cycle  [1,2,3];  however,  its  application  to  the  regenerative  cycle  is  limited  to 
Gifford-McMahon  cycle  [4]  because  of  relatively  slow  operating  speed  of  the  sorption 
compressor. 
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However  the  gas  compression  part  of  the  split  Stirling  on  Vuilleumier  cycle 
could  be  replaced  with  a  sorption  compressor,  if  the  pressure  response  of  tthe  sorp¬ 
tion  compressor  is  high  enough  to  drive  the  regenerative  cryocooler  directly.  Its 
application  to  the  pulse  tube  refrigerator  is  also  interesting  because  there  is 
a  potential  to  realize  a  cryocooler  having  no  moving  parts.  This  paper  describes 
the  feasibility  study  of  a  high  response  hydride  absorption  compressor  for  regenera¬ 
tive  cryocoolers. 


2.  Fundamental  model  of  the  pressure  swing  generator 

To  know  the  pressure  response  of  the  metal  hydride,  we  considered  the  funda¬ 
mental  model  as  shown  in  Figure  1.  It  is  constructed  by  the  hydride  receptacle 
having  heat  transfer  wall  and  the  hydrogen  gas  space  with  pressure  gauge. 


Figure  1.  Fundamental  model  of  the  pressure  swing  generator. 

The  absorption  and  desorption  process  of  this  model  is  explained  on  the  PCT 
(Pressure,  Composition,  Temperature)  plane  as  shown  in  Figure  2(a) .  During  the 
heating  process  of  the  heat  transfer  wall,  hydrogen  gas  in  the  hydride  is  desorbed 
due  to  the  increasing  temperature  of  the  hydride.  As  a  result,  the  gas  flows  into 
the  gas  space  and  the  pressure  increase  (A  to  B  in  Figure  2(a)).  During  the  cooling 
process  of  the  same  wall,  the  pressure  decreases  due  to  the  gas  absorption  effect 
(B  to  A  in  Figure  2(a)). 

In  general,  the  positive  reaction  heat  is  produced  during  the  cooling  process 
of  the  hydride  and  the  negative  reaction  heat  (cooling  effect)  is  produced  during 
the  heating  process.  Therefore  the  fundamental  equations  of  the  process  described 
above  can  be  written  as  follows: 


(Cs+Cw) - -  -  k*s(Tf -Ts)+  OH  (1) 

dt 

where  the  secondary  fluid  such  as  water  for  heating  and  cooling  the  heat  transfer 
wall  has  been  considered.  In  eq.  (1),  Ts  is  hydride  temperature;  Tf,  secondary 
fluid  temperature;  Cs,  heat  capacity  of  the  hydride;  Cw,  heat  capacity  of  the  wall 
material;  k,  thermal  conductance;  s,  heat  transfer  area  of  the  wall;  and  QH,  reaction 


'32 


COMPOSITION  (HjWtX)  COMPOSITION  (H2wt%) 


(a)  Constant  volume. 

Figure  2.  PCT  plane  of  metal 


(b)  Variable  volume, 
hydride  for  pressure  swing. 


heat.  The  effects  of  the  thermal  conductivities  of  the  hydride  and  the  heat  transfer 
wall  are  not  considered  in  eq.  (1)  for  simplicity.  Therefore  these  effects  should 
be  included  in  the  thermal  conductance  (k)  with  the  neat  transfer  coefficient  of  the 
secondary  fluid. 


The  pressure  and  the  temperature  relation  within  the  plateau  region  on  the  PCT 
plane  is  defined  as; 

AH  AS 

In (P)  -  -  (2) 


RTs 


where  AH  is  the  enthalpy  change  of  the  hydride  due  to  the  reaction  heat;  AS,  entropy 
change  of  the  hydride;  and  R„  a  gas  constant  (for  hydrogen,  R=4.12  j/g.K). 


The  reaction  heat  for  unit  mass  (ms)  within  the  hydride  may  be  written  as; 

dms 

QH  =  AH  -jt— 


(3) 


Considering  the  ideal  gas,  the  state  equation  in  the  gas  space  is  expressed  as, 

PV  -  0 . 098 (m  -  ms)  RT  (4) 

where  P  is  pressure  (kg/cm^);  V  is  volume  of  the  gas  space  (cm3);  T  is  gas  tempera¬ 
ture  in  the  gas  space  (K)  which  is  assumed  to  be  constant;  and  m  is  the  total  mass 
of  the  working  gas  (grams). 
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Summarizing  these  equations,  ue  obtained  the  following  differential  equation  for 
the  hydrogen  gas  temperature  within  the  hydride: 


dTs 

dt~ 


Cs+Cw+0. 098  —  (-— )Z  EXP(—  ' )}  1k*s(Tf-Ts) 

T  RTr  Pfs  R  I 


(5) 


The  Ru.ige-Kutta  method  was  used  to  solve  this  equation.  The  pressure  response 
followed  by  the  step  change  of  the  secondary  fluid  temperature  is  obtained  by  eq.  (2) 
and  (5).  One  of  the  calculated  results  is  shown  in  Figure  3.  Fixed  parameters  are 
shown  in  Table  t.  The  values  of  AH  and  AS  are  those  of  LaNi5  obtained  from  our 
experimental  data. 


Figure  3.  Pressure  response  following  the  step  change 
of  the  second  fluid  temperature. 


Table  1.  Fixed  parameters  used  i..  Figures  4  to  8. 


Enthalpy  change  of  LaNi5 

AH 

-1,5624 

(J/g) 

Entropy  change  of  LaNi5 

AS 

-55.6 

(J/g.K) 

Max.  temperature  of  secondary  fluid 

Th 

353 

(K) 

Min.  temperature  of  secondary  fluid 

Tc 

298 

(K) 

Sum  of  heat  capacities 

ECi 

1.0 

(J/K) 

Heat  transfer  rate 

k*S 

10.0 

(J/ sec .K) 

Max.  gas  volume 

Vmax 

G.O 

(cnC) 

Min.  gas  volume 

Vmir 

1.0 

(cm3) 

Phase  angle  of  Tf  and  V 

* 

40 

(deg. ) 

Cycle  frequency 

f 

30 

(rpm; 
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3.  Hydride  compressor  for  regenerative  cryocoolers 

The  regenerative  cycle  using  a  cold  displacer  instead  of  an  expander  operates 
with  constant  volume  except  the  compression  part  of  Stirling  cycle,  but  the  mass 
flow  produced  by  the  temperature  difference  at  both  ends  of  the  displacer  means 
the  existence  of  an  imaginary  variable  volume.  Therefore  it  could  be  assumed  that 
the  cyclic  change  of  the  volume  of  the  gas  space  in  eq.  (2)  indicates  the  combination 
of  a  hydride  compressor  and  the  regenerative  cryocooler  using  a  cold  displacer. 

Figure  4  shows  the  cyclic  response  of  the  pressure  (P)  caused  by  the  cyclic 
change  of  the  gas  volume  (V)  and  the  secondary  fluid  temperature  (Tf)  having  the 
phase  angle  (  )  as  indicated  on  the  figure.  The  parameters  listed  on  table  1  are 
also  used  in  this  calculation.  In  this  case,  the  mass  flow  due  to  the  absorption 
and  desorption  of  the  hydride  is  schematically  shown  in  Figure  2  (b) .  The  cooling 
effect  at  the  cold  end  of  the  displacer  may  be  obtained  if  the  gas  absorbed  in  the 
hydride  moves  counterclockwise  on  the  PCT  plane. 


Figure  4.  Cyclic  response  of  the  pressure  (case  (b)  in  Fig.  2). 

Figure  5  shows  the  PV  diagrams  of  different  phase  angles.  In  the  case  of  'k  =  0 
degrees,  the  figure  is  similar  to  that  of  Stirling  or  VM  cycle,  but  if  the  phase 
angle  increases  to  40  degrees,  the  figure  is  close  to  that  of  G-M  cycle  which  gives 
maximum  cooling  power  per  unit  expansion  volume.  The  effects  of  the  thermal  conduc¬ 
tance,  heat  capacity  and  the  phase  angle  on  the  maximum  pressure  difference  and 
the  PV  work  (indicated  as  Q)  are  plotted  on  Figure  6  to  8  respectively.  In  these 
figures,  fixed  values  of  the  parameters  listed  on  table  1  are  used  except  the  param¬ 
eter  used  on  X  axis.  We  found  the  effect  of  the  heat  transfer  rate  is  most  important 
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Figure  7.  Effect  of  heat  capacity. 
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Figure  8.  Effect  of  the  phase  angle. 
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to  increase  the  maximum  pressure  difference;  however,  the  increasing  heat  transfer 
area  increases  the  heat  capacity  of  the  wall,  which  decreases  the  maximum  pressure 
difference.  Therefore  we  have  to  use  the  thin  wall  material  having  low  specific 
heat . 


Figure  8  indicates  the  effect  of  the  phase  angle  is  not  significant;  however, 
large  phase  angles  may  not  be  desirable  for  regenerator  efficiency  because  the  re¬ 
generator  mass  flow  rate  per  unit  expansion  work  may  increase.  This  effect  is  well 
expressed  by  the  shape  of  PV  diagram. 


4.  Experimental  Results 


For  the  preliminary  experiments,  a  number  of  stainless  steel  capillary  tubes 
were  used  as  the  hydride  receptacle  for  increasing  the  heat  transfer  area  per  unit 
mass  of  the  hydride.  The  outer  diameter  of  the  tube  is  1.6  mm,  the  thickness  is 
0.15  mm,  and  one  end  is  closed  and  the  other  open  to  the  gas  space.  The  hydride 
we  used  here  is  LaNi5  powder  of  about  60  mesh.  In  the  first  experiment,  we  used 
seven  capillary  tubes,  each  having  a  length  of  23  mm,  as  the  hydride  receptacle. 

The  total  mass  of  LaNi5  in  the  capillary  tubes  was  1.2  grams  and  the  gas  volume 
was  about  1.1  cm^ .  Hydrogen  gas  of  0.96  wt%  has  been  absorbed  at  293K.  The  second¬ 
ary  fluid  is  flowing  water. 


Figure  9  shows  the  desorption  process  when  the  water  temperature  increased  from 
298K  (25°C)  to  353K  (80°C) .  Figure  10  shows  the  absorption  process.  To  estimate 
the  order  of  pressure  response,  we  defined  ra  as  the  required  time  to  reach  the 
mean  pressure  following  the  step  change  of  the  secondary  fluid  temperature.  The 
measured  value  of  rm  is  about  0.9  seconds  for  desorption  and  is  about  1.0  second 
for  absorption.  The  pressure  response  has  been  significantly  improved,  but  these 
values  still  do  not  satisfy  the  requirement  of  the  regenerative  cryocooler  without 
valves . 


In  the  second  experiment,  we  used  nine  capillary  tube;,  each  having  a  length  of 
29mm,  as  the  hydride  receptacler  as  shown  in  Figure  11  (a) .  The  cross  section  of 
the  tube  was  flattened  as  shown  in  Figure  11  (b)  for  reducing  the  amount  of  LaNi5 
per  unit  heat  transfer  area.  The  total  mass  of  LaNi5  was  1.3  grams.  The  heat 
transfer  area  per  unit  LaNi5  was  increased  by  about  50%  in  comparison  to  the  first 
test  device  using  seven  circular  tubes.  One  of  the  test  results  of  cyclic  pressure 
response  is  shown  in  Figure  12,  where  a  constant  volume  gas  space  was  1.0  cmJ 
the  cycle  frequency  was  30  rpm.  The  maximum  pressure  difference  was  4.9  kg/cm^ 
and  a  pressure  ratio  of  1.6  was  observed  under  the  temperature  swing  of  the  secondary 
fluid  between  310  K  (37°C)  and  355  K  (82°C) . 


and 

2 


Owing  to  the  lack  of  an  effective  heating  system  for  the  secondary  fluid,  we 
could  not  obtain  a  higher  temperature  difference  under  the  high  flow  rate  of  the 
secondary  fluid.  However  if  the  secondary  fluid  heating  system  was  improved,  the 
hydride  compressor  described  here  could  be  applied  to  a  regenerative  cryocooler. 

The  most  simple  applications  of  this  compressor  unit  will  be  a  surface  heat 
pumping  cycle,  which  is  known  as  a  pulse  tube  refrigerator.  The  possible  arrangement 
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Figure  11.  Schematic  of  the  test  device. 


Figure  12.  Experimental  result  of  cyclic  pressure  response 
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Figure  13.  Possible  arrangement  of  crycoolers  coupled  with 
the  hydride  compressor. 


of  the  pulse  tube  refrigerator  coupled  with  this  compressor  unit  is  shown  schemat 
cally  in  Figure  13(a).  Figure  13(b)  shows  the  application  to  a  regenerative  cryo 
cooler  having  a  displacer  such  as  split  Stirling  or  VM  cycle. 
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5.  Conclusion 


A  simplified  scheme  for  realizing  a  high  response  hydride  compressor  was  devel¬ 
oped  which  can  be  used  for  the  compression  part  of  the  regenerative  cryocoolers 
directly  without  any  valves.  The  parametric  calculation  and  the  preliminary  experi¬ 
ments  using  LaNi5  as  the  hydride  material  give  the  following  results: 

(1)  A  high  response  hydride  compressor,  which  could  be  applied  to  a  pulse 
tube  refrigerator  or  other  regenerative  cryocoolers  having  a  cold  displacer. 

(2)  To  realize  a  high  pressure  response  the  amount  of  the  hydride  must  be 
minimized.  As  a  result,  a  low  cost  cryocooler  could  be  realized. 

(3)  As  a  concrete  design  of  the  hydride  receptacle,  application  of  the  thin 
walled  and  flattened  capillary  tubes  was  proposed. 

However  a  number  of  problems  which  must  be  settled  remain.  These  are: 

(1)  Prediction  of  the  life  time  limits  of  the  hydride  due  to  degradation  of 
performance . 

(2)  Low  pressure  drop  filter  design. 

(3)  System  design  of  the  secondary  fluid  for  the  specified  application  of 
the  cryocooler. 

We  wish  to  acknowledge  to  M.  Kawade  (ETL)  and  Y.  Baba  (JECC) ,  who  gave  us  an 
opportunity  to  conduct  this  study. 
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DEVELOPMENT  OF  AN  80-120  K 
CHARCOAL- NITROGEN  ADSORPTION  CRYOCOOLER 


S.  BARD 

Jet  Propulsion  Laboratory 
California  Institute  of  Technology 
Pasadena,  California  91109 


The  design,  development,  and  testing  of  a  charcoal- 
nitrogen  adsorption  cryocooler  is  described.  The  cryocooler 
was  operated  between  100  and  120  K  and  produced  0.5  W  of 
cooling  at  118  K.  Designs  and  performance  predictions  of 
optimized  80  K  and  118  K  spaceborne  systems  are  also  presented. 
Because  of  their  many  attractive  features,  particularly  the 
absence  of  wear-related  moving  parts  and  the  ability  to  be 
combined  in  cascade  refrigeration  systems  to  provide  cooling  in 
the  4  to  150  K  range,  adsorption  cryocoolers  are  an  ideal 
choice  for  cryogenic  cooling  applications  on  many  long  duration 
space  missions. 

Key  words:  Adsorption;  charcoal;  cryocoolers;  cryogenic;  gas 
adsorption;  Joule-Thomson;  nitrogen;  refrigeration;  sorption. 


1.  Introduction 

Development  of  reliable  cryogenic  systems  for  long  duration  spaceborne 

operation  is  becoming  a  high  priority  issue  [1-5], ^  with  typical  applications 

including  infrared  sensors  for  detection,  tracking  and  surveillance,  gamma  and  X- 

ray  astronomy,  storage  of  cryogenic  propellants  and  other  fluids,  and  Josephson 
junction  devices.  Because  they  have  no  wear -related  moving  parts,  non-mechanical 
adsorption  cryocoolers  have  the  potential  for  operating  reliably  for  over  10  years, 
far  longer  than  present  mechanical  systems.  They  also  offer  the  potential  of  being 
relatively  simple,  require  no  maintenance,  generate  negligible  vibration  and 
electromagnetic  interference,  can  recover  from  trace  gas  contamination  effects,  can 
be  easily  scaled  to  accommodate  different  heat  loads,  and  can  be  powered  by  waste 
heat  from  a  spacecraft  nuclear  or  solar  thermal  energy  source. 

The  ability  tc  use  chemical  and  physical  adsorption  processes  to  create  a  non- 
mechanical  compressor  for  use  in  cryogenic  refrigeration  systems  has  been  recog- 

%umbers  in  brackets  refer  to  literature  references  listed  at  the  end  oi  this 

paper. 
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rtized  for  many  years.  A  hydrogen  refrigerator  delivering  1  W  at  25  K  using  a  LaNi5 
hydride  thermal  chemisorption  compressor  has  been  demonstrated  by  Van  Mai  and 
Mijnheer  [6],  and  again  more  recently  by  Jones  [7].  The  use  of  zeolite,  silica  gel 
and  charcoal  as  adsorbents  for  various  gases  in  cryogenic  refrigerator  systems  has 
been  described  by  Hartwig  [8],  Kidnay  and  Hiza  [9],  and  Chan  [10]. 

The  first  laboratory  demonstration  model  of  a  charcoal/nitrogen  adsorption 
cryoc.ooler  has  been  developed  and  successfully  tested  at  JPL.  Results  of  initial 
feasibility  experiments  are  reported  here  along  with  optimal  designs  and  predicted 
performance  characteristics  of  80  K  and  117.5  K  flight  systems.  The  80-120  K  range 
is  a  typical  requirement  of  many  infrared  detectors.  The  described  flight  systems 
can  be  used  to  cool  detectors  requiring  these  operating  temperatures  or  as  upper 
stages  in  a  liquid  helium  (4-10  K)  ,  liquid  hydrogen  (14-30  K)  ,  or  solid  hydrogen 
(7-14  K)  cascade  system. 

2.  Principle  of  Operation 

When  a  gas  is  brought  into  contact  with  a  solid,  intermolecular  attractive 
forces  cause  some  of  the  molecules  to  be  retained  at  the  solid  surface.  The  number 
of  molecules  adsorbed  at  a  given  temperature  and  pressure  is  related  to  the  surface 
area  of  solid  adsorbent.  Certain  substances,  notably  charcoal,  have  a  very  porous 
structure.  As  a  result,  their  effective  surface  areas  are  enormous,  in  some  cases 
well  over  1000  m^/g  [11,12],  and  they  will  adsorb  large  quantities  of  gas. 

The  amount  of  gas  adsorbed  increases  as  the  adsorbent  temperature  is  reduced. 
Gas  is  desorbed  as  the  adsorbent  temperature  is  raised,  and  in  a  closed  container, 
moderately  high  pressures  can  be  produced.  By  thermally  cycling  a  number  of 
canisters  filled  with  charcoal,  it  is  possible  to  provide  an  essentially  continuous 
flow  of  high  pressure  gas,  thus  creating  a  non-mechanical  compressor.  Cooling  can 
be  achieved  by  expanding  the  compressed  gas  through  a  Joule -Thomson  (J-T)  valve. 
The  only  moving  parts  in  the  whole  system  are  self - operating  check  valves.  Since 
the  check  valves  operate  at  room  temperature  and  at  very  low  frequency,  about  once 
every  two  minutes,  they  can  be  expected  to  last  for  many  years. 

2.1  Compressor  Cycle 

An  idealized  thermodynamic  compressor  cycle  is  shown  as  the  dashed  curve  in 
figure  1,  superimposed  on  charcoal/nitrogen  adsorption  isotherms.  The  compressor 
is  cooled  and  depressurized  between  state  points  (d)  and  (a) .  Further  cooling  from 
(a)  to  (b)  causes  the  inlet  check  valves  to  open,  admitting  gas  into  the 
compressor.  Heating  from  (b)  to  (c)  pressurizes  the  compressor.  Additional 
heating  from  (c)  to  (d)  causes  the  outlet  check  valves  to  open,  allowing  high 
pressure  gas  to  flow  out  of  the  compressor. 

The  schematic  in  figure  2  shows  four  compressors  integrated  into  a  simple 
refrigeration  system.  A  relatively  constant  gas  flow  rate  can  be  produced  by  using 
four  compressors,  each  operating  in  a  different  phase  of  the  cycle  at:  any  time. 

2.2  Refrigeration  Cycle 

The  adsorption  compressors  can  be  integrated  into  a  precooled  Joule -Thomson 
(Linde -Hampson)  refrigeration  system  [13],  as  shown  in  figure  2.  The  high  pressure 
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Figure  2  Functional  schematic  and  temperature-entropy  diagram  of  an  adsorption 
compressor  precooled  Joule-Thomson  refrigeration  cycle. 


compressor  outlet  gas  is  first  ptecooled  (process  0-1)  with  passive  radiators,  a 
thermoelectric  cooler,  or  a  dry  ice/alcohol  bath  (test  configuration).  The 
compressed  gas  is  further  cooled  in  a  counterflow  recuperative  heat  exchanger  to 
condition  (2)  and  then  expanded  isenthalpically  through  a  Joule-Thomson  (J-T) 
valve.  If  the  gas  at  condition  (2)  is  below  its  inversion  temperature,  it 
experiences  a  decrease  in  temperature.  The  temperature  at  (2)  may  be  so  low  that 
expansion  causes  condition  (3)  to  be  located  within  the  liquid-vapor  envelope  and 
the  fluid  will  partially  condense,  as  shown.  At  (3)  it  will  exist  partly  as 
saturated  liquid  (4f)  and  partly  as  saturated  vapor  (4g) .  The  refrigeration  load 
vaporizes  the  liquid  and  the  low  pressure  gas  returns  through  the  recuperative  heat 
exchanger  to  the  compressor  (process  4g-5). 

3.  Analysis 

The  thermodynamic  efficiency  of  a  cryocooler  is  often  expressed  as  the 
specific  power  requirement,  SP,  which  is  the  input  power  required  per  watt  of 
cooling.  Expressions  for  SP,  as  well  as  the  mass  flow  rate  obtained  from 
adsorption  compressors,  will  now  be  derived. 

The  cooling  capacity,  Qc  is  proportional  to  the  gas  mass  flow  rate,  m,  and 
the  difference  in  enthalpy  between  the  heat  exchanger  outlet  and  inlet  gas,  i.e. 

Qc  =  m(h5-h1)  (1) 

The  designer  chooses  the  high  and  low  operating  pressures,  P^  and  ?j  ,  and 
precooling  temperature,  Tp,  which  determines  hp ,  where  the  numerical  subscripts 
refer  to  state  points  in  figure  2.  These  parameters  along  with  the  heat  exchanger 
effectiveness,  give  115 .  Fob  an  ideal  compressor,  the  gas  mass  flow  rate  is  given 
by 


"'ideal  “  msAC/At  >  <2) 

where  ms  is  the  mass  of  solid  adsorbent  and  C  is  the  adsorbate  concentration,  given 
by  the  mass  of  gas  adsorbed  per  unit  mass  of  solid  adsorbent.  AC  is  the  change  in 
concentration  in  the  compressor  during  the  desorption  phase  of  the  compressor 

cycle,  occurring  during  the  time  interval  At.  For  the  ideal  compressor,  AC=Cc- 

Cd=Cb-Cd.  The  mass  of  gas  liberated  during  compression  is  represented  by  msAC. 

As  shown  in  [14] ,  the  void  volume  effect  causes  the  flow  rate  produced  by  the 
compressors  to  be  somewhat  less  than  that  given  by  eq .  (2),  as  the  real  compressor 

cycle  follows  the  solid  curve  in  figure  1.  The  real  flow  rate,  iii ,  is  given  by 

m  =  [m  Ad  +  Ap  (V  +V^ )  ] /At.  ,  (3) 

where  V]  is  the  void  volume  in  the  plumbing  line  between  the  compressor  and  the 
check  valves,  which  is  a  function  of  the  system  design  and  hardware.  A is 


the  change  in  gas  density  from  condition  (b)  to  ( d) ,  which  is  always  negative.  The 
compressor  void  volume  can  be  expressed  [14]  as 


V  =  (m  /p  ) [ (1-f  )/f  -f  .  /f  ]  m 
v  s'rs  o  o  micro'  sJ  ' 

where  ps  is  the  density  of  solid,  non-porous,  carbon  (about  2. 1-2. 2  g/crn^) .  The 
charcoal  packing  factor  is  given  by  f0=pef f/Ps .  where  the  bulk  charcoal  density 
peff  =  ms/Vc,  and  Vc  is  the  total  available  volume  in  the  compressor.  fmiCro  anci 
fs  are  micropore  and  solid  carbon  particle  volume  fractions,  and  along  with  fQ  arc 
functions  of  the  type  ar  preparation  of  the  charcoal.  fs  and  fmicro  can  be 
determined  by  mercury  pore  imetry  and  by  examination  of  charcoal/nitrogen  is  therms 
[11,12,14,15], 

The  differential  heating  required  to  liberate  and  compress  the  gas  during  any 
part  of  the  compression  and  desorption  phase  of  the  compressor  cycle  (b-c-d)  is 
given  by 


dQ  =(mc  +mc  )dT  +  m  dh  +  m  AHdC  (5) 
H  N  s  ps  c  pc  g  s  v  ' 

where  mccpc  represents  the  product  of  mass  and  specific  heat  of  the  compressor 
container  and  heat  transfer  enhancement  matrix,  cps  is  the  solid  adsorbent  specific 
heat,  and  m„  is  the  gas  mass.  The  differential  change  in  temperature,  gas 
enthalpy,  and  concentration  are  represented  by  dT,  dh  and  dC ,  respectively.  AH  is 
the  negative  of  the  isosteric  heat  of  adsorption  given  by  the  adsorption  analogue 
of  the  Clausius-Clapeyrun  equation: 


AH  -  R[3(ln  P)/3(1/T)]c 


(6) 


The  specific  power,  SP,  is  defined  as  the  reciprocal  of  the  coefficient 
of  performance,  i.e. 


sp  -  i/cop  -  qh/qc 


(7) 


Given  charcoal  characteristics  and  adsorption  isotherms,  C(T,P),  eqs .  (l)-(7)  can 
be  solved,  and  eq.  (5)  can  be  integrated  to  determine  the  specific  power 
requirement  for  any  gas/sorbent  combination  under  various  operating  conditions.  A 
computer  program  which  numerically  solves  these  equations  [16]  was  used  to  design 
the  feasibility  demonstration  cooler  and  to  obtain  the  optimum  flight,  model  designs 
described  later. 


4.  Experiment 

Figure  3  shows  a  functional  schematic  of  the  laboratory  demonstration  cooler. 
The  precooler  is  a  194.7  K  dry  ice/ethyl  alcohol  bath.  The  tour  compressors 
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Figure  3  Schematic  diagram  of  Lhe 
charcoa  1  /ni trogen  adsorption  c.ryo- 
cooler  laboratory  demonstration  system. 


Figure  4  Charcoal/nitrogen 
adsorption  cryocooler  laboratory 
demonstration  system. 


each  constructed  of  1.59  cm  (5/8  in)  dia  by  33  cm  (13  in)  long,  17-7  PH  stainless 
steel  tubes,  heat  treated  to  the  TH1050  condition.  This  high  strength  steel 
enables  the  use  of  3.56x10'^  cm  (0.014  in)  thin  walls,  which  minimizes  mr  in  eq  (5) 
and  ultimately  SP.  A  6%  density  aluminum  foam  is  linepress  fit  into  the  tubes  in- 
order  to  enhance  the  radial  heat  transfer  through  the  charcoal.  The  tubes  are 
filled  with  Barnebv-Cheney  type  Cx  (BCGI)  charcoal,  which  is  first  prepared  by 
grinding  it  in  a  ball  mill  and  filtering  it  through  a  400  mesh  (38  micron  dia) 
sieve.  A  0.5  micron  sintered  stainless  steel  filter  is  laser  welded  onto  one  end 
of  the  tube  to  prevent  charcoal  powder  from  contaminating  the  rest  of  the  system. 
The  nitrogen  working  fluid  flows  into  and  out  of  the  same  end  of  the  tube,  enabling 
the  constant  flow  reversal  to  keep  the  filter  unclogged. 

Kapton  film  heaters  are  bonded  to  the  outside  of  the  compressor  tube  to  heat 
the  compressors  to  TH-400  K.  The  average  total  input  power  at  any  time,  ,  was 
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150  W  throughout  the  test.  The  compressors  are  cooled  to  Tt=250  K  by  flowing  a 
coolant  :n  an  insulated  annular  jacket  surrounding  each  unit. 

The  high  pressure  gas  produced  by  the  compressors  flows  through  the  outlet, 
check  valves  and  is  cooled  convectively  in  air.  The  check  valves  open  at  a 
pressure  differential  of  about  5  psi  (,0.34  atm,  0.034  MPa).  The  gas  then  flows 
through  a  recuperative  heat  exchanger,  a  coiled  tube  heat  exchanger,  and  the  J-T 
cryostat.  The  coiled  tube  heat  exchanger  precools  the  incoming  gas  to  194.7  K,  and 
along  with  a  vacuum  chamber  containing  the  recuperative  heat  exchanger  and  J-T 
valve,  are  all  immersed  in  a.  dewar  containing  a  dry  ice/aicohol  bath,  as  shown  in 
figure  3.  The  large  pressure,  mass  flow,  and  refrigeration  load  fluctuations 
predicted  in  [18]  are  avoided  by  the  use  of  large  2.5  liter  accumulator  tanks 
located  downstream  of  the  compressor  cutlet  and  upstream  of  the  inlet,  and  the 
pressure  regulated  J-T  valve. 

The  J-T  valve  is  a  modified  version  of  the  pressure  regulated  adjustable  check 
valve  used  by  Jones  [7],  in  which  the  desired  pressure  drop  in  the  valve  can  be  set 
by  adjusting  the  check  valve  spring  tension.  Besides  maintaining  the  desired 
pressure  drop,  the  pressure  regulated  valve  has  the  additional  advantage  of  being 
less  susceptible  to  contamination  [7]  .  The  effect  of  contaminants  in  the  system 
are  c;so  reduced  by  the  use  of  a  molecular  sieve  and  a  sintered  stainless  steel 
filter  directly  upstream  of  the  J-T  cryostat. 

Temperatures  are  measured  with  thermocouples  mounted  on  each  compressor  and 
located  at  the  cryostat  inlet  and  outlet.  A  silicon  diode  temperature  sensor  is 
mounted  on  the  J-T  valve  for  accurate  (±0.1  K)  cold  finger  temperature 
measurements.  Pressures  are  measured  to  ±2  psia  (0.14  atm,  0.014  Mpa)  with 
pressure  transducers  mounted  at  each  compressor  and  accumulator  tank.  Flow  rates 
are  measured  by  closing  the  J-T  inlet  valve  for  three  to  four  minutes  and 
monitoring  the  pressure  increase  in  the  calibrated  accumulator  volume  as  a  function 
of  time. 

Figure  4  shows  a  picture  of  the  adsorption  cryocaoler.  Clearly  visible  near 
the  top  are  the  four  ice  covered  faces  of  the  compressor  coolant  jackets  with  their 
thermocouple,  pressure  transducer  and  heater  feedthroughs.  The  flow  control  panel 
can  he  seen  in  the  center  of  the  picture  and  the  inlet  to  the  dry  ice/aicohol 
precooler  and  J-T  cryostat  is  at  the  lower  right  hand  corner. 

The  system  operation  is  controlled  by  a  Hewlett  Packard  HP  9836CS  minicomputer 
connected  to  an  HP  3497  data  acquisition/ control  system.  Software  was  developed  to 
continuously  monitor  temperature  and  pressure  transducers,  control  system  timing, 
open  and  close  solenoid  valves,  and  switch  heater  power  supplies  on  and  off. 

5.  Experimental  Results 

The  system  was  operated  for  over  60  hours  at  various  operating  pressures  and 
temperatures.  Table  1  summarizes  measurements  of  the  high  and  low  operating 
pressures  and  flow  rates,  and  also  shows  comparisons  to  flow  rates  predicted  by  eq. 
(3).  The  experimental  flow  rates  are  all  within  15%  of  predictions.  The  gross 
cooling  loads  and  specific  powers  in  the  final  columns  of  cable  1  are  calculated 
with  eqs .  (1)  and  (7)  using  the  measured  flow  rates  and  pressures,  assuming  a  heat 
exchanger  effectiveness  of  0.98 
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A  heater  on  the  J-T  valve  was  used  to  simulate  usetul  cooiipg  loads  from  a 
detector.  Unfortunately,  intermittent  instability  of  the  spring  loaded  J-T  valve 
made  it  difficult  to  maintain  a  steady  pressure  drop  over  the  time  required  to  boil 
off  any  accumulated  liquid  N2  and  achieve  steady  state  conditions.  Therefore, 
accurate  useful  cooling  load  measurements  could  not  be  obtained.  However,  J-T 
parasitic  heat  loads,  estimated  from  heat-up  rates  to  be  between  0.04  and  0.06  W, 
can  be  subtracted  from  the  gross  cooling  loads  in  table  1  in  order  to  estimate 
useful  cooling  loads.  Note  that  the  J-T  instability  problem  was  avoided  in  the 
system  described  by  Jones  [7]  by  using  a  me tal - to  -  metal  seat  in  the  J-T  valve. 


Table  1.  C/N2  adsorption  cryocooler  test  results  (T^-400  K,  T^=250  K,  Tp-193  l\)  . 
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system  operated  with  only  3  compressors  for  these  cases 


The  system  was  originally  designed  to  cool  to  below  120  K  with  a  gross  cooling 
capacity  of  0.4  W.  This  goal  was  easily  met  with  various  operating  conditions 
shown  in  table  1.  For  example,  with  F^=22 . 3  atm  (2.26  MPa)  and  P^=53.2  atm  (5.39 
MPa),  a  cooling  capacity  of  0.48  W  at  117.9  K  was  obtained  with  an  SP  value  of  310 
watts /watt . 

An  interesting  phenomenon  was  observed  due  to  the  relatively  low  J-T  parasitic 
heat  loads.  Operating  temperatures  below  saturation  were  achieved  because  the  heat: 
load  was  low  enough,  and  the  flow  rate  high  enough,  that  the  J-T  expansion  occurred 
in  the  subcooled  liquid  region.  For  example,  a  cooling  temperature  of  T^=102  K  was 
achieved  for  Pjp=53.2  atm  (0.39  MPa)  and  P^=18.8  atm  (1.9  MPa),  although  the 
saturation  temperature  corresponding  to  Pj=18 . 8  atm  (1.9  MPa)  is  T—114.7  K.  It  may 
be  possible  to  exploit  this  effect  in  a  hydride  chemisorption  cryocooler  by 
operating  in  the  hydrogen  subcoolcd  liquid  region,  for  cooling  applications  in  the 
10-15  K  range  [17] . 
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COMPRESSOR  COMPRESSOR 


Figure  5  Charcoal/rritrogen  adsorption  cryocooler  flight  system  schematic. 


6.  Flight  Model  Design 

The  laboratory  demonstration  cooler  was  designed  to  demonstrate  the 
feasibility  of  the  charcoal/nitrogen  adsorption  refrigerator  concept.  The  design 
was  not  optimized  with  regard  to  minimizing  specific  power  requirements  and  system 
mass.  Certain  features  of  the  design  are  peculiar  to  the  laboratory,  such  as  use 
of  a  compressor  coolant  fluid  circuit  and  electrical  film  heaters  to  thermally 
drive  the  compressors. 

An  adsorption  refrigerator  used  for  an  actual  spacecraft  application  would 
require  several  design  modifications.  Compressor  heating  may  be  provided  by  a 
solar  collector  or  a  radioactive  thermal  energy  source  while  cooling  is  provided  by 
passive  radiators.  Thermal  cycling  can  be  achieved  by  using  a  simple  gas-gap 
thermal  switch  [17] .  The  dry  ice/alcohol  precooler  bath  can  be  replaced  with  a 
thermoelectric  cooler  (TEC)  operating  at  T^-180  K.  The  TEC  will  require  small 
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amounts  of  electrical  power  (less  than  15  W  for  Qc=l  W  and  Tc-80~120  K) .  Figure  5 
shows  a  schematic  of  the  flight  system,  including  the  TEC  pre-cooler  and  two  stages 
of  compression.  The  advantage  of  multistage  compression  is  discussed  in  a  later 
section . 


As  indicated  by  eq .  (3),  the  void  volume  in  the  compressor  should  be  minimized 
in  order  to  maximize  the  flow  rate  and  minimize  the  specific  power  requirement. 
The  packing  factor,  and  micropore  and  solid  particle  volume  fractions  in  the  BCGI 
charcoal  used  in  the  feasibility  demonstration  cooler  are  estimated  as  fo"0.23, 
f  icro=0.396  and  fs=0.336  [14,15],  Fifty  percent  of  the  available  compressor 
volume  is  void  space  [14],  By  using  a  high  pressure  pressing  technique  to  reduce 
the  interparticle  void  volume,  Yang  has  achieved  a  packing  factor  of  fo=0.326  for 
BCGI  [15],  thus  reducing  the  void  volume  to  29%  of  the  total  available  compressor 
volume  [14].  Further  reductions  to  23%  void  volume  can  be  obtained  by  using  Saran 
charcoal  [12],  prepared  by  the  pyrolysis  of  Saran  polymer  (polyvinylidene 
chloride),  which  has  an  estimated  fo=0.423,  fmicro“® • 3 79  and  fs=*0.455,  and  has  the 
further  advantage  that  it  can  be  produced  to  specific  geometric  shapes.  The  flight 
predictions  presented  here  all  assume  the  us"e  of  Saran  charcoal  and  a  plumbing  line 


void  volume  equal  to  that  of  the  laboratory  demonstration  cooler,  V]_“7 . 4 


„2 


6.1  Optimum  Operating  Pressure 


The  low  pressure  operating  condition,  P^,  is  determined  by  the  desired  cooling 
temperature,  Tc ,  and  is  normally  equal  to  the.  saturation  pressure  corresponding  to 
Tc  if  condition  (3)  in  figure  2  lies  within  the  liquid-vapor  envelope.  There  are 
two  competing  effects  with  regard  to  the  choice  of  optimum  high  operating  pressure, 
PH.  As  PH  increases,  the  enthalpy  difference,  l^-h^,  increases  to  some  maximum 
value  before  decreasing  again.  If  rh  remains  constant,  the  increased  enthalpy 
difference  results  in  an  increased  Qc .  However,  as  PH  increases,  AC  decreases  as 
indicated  by  figure  1,  while  |Ap|  increases.  Equation  (3)  indicates  that  this 
causes  a  decrease  in  flow  rate  which  in  turn  reduces  Qc . 

Figure  6  shows  the  effect  of  varying  P^  for  PL=21.8  atm  (2.21  MPa),  Tc-117.5 
K,  Tq=180  K,  TL=225  K,  and  TH=450  K  for  the  flight  model  design.  The  specific 
power  is  minimized  at  about  PH=70  atm  (7.09  MPa)  and  has  a  value  of  SP=-116  for  the 
single-stage  flight  model  design.  The  laboratory  demonstration  system  curve,  for 
T^=195  K,  TL=250  K,  and  T^=400  K  is  also  shown  in  figure  6  along  with  the 
corresponding  117.9  K  experimental  data  point.  The  experimental  SP  is  within  10% 
of  the  predicted  value.  Note  the  60%  performance  improvement  for  the  flight  system 
conditions  relative  to  the  laboratory  demonstration  system  performance. 

Further  improvement  in  performance  can  be  obtained  by  compressing  the  gas  in 
two  or  more  stages  with  intercooling  between  stages  [14],  with  the  configuration 
shown  in  figure  5.  Multistage  compression  reduces  the  void  volume  effect  by 
reducing  |Ap|  while  also  increasing  AC.  The  net  effect  tends  to  increase  the  flow 
rate  and  reduce  SP.  Figure  6  shows  the  effect  of  varying  the  high  pressure,  PH, 
for  a  two-stage  compressor  system  with  an  intermediate  pressure,  Fj=70  atm  (7.09 
MPa)  ,  under  the  identical  conditions  as  for  the  single  stage  system.  The  minimum 
value  of  SP=95  is  achieved  at  PH=130  atm  (13.2  MPa).  An  intermediate  pressure  of 
Pj=-70  atm  was  demonstrated  to  be  optimum  in  [14],  although  SP  is  affected  by  less 
than  5%  if  Pj  is  varied  by  ±10  atm  (±1  MPa).  The  increased  complexity  of  an  extra 
series  of  compressors  and  check  valves,  intercooler  heat  exchanger,  and  electronic 
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SPECIFIC  POWER  REQUIREMENT  Qu/Q 


y 


Figure  6  SP  vs.  Pjj  for  a  117.5  K  Figure  7  SP  vs.  minimum  compressor 

C/N2  cryocooler,  where:  operating  temperature  for  80  K  and 

-  single-stage  flight  system,  117.5  K  flight  systems  (assumes 

-  2-stage  flight  system  with  optimized  2-stage  compressor  sys- 

Pj=70  atm  (7.1  MPa),  terns  with  Tp|=450  K). 

-  —  laboratory  demonstration 

system  (theoretical), 

0  laboratory  demonstration 

system  (experimental). 

controls  must  be  traded  against  the  18%  improvement  in  performance  over  the  optimum 
single  stage  compressor  design. 

The  advantage  of  multistaging  is  more  evident  for  a  Tc=80  K  adsorption 

cryocooler,  with  PL=1.35  atm  (0.14  MPa),  T-^180  K,  and  TL=225  K.  This  low 

operating  pressure  results  in  a  large  |Ap|,  which  increases  the  void  volume  effect 
and  also  results  in  a  lower  available  AC.  The  net  effect  is  a  reduced  mass  flow 
rate  which  makes  a  one.  stage  compressor  possible  for  only  a  small  range  of 
pressures  (between  40  and  45  atm),  resulting  in  an  SP  value  of  over  1000. 
Therefore,  a  single  stage  compressor  system  is  unfeasible.  With  a  first  stage 
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operating  between  Pg-1.35  atm  (0.14  MPa)  and  Pj-20  atm  (2.03  MPa),  a  second  stage 
operating  between  Pp=20  atm  and  PpplOO  atm  (10.1  MPa),  a  multistage  compressor 
system  can  achieve  SP=“245.  These  are  determined  in  [14]  to  be  the  optimum 
operating  conditions  for  an  80  K  C/N2  adsorption  cryocooler. 

Table  2  summarizes  optimized  flight  designs  for  the  80  K  and  117.5  K  systems. 
The  mass  estimates  in  the  final  column  are  for  a  complete  flight  cooler,  including 
multistage  compressors.  Radiators  contribute  between  68%  and  85%  of  the  total 
system  mass,  depending  on  whether  or  not  they  can  be  shielded  from  planetary  heat 
inputs.  The  SP  values  include  the  TEC  electrical  power.  If  the  180  K 
thermoelectric  precooler  was  el iminated  and  replaced  with  a  225  K  radiative 
precooler,  then  SP  would  increase  to  151  and  381  for  the  117.5  K  and  80  K  systems, 
respectively,  although  the  need  for  any  electrical  input  power  would  be  completely 
eliminated. 


Table  2.  C/N2  Adsorption  Cryocooler  Flight  Design  Summary 
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mass  estimates  assume  low  earth  orbit;  lower  value  is  for  radiators  which  are 
shielded  from  planetary  heat  inputs;  higher  value  is  for  no  shielding. 


6.2  Compressor  Low  Temperature  Limit 

All  of  the  flight  designs  discussed  thus  far  and  the  comparisons  shown  in 
figure  6  have  assumed  a  compressor  low  temperature  limit  of  Tg“225  K.  This  is  a 
temperature  readily  obtainable  with  reasonably  sized  passive  radiators  in  many  low 
Earth-orbiting  applications  [17].  The  effect  on  SP  of  varying  Tg  is  shown  in 
figure  7  for  the  optimum  conditions  described  in  the  previous  section  for  the  117.5 
K  and  80  K  coolers.  Minimizing  Tg  is  clearly  advantageous,  due  to  charcoal's 
increased  nitrogen  adsorption  capacity  below  250  K. 

6.3  Alternate  Sorption  Systems 

Preliminary  calculations  indicate  that  a  117.5  K  charcoal/methane  (C/CH4) 
adsorption  refrigerator  may  have  a  lower  SP  than  the  optimum  charcoal/nitrogen 
system.  The  value  of  (h^-h^)  will  be  greater  for  the  C/CH^  system,  but  it  will  be 
more  difficult  to  obtain  a  high  flow  rate  since  is  very  low,  with  a  value  of  1 
atm  (0.1  MPa).  Just  as  for  the  80  K  C/N2  system,  the  low  P^  will  result  in  a  large 
|  Ap  |  ,  and  therefore  a  large  void  volume  effect  and  also  a  low  AC.  More  accurate 
performance  predictions  for  the  methane  system  and  comparisons  to  the  N2  system  are 
planned,  once  accurate  charcoal/CH^  adsorption  isotherms  are  incorporated  into  the 
adsorption  refrigerator  computer  program  [16], 
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Preliminary  calculations  also  indicate  that  various  oxide  chemisorption 
systems  may  have  lower  SP's  than  the  C/N2  or  C/CH^  systems.  A  cascaded  140  K 
charcoal/methane  and  80  K  oxide  chemisorption  system  with  an  estimated  overall 
specific  power  requirement  of  less  than  160  W/W,  with  heat  sink  temperatures  above 
275  K,  is  currently  being  developed  at  JPL. 

7.  Conclusions 

A  charcoal/nitrogen  adsorption  cryocooler  has  been  successfully  tested, 
achieving  its  design  temperature  of  117.5  K  with  a  cooling  capacity  of  about  0.5  W. 
The  high  and  low  operating  pressure  was  PH=53.2  atm  (5.39  MPa)  and  PL=22.3  atm 
(2.26  MPa).  The  system  required  150  W  input  power,  resulting  in  a  specific  power 
requirement  of  SP“310  watts/watt. 

An  optimized  flight  design  would  require  considerably  lower  input  power  than 
the  laboratory  demonstration  cooler  due  to  the  use  of  a  lower  void  volume  charcoal, 
a  lower  precooling  temperature  achievable  with  a  thermoelectric  cooler,  and  use  of 
multistage  compression.  Optimized  118  K  and  80  K.  flight  systems  with  multistage 
compression  would  have  a  specific  power  requirement  of  95  and  245,  respectively,  as 
summarized  in  table  2.  Lowering  the  compressor  heat  sink  temperature  from  225  K  to 
200  K  reduces  the  specific  power  requirement  to  62  and  159  for  the  118  K  and  80  K 
systems,  respectively. 

The  successful  laboratory  testing  of  a  charcoal/nitrogen  adsorption  cryocooler 
is  an  important  first  step  in  the  development  of  a  flight  system.  Because  the 
adsorption  cryocooler  has  no  wear-related  moving  parts,  generates  negligible 
mechanical  vibration  and  electromagnetic  interference,  and  requires  no  electrical 
input  power,  it  is  an  ideal  choice  for  cooling  science  instrument  sensors  on  many 
long  duration  space  missions. 
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A  SUPERCONDUCTING  PULSE  COIL  WITH  LOW  AC  LOSSES 
FOR  USE  IN  MAGNETIC  REFRIGERATORS 


P.  Seyfert,  G.  Claudet 
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38041  Grenoble  CecTex,  France 


A  small  superconducting  maanet  (useful  bore  1.8  cm,  10  cm 
length)  is  used  in  pulsed  operation  to  magnetize  and 
demagnetize  tne  working  material  in  a  magnetic  refrigeration 
device.  Design  features  are  a  winding  made  of  special  low  loss 
mul ti fi 1  amentary  NbTi  conductor  with  very  fine  filaments,  a 
coil  forme*  and  casing  made  of  non-metal  1 i c  composite  material. 
The  results  of  loss  measurements  tor  tied  sweeps  of  up  to  3  T 
with  a  repetition  rate  in  the  1  Hz  range  are  given  and  compared 
with  calculations.  The  possibilities  of  utilizing  such  coils  in 
magnetic  refrigerators  are  briefly  discussed. 


Key-words  :  A.C.  losses  in  superconductors;  cryocoolers; 
cryogenics;  low  loss  superconductors:  magnetic  refrigeration; 
superconducting  pulse  coils. 


1.  Introduction 


An  essential  feature  of  magnetic  refrigeration  is  the  need  oi  an  appropriate 
method  for  obtaining  periodically  changing  magnetic  fields.  Superconducting  pulse 
coils  surrounding  the  magnetic  working  material  are  one  solution.  They  avoid 
relative  motion  of  the  magnetic  components  which  is  liable  to  cause  cold  seal 
leakage  and  frictional  heating.  They  give  rise,  however,  to  specific  heat  losses 
which  must  be  taken  account  of  when  assessing  the  loss  inventory. 
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A  few  designs  of  magnetic  refrigerators  with  ac  superconducting  magnets  have 
been  described  and  published  [1,2,3,4] 1 .  It  has  become  apparent  from  this  work  that 
special  low  loss  superconducting  wire  must  be  used  for  the  magnet  to  keep  a. c. losses 
at  tol erabl e  1  eve  1  . 


2.  Experimental  study  and  analysis 


Recently  new  low  loss  NbTi  material  with  particularly  small  filament  diameter 
has  been  developped  industrially  [5,6].  We  have  taken  this  opportunity  to  make  a 
pair  of  coils  from  that  type  of  conductor  and  to  study  a.c.  losses  under  practical 
conditions  which  simulate  their  use  in  magnetic  refrigerators. 

The  two  identical  coils  have  a  clear  bore  of  1.8  cm  and  a  length  of  10  cm.  They 
were  designed  for  the  purpose  of  a  magnetically  active  regenerator  device  under 
development  at  our  laboratory  [4].  Field  profile  in  axial  direction  is  not  uniform 
but  falls  by  40  percent  almost  linearly  over  7.5  cm  from  a  peak  field  region  near 
one  end  of  the  coil  to  a  low  field  region  near  the  other.  The  load  characteristics 
of  peax  field  on  the  axis  is  given  by  .0621  T,  where  I  is  the  transport  current. 

Both  colls  are  wound  from  a  NbTi  wire  specially  developed  to  minimize  ac 
lorses  [7].  It  contains  13068  filaments  of  1.8  pm  diameter  in  a  copper,  cupro-nickel 
matrix,.  The  bare  wire  has  a  diameter  of  .41  cm  and  is  coated  with  electrical  varnish 
fo>-  insulation. 


The  coil  former  made  of  epoxy  fibreglass  is  provided  with  axial  grooves  which 
produce  a  number  of  cooling  channels  for  the  innermost  layer  of  winding.  Both  coils 
were  impregnated  with  vacuum-grease.  For  final  use  in  the  refrigerator  device  a 
vacuum-tight  epoxy  fibreglass  casing  will  surround  each  coil  to  contain  the  helium 
coolant. 

D  C  quench  current  was  found  to  be  very  nearly  100  %  of  the  short  sample 
critical  current,  i.e.  69  A,  in  the  most  exposed  turns  of  coil  winding. 

A.C.  losses  were  measured  using  a  calorimetric  method  [8].  The  test  coil  was 
fed  with  transport  current  of  triangular  waveform.  The  investigation  covered  a  range 
of  frequency  and  amplitude  that  we  anticipated  for  operation  of  our  magnetic 
refrigerator  device.  Results  are  displayed  in  figures  1  and  2  and  are  shown  in  terms 
of  energy  release  per  current  oscillation  ("pulse"). 

Calculation  of  losses  was  started  on  the  basis  of  analytical  relations  for  the 
loss  power  per  unit  volume  of  superconductor.  Preliminary  analysis  showed  that 
losses  in  the  present  case  would  be  due  to  hysteresis  in  the  NbTi  filaments  and,  to 
a  much  lesser  degree,  to  so-called  coupled  eddy  currents  [9].  The  following 
expression  allows  for  both  loss  mechanisms. 


Numbers  in  brackets  refer  to  the  literature  references  listed  at  the  end  of  this 
report. 
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=  loss  power  per  unit  volume  of  superconducting  composite 
=  diameter  of  superconducting  filament 
=  critical  current  of  superconducting  composite 
=  cross-sectional  area  of  superconducting  composite 
=  effective  transverse  resistivity  of  matrix 
=  twist  pitch  of  superconducting  filaments 
=  rate  of  transverse  magnetic  field  change 
=  transport  current 
=  dimensionless  coefficients 
values  are  to  be  entered  in  units  of  the  SI  system. 


In  a  first  approximation  the  dimensionless  coefficients  in  eq.[l]  may  be  set  to 
a  =  1  and  (3  =  2.  That  is  how  these  formulae  generally  appear  in  literature.  A  more 
refined  theory  of  loss  calculation  [10]  shows  non-negl i gi bl e  deviations  from  that 
assumption  for  the  type  of  superconductor  used  in  the  present  work.  It  was  found 
[11]  that  this  theory  could  be  taken  into  account  adequately  by  using  eq.(l)  with 


a  =  1.28  ,  (3  =  63.0  and  p  =  2.3  x  10  Ohm  m  . 


It  should  be  noted  that  the  above  values  depend  on  the  structure  of 
superconductor  and  therefore  have  no  universal  validity. 

To  obtain  loss  energy  eq.(l)  must  first  be  integrated  over  the  period  of 
current  oscillation.  Since  critical  current  and  rate  of  field  change  depend  on  the 
local  magnetic  field  which  is  not  uniform  at  all  within  our  test  coil,  eq.(l)  has  to 
be  integrated  also  over  the  volume  of  the  superconducting  winding.  Numerical 
solutions  of  this  twofold  integration  are  plotted  as  full  curves  in  figures  1  and  2. 

The  experimental  as  well  as  calculated  results  shown  in  figure  1  appear  to 
depend  very  weakly  on  pulse  frequency.  This  clearly  indicates  that  hysteresis  is  the 
predominant  loss  mechanism  and  that  our  model  describes  the  relative  magnitudes  of 
hysteresis  and  coupling  losses  correctly. 

Fig.l  and  2  both  show  that  our  calculations  underestimate  absolute  values  of 
total  loss  by  10  to  15  percent.  That  kind  of  agreement  between  theory  and  experiment 
seems  to  be  usual  for  a.c.  losses  in  superconductors  [6,11]. 

As  a  first  conclusion  it  may  be  said  that  we  have  found  no  particular  problem 
in  building  small  a.c.  coils  wound  from  special  low  loss  superconducting  wire  and 
that  it  was  possible  to  predict  loss  figures  to  a  reasonable  accuracy. 


59 


3.  The  use  of  superconducting  pulse  coils  in  magnetic  refrigerators 


In  the  light  of  the  results  presented  above  it  seemed  interesting  to  attempt  an 
evaluation  of  the  potential  usefulness  of  superconducting  pulse  coils  for  magnetic 
refrigerators.  We  will  discuss  the  question  from  the  standpoint  of  thermodynamic 
efficiency  and  it  should  be  understood  that  we  only  refer  to  the  final  design  of 
magnetic  refrigerators.  In  early  stages  of  process  development  a.c.  superconducting 
soils  may  be  superior  just  because  they  allow  flexibility  in  experimentation. 

Evaluation  of  a.c.  losses  will  be  based  on  the  results  with  the  1.8  pm  filament 
dia.  NbTi  wire  used  for  our  coils.  At  present  superconductors  with  still  finer 
filaments  are  being  developed  industrially  but  it  has  turned  out  that  hysteresis 
losses  are  no  longer  proportional  to  the  filament  diameter  below  ~  1.4  pm  [6].  It 
thus  appears  that  reduction  of  losses  by  a  factor  of  2  to  3  over  our  results  may  be 
expected  at  best  with  such  wires.  That  should  be  borne  in  mind  for  the  following 
iiscussion. 

For  the  boil -off  due  to  current-leads  we  will  assume  that  the  heat  leak  per 
unit  of  optimized  current  and  per  lead  has  a  value  o:v  10~3  W/A  and  that  the  leads 
are  designed  for  an  optimum  current  equal  to  I  //3,  where  I  is  the  peak  value  of 
the  oscillating  transport  current.  m  m 

At  first  we  shall  discuss  the  situation  of  magnetic  refrigerators  for  the 
4-20  K  temperature  range.  That  is  the  most  unfavourable  case  since  the  magnet  system 
has  to  be  coupled  to  the  cold  reservoir  and  will  thus  draw  directly  on  the  available 
cool ing  capacity. 


To  illustrate  the  dramatic  impact  on  refrigeration  efficiency  we  consider  the 
practical  example  of  magnetically  active  regeneration.  Projects  of  this  type  are 
under  development  at  our  laboratory  [4]  and  at  M;T  [2].  We  carried  out  numerical 
simulations  of  a  cycle  with  cold  source  at  4  5  h  anr,  hot  sink  at  15  K.  A  GGG 
regenerator  core  fitting  into  the  bore  of  tne  coils  described  in  the  preceding 
chapters  was  found  to  produce  0.05  J/cycle  of  refrigeration  under  a  2.9  T  field 
swing.  To  achieve  2.9  T  our  coil  needs  47  A  and  figure  2  shows  that  a.c  losses  will 
be  about  0.18  J/cycle  in  that  case.  Heat  leak  from  two  current  leads  will  add  0.11 
J/cycle  (at  0.5  Hz  cycle  frequency).  Total  heat  load  due  to  the  magnet  system  thus 
amounts  to  0.29  J/cycle  which  exceeds  the  available  cooling  capacity  by  almost  a 
factor  of  6  ! 

We  don't  claim  that  any  magnetic  refrigerator  design  for  the  4-20  K  range  with 
a.c.  superconducting  magnet  systems  will  give  so  disastrous  results.  We  fear, 
however,  that  a  satisfactory  positive  energy  balance  at  the  cold  source  may  never  be 
attained  with  this  design  option. 

Next  we  consider  the  situation  of  magnetic  refrigators  for  the  1.8  -  4.5  K 
temperature  range.  A  superconducting  pulse  coil  will  be  less  detrimental  to 
refrigeration  efficiency  in  that  case  since  the  corresponding  heat  load  can  now  be 
rejected  to  the  hot  sink. 
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We  will  again  base  our  evaluation  on  practical  examples.  As  yet  two  successful 
designs  of  1.8  -  4.5  K  magnetic  refrigerators  have  been  published.  A  very  nice 
machine  of  an  entirely  static  type  using  a  superconducting  pulse  coil  has  been  built 
and  tested  in  Japan  (2)  and  a  reciprocating  magnetic  refrigerator  was  developed  a 
few  years  ago  at  our  laboratory  (12). 

The  reciprocating  refrigerator  had  a  Carnot  efficiency  of  53  percent  at  1.8  K 
with  1.35  W  useful  cooling  power.  As  a  result  of  loss  analysis  [4]  it  was  found  that 
2.2  W  instead  of  1.35  W  would  have  been  available  had  it  been  possible  to  avoid 
leakage  through  the  piston  cold  seal  and  frictional  heating,  both  directly  linked  to 
the  motion  of  the  reciprocating  piston. 

We  have  calculated  that  an  a.c.  magnet  system  of  sufficient  size  to  achieve  the 
same  magnetic  cycle  as  our  reciprocating  machine  would  have  a  loss  of  0.27  W, 
including  a.c.  losses  and  leaks  from  current  leads.  Taking  into  account  these 
numbers  we  have  found  that  a  static  magnetic  ref rigerator  could  attain  a  Carnot 
efficiency  of  74  percent  at  1.8  K  which  would  be  a  definite  improvement  over  the 
results  obtained  until  now. 

It  is  true  the  actual  efficiency  of  the  static  refrigerator  reported  in  [2]  was 
only  0.24.  But  according  to  the  authors  of  that  paper  it  should  not  be  too  difficult 
to  modify  the  '  design  so  as  to  suppress  a  major  source  of  losses  in  their  first 
generation  machine. 

Our  general  conclusion  to  this  chapter  is  therefore  that  a.c.  magnets  wound 
from  low  loss  superconducting  wires  offer  interesting  prospects  for  magnetic 
refrigeration  provided  the  magnet  losses  can  be  rejected  to  the  refrigerator  hot 
sink. 


The  authors  are  grateful  to  Alain  Fevrier  and  Julian 
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An  experimental  apparatus  was  designed  to  investigate 
the  magneto-caloric  effect  in  a  refrigerator  near  room 
temperature.  This  apparatus  is  representative  of  the  first 
stage  of  a  helium  liquefier  that  would  operate  between 
300  to  4.2  K.  The  active  material  used  in  these  experiments 
was  gadolinium  with  a  Curie  temperature  of  293'  K.  This 
material  was  formed  into  a  ribbon  geometry,  and  configured 
into  an  active  regenerator.  The  active  regenerator  is 
placed  into  a  7-tesla  field  which  is  periodically  cycled 
in  sequence  with  a  periodically  moving  working  fluid.  A 
series  of  thermocouples  located  throughout  the  apparatus 
were  used  to  measure  the  thermal  characteristics  of  this 
apparatus  and  the  results  of  these  measurements  are 
presented . 

Key  words:  cryogenics;  magnetic  refrigeration;  rare  earth 
metals;  regenerator,  active. 


1.  Introduction 

For  a  number  of  years  the  U.S.  Navy  has  used  gas-cycle  liquefiers  on  board  some 
of  its  ships  to  liquefy  oxygen  and  nitrogen.  The  prospect  of  ships'  using  super¬ 
conducting  electric  propulsion  means  that  helium  liquefaction  also  will  be  done 
afloat . 

Having  a  shipboard  liquefier  that  requires  no  compressors  would  be  highly 
desirable.  In  the  Navy  compressors  are  considered  to  be  "hull  mounted"  machinery 
and,  as  such,  must  be  highly  tolerant  of  shock  and  vibration  while  retaining  the 
reliability  and  contamination-free  performance  necessary  for  long  term  liquefier 
operation. 

Most  of  the  magnetic  refrigerators  built  to  date  are  a  hybrid  of  a  gas  cycle 
on  the  warm  end  coupled  to  a  magnetic  cycle  on  the  cold.  Because  these  devices 
still  require  a  compressor,  they  are  of  little  interest  to  the  Navy  at  this  time. 
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An  all-magnetic  cryogenic  refrigerator  interests  the  Navy  because  it  could 
produce  low  temperatures  without  a  compressor.  In  addition,  a  magnetic  cycle  is 
potentially  more  efficient  than  its  gas  cycle  counterpart. 

This  paper  discusses  the  construction  and  performance  of  a  room  temperature, 
reciprocating  magnetic  refrigerator  which  could  represent  the  first  stage  of  an 
all-magnetic  cryogenic  refrigerator. 


2.  The  Magnetic  Cycle 

For  these  room  temperature  experiments  we  chose  a  reciprocating  cycle  that 
used  gadolinium  (Gd)  as  the  active  magnetic  element.  This  experiment  was  based  on 
the  results  of  work  done  by  Benford  and  Brown  [1].^  In  our  experiment,  however, 
the  magnet  was  pulsed  to  achieve  a  temperature  change  in  the  magnetic  material 
rather  than  moving  the  magnetic  material  in  and  out  of  a  constant  field.  Nitrogen 

gas  at  4238  kPa  pressure  was  chosen  as  a  working  fluid.  Figure  1  shows  a  schematic 
of  the  refrigerator. 


Fig.  1.  Schematic  of  reciprocating  magnetic  refrigerator. 


^Numbers  in  brackets  refer  to  the  literature  references  listed  at  the  end  of  this 
paper . 
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The  reciprocating  magnetic  cycle  is  divided  into  four  phases.  They  are: 

Phase  1.  With  the  displacer  held  stationary,  the  magnet  is  ramped  to  full 
field.  Internal  entropy  in  the  magnetic  material  (Gd)  decreases,  causing  the 
material's  temperature  to  increase  by  AT  from  Tq  to  a  temperature  T^ . 

Phase  2.  While  the  magnet  is  held  at  full  field,  the  displacer  is  moved  down, 
forcing  the  working  fluid  ( N 2  gas)  through  the  copper  regenerator,  up  through  the 
magnetic  material,  and  past  the  warm  heat  exchanger.  During  this  movement,  the 
working  fluid  absorbs  heat  from  the  magnetic  material,  which  cools  the  material  to 
a  temperature  near  Tq.  The  heat  is  then  rejected  in  warm  heat  exchanger.  The 
displacer  is  stopped. 

Phase  3.  The  magnet  is  ramped  down  to  zero  field.  As  the  internal  entropy  in 
the  magnetic  material  increases,  the  temperature  falls  below  Tq  by  some  ATj. 

Phase  4.  The  displacer  is  moved  up  to  its  initial  position.  The  working  fluid 
moves  through  the  magnetic  material,  where  it  is  cooled,  and  then  back  through  the 
regenerator,  where  it  accepts  heat. 

The  magnetic  material  is  now  cooler  than  its  original  temperature,  Tq,  The 
regenerator  is  cooler  than  its  original  temperature.  Heat  has  been  rejected  at  the 
warm  heat  exchanger,  and  the  displacer  and  magnet  are  properly  configured  to  initiate 
the  next  cycle. 


3.  The  superconducting  magnet 

The  superconducting  magnet  used  in  this  device  was  fabricated  at  the  David 
Taylor  Naval  Ship  R&D  Center  (DTNSRDC)  .  A  photograph  of  the  magnet  is  shown  in 
Fig.  2. 

The  magnet  contains  7,122  electrical  turns  of  niobium  titanium  (NbTi)  super¬ 
conductor  in  26  layers.  It  is  25.4  cm  high  and  has  a  8.3  cm  bore  diameter  (I.D. 
of  wire).  At  225  amperes,  the  magnet  produces  a  field  of  7  tesla  in  the  center  of 
its  axial  length.  Figure  3  shows  the  distribution  of  field  strength  along  the  axis 
of  the  magnet. 

Superimposed  on  Figure  3  is  a  representation  of  the  gadolinium  magnetic 
material.  This  representation  shows  that  the  magnetic  field  has  diminished  to  about 
6.3  tesla  at  each  end  of  the  gadolinium. 


4.  Construction  of  the  refrigerator 

The  regenerator  and  the  active  element  both  were  constructed  by  winding  narrow, 
embossed  metal  ribbon  into  discrete  "pancakes"  of  material  and  stacking  the  pancakes. 
Figure  4  shows  a  segment  of  the  copper  regenerator  unwound  to  reveal  the  "bumps" 
embossed  on  the  copper  ribbon.  The  magnetic  material  consisted  of  similar  gadolinium 
ribbons.  The  ribbon  shown  is  1.7/  mm  (0.070  in.)  wide  and  0.2  mm  (0.008  in.)  thick 
with  a  bump  embossed  on  it  every  3.175  mm  (0.125  in.).  Figure  5  shows  a  regenerator 
segment  wound  and  installed  in  a  tube.  The  gas  passages  formed  by  the  bumps  on  the 
ribbon  can  be  seen  easily  in  this  photograph.  This  configuration  provides  about 
40%  void  volume. 
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Fig.  2.  Superconducting  magnet  used  in  the  magnetic  refrigerator. 
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MAGNETIC  FIELD  (TESLA) 


Fig.  i.  Magnetic  field  vs.  axial  distance  for  the  superconducting  magnet. 


fig .  4.  Ribbon  configuration  used  in  the  regenerator 
and  active  element. 
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Fig.  5,  Regenerator  segment  wound  and  installed  in  tube. 


The  spindle  of  the  winding  mechanism  leaves  a  small  hole  and  tab  in  the  center 
of  each  wound  segment.  After  stacking,  the  tab  is  broken  off  and  a  G-10  fiberglass 
or  stainless  steel  rod  is  inserted  through  the  center  of  all  the  segments  to  prevent 
gas  flow  through  the  hole  left  by  the  spindle. 

The  segments  of  the  magnetic  material  and  the  copper  regenerator  were  packed 
into  a  G-10  fiberglass  tube.  Figure  6  shows  this  tube  with  the  components  inside. 


Fig.  6.  G-10  fiberglass  tube  containing  the  regenerator  and  the  magnetic  material. 
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The  nipper  regenerator  is  3.18  cm  in  diameter  and  61  cm  long.  The  regenerator 
contains  3.4/  kg  copper.  The  magnetic  material  is  900  g  of  gadolinium  sections 
3.8  cm  in  diameter  and  packed  15.24  cm  long. 

Some  preliminary  experiments  were  conducted  using  the  embossed  gadolinium 
material  to  determine  the  adiabatic  temperature  change  of  the  material  as  a  function 
of  temperature  with  a  7  tesla  change  in  magnetic  field.  Figure  7  shows  the  results 
of  these  experiments  and  compares  them  to  the  data  presented  by  Benford  and  Brown  [1]. 


TEMPERATURE  (K) 


Fig.  7.  Adiabatic  temperature  change  in  gadolinium  subjected  to  a  7-tesla 
change  in  magnetic  field  at  various  temperatures. 


The  shortfall  in  adiabatic  temperature  change  in  this  experiment  as  compared 
to  Benford  and  Brown's  results  can  be  attributed  to  several  factors: 

1.  About  153  of  the  difference  in  adiabatic  temperature  change  can  be 
attributed  to  the  heat  capacity  of  the  nitrogen  gas  surrounding  the  gadolinium 
ri bbon. 

2.  There  is  some  heat  transfer  in  the  axial  direction  of  the  gadolinium 
materia  1 . 

3.  The  G-10  fiberglass  surrounding  the  gadolinium  has  some  heat  capacity  which 
diminishes  the  adiabatic  temperature  rise. 
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4.  The  thermocouple  preamplifiers  used  to  interface  into  the  computer  data 
acquisition  system  has  at  least  1%  error  in  their  output. 

These  factors  also  act  to  reduce  the  reversibility  of  the  adiabatic  tempera 
ture  change. 


Fig.  8.  Warm  heat  exchanger. 


The  warm  heat  exchanger  is  a  finned-tube  type  and  is  shown  in  Fig.  8. 

Water  is  forced  through  the  tubes  in  the  heat  exchanger  to  maintain  the  warm  end 
at  a  constant  room  temperature. 

The  G-10  fiberglass  tube  and  the  warm  heat  exchanger  were  inserted  into  a 
4.5-cm  stainless  steel  tube  with  a  vacuum  jacket.  Figure  9  shows  the  fiberglass 
cube,  the  warm  heat  exchanger,  and  the  stainless  case  before  assembly.  The  small 
stainless  tube  extending  from  the  right  end  of  the  fiberglass  carries  the  instru¬ 
mentation  and  heater  wires  out  through  the  center  of  the  heat  exchanger. 


Fig.  9.  Refrigerator  components  before  assembly. 


The  components  were  assembled  and  the  ends  welded  in  the  tube.  Ihe  institution 
tation  wires  were  sealed  witli  a  hermetic  feed-through  and  a  swage-lock  fitting  on 
the  center  tube. 
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Instrumentation  and  control 


Temperatures  were  measured  in  the  refrigerator  components  with  type  T  (copper 
constantin)  thermocouples.  These  thermocouples  were  inserted  through  small  holes 
drilled  through  the  G-iO  fiberglass  tube  and  into  the  component  material.  Number  36 
thermocouple  wire  was  used  to  minimize  heat  conduction  and  response  time.  The 
thermocouple  wire  was  placed  in  grooves  machined  in  the  outside  of  the  fiberglass 
tube.  Figure  10  shows  some  of  the  thermocouples  in  the  magnetic  material  leading 
to  the  right  end  of  the  assembly,  where  they  pass  through  i_he  pressure-tight  feed- 
through  . 


Fig.  10.  Thermocouple  installation  in  the  G-10  fiberglass  tube. 


A  total  of  13  thermocouples  are  used  as  folLows: 


3  in  the 
1  on  the 
1  in  the 
7  in  the 
l  in  the 


regenerator 

heater 

gas  space  between  the  regenerator  and  magnetic  material 
magnetic  material 

g  is  space  between  the  magnetic  material  and  the  heat  exchanger 


The  refrigerator  was  controlled  and  the  data  recorded  using  a  small  Digital 
Laboratory  computer  equipped  with  the  necessary  I/O  modules. 


lhe  magnet  cut  tent  was  control  led  by  the  output  ot  a  computer  d  i  g  i  t  :i  1  -on  t  I  ine 
which  operated  the  ramp-enable  circuit  in  the  magnet  exciter.  Current  level  1  or  the 
magnet  was  led  back  to  an  analog-in  port  el  the  computer  using  an  analogous  voltage 
1  tom  the  ammeter  on  the  exciter. 


The  displacer  was  controlled  in  a  similar  manner.  The  computer  program 
operated  through  an  analog-out  line  to  an  electronically  controlled  hydraulic  valve 


to  cause  the  displacer  to  go  up,  stop,  or  go  down.  Displacer  position  was  sensed 
with  a  linear  variable  differential  transformer  (LVDT)  attached  to  the  displacer 
shaft  and  fed  back  to  the  computer  through  an  analog-in  port.  Displacer  speed  was 
programmable  also. 

Temperatures,  magnet  current,  displacer  position,  and  cycle  number  were  recorded 
on  floppy  disks  and  simultaneously  displayed  on  the  computer  video  terminal. 

The  control  and  data  acquisition  program  was  written  in  four  segments  which 
corresponded  to  the  four  phases  of  the  magnetic  cycle.  Subroutines  were  invoked  to 
display  and  store  the  data.  ~.s  ^ 


6.  Refrigerator  operation 

The  magnet  required  about  30  s  to  ramp  between  0  and  225  A,  either  up  or  down, 
using  a  10-V  potential.  The  total  time  for  one  cycle  was  about  90  s. 

The  magnetic  refrigerator  was  operated  several  times  starting  at  room  temperature 
(300  K) .  During  each  test,  the  refrigerator  was  allowed  to  operate  until  the  cold 
end  temperature  stopped  decreasing  and  remained  steady.  Between  tests,  the 
refrigerator  was  allowed  to  warm  up  throughout,  and  the  displacer  was  cycled  up  and 
down  with  no  magnetic  field  present  to  make  sure  that  all  parts  of  the  regenerator 
and  active  material  had  reached  thermal  equilibrium. 

The  results  of  each  test  were  compared  to  the  results  predicted  by  a  mathemat¬ 
ical  model  of  the  magnetic  refrigeration  cycle  constructed  at  .-.SRDC,  and  operated 
»  through  a  NASTRAN  Numerical  Analysis  Frogram. 

The  results  of  two  test  runs  (run  1  and  run  2)  are  discussed  in  this  paper  are 
the  final  two  tests  conducted  to  date.  The  refrigerator  was  warmed  to  room 
temperature  between  these  runs  as  previously  described. 

The  initial  trials  did  not  produce  temperatures  as  low  as  predicted.  Calcula¬ 
tions  showed  that  the  mass  flow  of  the  nitrogen  working  fluid  was  too  great  as  the 
cold  end  temperature  fell,  and  that  the  displacer  stroke  (i.e.  mass  flow)  is  a 
function  of  temperature.  Calculations  were  done  for  a  number  of  cold  end  temperatures, 
and  the  results  were  used  to  construct  the  curve  in  Figure  11,  which  shows  the 
•  displacer  stroke  as  a  function  of  the  gadolinium  cold  end  temperature  when  the 
working  fluid  pressure  is  held  constant. 

The  control  program  was  then  modified  to  approximate  the  curve  in  Figure  11 
with  two  straight  line  segments.  The  refrigerator  was  subsequently  operated  and 
produced  the  cooldown  curves  shown  in  Figure  12. 

As  expected,  the  refrigerator  cooled  most  rapidly  near  the  Curie  point  of  the 
gadolinium  (293  K)  where  the  adiabatic  temperature  change  is  a  maximum.  During  run 
1,  the  temperature  gradient,  or  temperature  change  per  cycle  at  the  cold  end  of  the 
regenerator,  had  become  very  small  by  cycle  150.  It  was  suspected  that  the  mass 
flow  of  the  nitrogen  working  fluid  was  still  too  great.  The  nitrogen  pressure  was 
reduced  from  4238  kPa  (600  psig)  to  3204  kPa  (450  psig) .  Figure  12  shows  an 
increased  cooling  rate  in  run  1  between  cycles  150  and  230. 
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Run  2  was  conducted  with  the  nitrogen  pressure  reduced  to  3204  kPa  (450  psig) . 
The  cooling  rate  was  greater  throughout  the  run  compared  to  run  1. 

No  tests  were  conducted  to  measure  the  refrigeration  because  a  failure  in  the 
warm  heat  exchanger  allowed  water  to  leak  into^tha  gadolinium,  producing  oxidation 
in  the  gadolinium  and  greatly  impeding  the  flow  of  nitrogen  gas. 

Results  of  the  tests  conducted,  however,  showed  that  a  fairly  large  temperature 
span  can  be  achieved  with  a  single  magnetic  material.  Dr.  John  Barclay  [2]  introduced 
the  notion  of  an  active  magnetic  regenerator  using  a  number  of  magnetic  materials 
having  Curie  points  appropriately  spaced  to  allow  a  much  greater  temperature  span. 
Figure  13  shows  three  candidate  materials  for  such  a  device. 


Fig.  13.  Candidate  materials  for  an  active  magnetic  regenerator. 


These  three  materials  -  gadolinium,  terbium,  and  dysprosium,  are  all  rare-earth 
elements  whose  magnetic  characteristics  overlap  appropriately  to  produce  active 
magnetic  regeneration  near  room  temperature  with  a  cold  end  temperature  possibly  as 
low  as  170  K. 

Other  characteristics,  such  as  magnetic  hardness  and  f abricability ,  affect  the 
suitability  of  most  materials  for  use  in  a  device  such  as  this.  The  main  thrust 
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of  the  future  magnetic  refrigeration  program  at  the  David  Taylor  Naval  Ship  R&D 
Center  will  be  to  identify  those  materials  most  suitable  for  incorporation  into  a 
refrigerator  to  achieve  cryogenic  temperatures. 
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MAGNETIC  REFRIGERATION  BASED  ON  MAGNETICALLY  ACTIVE  REGENERATION* 

C.P.  Taussig,  G.R.  Gallagher,  J.L.  Smith,  Jr.,  and  Y.  Iwasa 

Cryogenic  Engineering  Laboratory.  Massachusetts  Institute  of  Technology 

Cambridge.  MA  02139 


A  small  experimental  device  to  investigate  magnetic  refrigeration  based 
on  magnetically  active  regeneration  is  described.  The  device  produced 
steady  refrigeration  power  of  0.-40  W  at  3.79  K.  rejecting  heat  at  5.51  K. 

An  AC  superconducting  magnet  excited  a  stationary  GGG  regenerator 
core  with  a  stream  of  3-atm  helium  transporting  refrigeration  from  the 
cold  reservoir  to  the  hot  reservoir. 

Key  words:  magnetic  refrigeration;  gadolinium  gallium  garnet  (GGG). 

1.  Introduction 

The  magnetic  refrigeration  project  was  initiated  in  1983  at  MIT.  The  fruit  of  our  project 
to  date  is  a  small  device  that  permits  experimentation  in  magnetic  refrigeration.  The  device  is 
described  in  great  detail  in  two  theses  completed  recently,  one  by  Taussig  [l]  and  the  other  by 
Gallagher  [2j.  This  paper  is  based  on  the  two  theses;  however,  because  of  the  size  limitation,  most 
details  are  not  included. 

The  concept  of  using  magnetically  active  regeneration  for  the  MIT  device  evolved  after 
careful  examination  of  t  he  advantages  and  disadvantages  associated  with  various  concepts  recently 
employed  [3-7].  Almost  all  the  magnetic  refrigerators  built  operate  on  the  magnetic  analogy  of 
one  of  three  thermodynamic  cycles:  Carnot  ,  Stirling,  or  Ericsson. 

The  Carnot  cycle  is  simpler  to  implement  than  the  cycles  employing  regeneration  but  has 
suffered  from  two  basic  difficulties.  The  magneto-thermodynamics  of  t  he  magnetic  refrigerant  limit 
the  temperature  span,  and  low  thermal  conductance  between  the  magnetic  refrigerant  and  the 
reservoirs  has  limited  performance.  Regenerative  machines  constructed  so  far  have  had  difficulties 
with  mixing  in  the  fluid  regenerator.  Both  the  Carnot  and  regenerative  cycles  have  had  losses 
associated  with  friction  generated  by  relative  motion  of  the  magnetic  components,  and  leakage  and 
friction  from  the  cold  seals. 

Stirling  and  Ericsson  magnetic  cycles  offer  enhanced  performance  for  machines  with  larger 
temperature  span.  Their  drawback  is  that  they  require  heat  transfer  over  their  complete  tem¬ 
perature  span.  Designers  have  typically  employed  regenerative  heat  exchange  to  implement  these 
cycles.  It  is  possible  to  use  either  a  thermally  stratified  working  fluid  as  the  thermal  storage  element 
or  to  use  the  magnetic  refrigerant  itself  as  the  regenerator  as  is  the  case  with  the  MIT  device. 

*  Work  supported  in  part  by  the  U.S.  Airforce  Flight  Dynamics  Laboratory  and  in  part  by  Sumitomo  Heavy  Industries. 
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2.  Design  Concepts 

A  regenerative  cycle  was  chosen  for  the  MIT  device  because  of  its  ability  to  span 
the  4K-10K  temperature  range  of  the  machine  with  relatively  low  intensity  magnetic 
fields.  A  second  inherent  advantage  of  regenerative  cycles  is  forced-convection  heat 
transfer.  It  was  decided  to  use  the  magnetic  refrigerant  as  the  regenerator  core  to 
avoid  the  problems  of  mixing  in  fluid  regenerators.  To  avoid  the  problem  of  cold 
seal  leakage  it  was  agreed  that  the  regenerator  core  should  be  stationary.  The 
helium  working  fluid  would  be  circulated  by  warm  sealed  displacers.  It  was  resolved 
that  AC  operation  of  a  superconducting  magnet  would  provide  excitation  for  the  mag¬ 
netic  refrigerant.  This  would  eliminate  friction  caused  by  relative  motion  of  the 
magnetic  components.  Recent  advances  in  low-AC-loss  superconductors  makes  this  op¬ 
tion  realistic. 

2.1  Simple  Model  of  the  Ideal  Cycle 

The  MIT  cycle  can  be  idealized  as  a  series  of  cascaded  Carnot,  cycle  refrigerators,  as  shown 
in  Pig.  1.  In  one  cycle,  a  mass  of  helium,  ms.  flows  from  the  cold  reservoir  at  temperature  Tcou 
and  is  heated  as  it  flows  across  the  tops  of  the  heat  pumps  until  it  reaches  the  hot  reservoir  with 
a  temperature  greater  than  T/,ot.  An  equal  mass  of  helium  flows  from  the  hot  reservoir  and  is 
cooled  as  it  passes  along  the  bottom  of  the  heat  pumps  until  it  reaches  the  cold  reservoir  with  a 
temperature  less  than  Tco/j,  thus  providing  refrigeration  to  the  cold  bath.  Figure  2  shows  idealized 
temperature  profiles  for  the  cycle. 

The  temperature  distribution  is  Th(x )  in  the  stream  being  heated  and  the  temperature 
profile  is  Tc(x )  in  the  stream  being  cooled.  In  this  simple  analysis,  it  is  assumed  that  enough 
Carnot  refrigerators  are  present  so  that  each  only  heats  or  cools  the  working  fluid  by  a  differential 
increment  in  temperature.  It  is  further  assumed  that  the  specific  heat,  c,  of  the  working  fluid  is 
constant  and  that  all  interactions  between  the  Carnot  refrigerators  and  working  fluid  are  lossless. 

The  energy  balance  for  a  complete  cycle  for  one  incremental  refrigerator  (Fig.  I)  at  x  is: 

klmagf®)  —  Qrej{x )  —  Qref(x)  (1) 

Qrrji*)  and  Qri.f(x)  are  each  related  to  the  energy  balance  of  the  respective  helium  flow: 
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Fig.  1.  Cascaded  Carnot  cycle  refrigerators. 
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Qrtj(x)  =-■  m,cdTh(x)  (2) 

Qref(r)  =  m,cdTc(x)  (3) 

The  entropy  balance  for  the  reversible  cycle  is 
given  by: 

Q rej  ( ■T  )  _  Qrcf(x)  ,  ,, 

Th(x)~  ~  1  j 

By  combining  Eqs.  2  and  3  with  Eq.  4  and  inte¬ 
grating.  we  can  show  that  the  ratio  Th(x)/Tc(x ) 
is  a  positive  constant  greater  than  unity,  indepen¬ 
dent  of  x. 

Th{x) 

— =  constant  =  A  (5) 

J  c(X ) 


Fig.  2.  Th(x)  and  Tc(x)  in  the  regenerator. 


The  functional  dependence  of  the  temperatures  on  position  is  not  determined  by  Eq.  5. 
Consider  the  simple  case  of  linear  temperature  profiles  shown  in  Fig.  2. 

Th{x)  =  TcolJ  +  ax  (6) 

t,w  =  (£)T‘°r)  ,7) 


Note  that  l'h(O)  =  Tco\d  and  Te(C)  =  (1  / K)Th(C)  =  Thot •  The  energy  balance  for  the  differential 
Carnot  cycle  at  x  shows  the  magnetic  work  input  per  unit  length  W:m„s(i)  required  as  a  function 
of  position. 


TUjC 


-  Wmag{x)dx  =  0 


(8) 


For  the  above  linear  temperature  profiles,  we  can  solve  Eq.  8  for  the  magnetic  work  per  unit  length: 


11 


(9) 


This  result  shows  that  for  linear  temperature  profiles  and  const  ant -specific-heat  working  fluid,  the 
magnetic  work  input  per  unit  length  is  constant. 


The  refrigeration  rate  and  efficiency  of  the  ideal  cycle  depend  on  the  temperature  profile 
ratio,  A  .  For  a  constant  mass  flow  rate,  rhs,  Qr(f  is  given  by  a  power  balance  at  the  cold  reservoir 
and  Qrcj  is  calculated  from  a  power  balance  at  the  hot  reservoir: 


Qn  f  ~  rh,c(Th( 0)  -  Tc{ 0))  -  mscTcou  ^1  - 

Qnj  =  msc(Th(C)  -  Tc{C))  =  Th,cThot{K  -  1) 
The  refrigerator's  efficiency,  n,  can  be  defined  as: 

_  Qrtf/Qrcj  _ 

77  Tcou/Thvi  h 


(10) 

(11) 


(12) 
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I  Ik*  efficiency  for  the  distributed  Carnot  cycle  machines  is  1/A  ,  which  is  less  than  1.  That 
is,  Q,.,  f  increases  with  A  (Eq.  10),  but  ;/  decreases  (Eq.  12).  The  maxiinuin  efficiency  for  the 
cycle  is  less  than  the  Carnot  efficiency  despite  being  completely  reversible  internally  because  the 
refrigeration  and  rejection  are  generated  via  thermal  mixing  in  the  reservoirs. 

I  he  distributed  Carnot  cycle  is  realized  in  four  discrete  processes.  First  the  shuttle  mass, 
i  1 1  it  iall  y  m  the  hot  reservoir,  is  driven  through  the  core  towards  the  cold  reservoir.  During  this  flow 
process  (cold  blow),  the  magnetic  field  is  decreased  in  such  a  way  that  the  temperature  profile  in  the 
helium  stream  approximates  that  of  Tc(x)  on  Fig.  2.  In  the  second  step  there  is  no  flow.  The  core 
is  adiabatically  magnetized  until  the  temperature  profile  becomes  that  of  Th(x).  During  the  third 
step  (hot  blow),  the  shuttle  mass  flows  from  the  cold  reservoir  to  the  hot  while  the  magnetization 
continues  so  as  to  maintain  the  temperature  profile  at  7\(x).  The  fourth  step  completes  the  cycle 
by  demagnetizing  the  core  adiabatically  while  the  shuttle  mass  resides  in  the  hot  reservoir  returning 
the  temperature  profile  to  Tc(x )  in  preparation  for  the  next  cycle  to  begin. 

3.  Experimental  Apparatus 

Figure  3  shows  a  schematic  of  the  experimental  apparatus.  The  apparatus  consists  of  five 
major  components:  1 )  gas  handling  system;  2)  temperature  control;  3)  regenerator  core;  4)  magnet; 
and  5)  cryostat.  Some  of  these  components  are  briefly  described. 
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Fig.  3  Schematic  of  the  MIT  device. 


82 


3.1  Gas  Handling  System 

The  components  of  the  gas  handling  system  shuttle  the  3-atm  supercritical  helium  hack 
and  forth  through  the  regenerator  core.  The  two  components  of  the  gas  handling  system  are  the 
displacer  and  the  compensator. 

The  displacer  position  is  controlled  bv  a  stepper-motor-driven  ball-screw.  A  computer  sends 
position  commands  to  a  translator  which  converts  the  commands  to  current  pulses  in  the  switching 
sequence  required  to  drive  the  windings  of  the  stepper  motor.  Position  commands  can  also  be 
relayed  manually  to  the  stepper  motor  from  the  control  panel. 

The  swept  volume  of  the  displacer  is  620  cm3  which  is  required  to  contain  the  shuttle  mass 
(4.6  g)  at  15  K  and  3  atm.  The  displacer  stroke  of  76  mm  was  chosen  to  limit  the  shuttle  losses 
which  are  proportional  to  the  square  of  the  stroke.  The  displacer  cylinder  length  of  680  mm  was 
selected  as  a  compromise  between  providing  a  large  liquid  helium  reservoir  for  the  experiment  and 
reducing  axial-conduction  heat  leak.  The  large  displacer  bore  of  102  mm  (required  to  provide  the 
swept  volume)  caused  two  difficulties.  The  large  cross-sectional  area  of  the  displacer  (81  cm2) 
required  to  provide  the  swept  volume  led  to  a  high  actuation  force  and  to  large  axial  conduction 
through  the  displacer' piston.  To  reduce  the  2600-N  force  needed  to  move  the  displacer  against 
the  working  gas  both  the  rod  and  the  piston  were  sealed  and  helium,  regulated  at.  slightly  below 
the  working  pressure  of  the  refrigerator,  was  introduced  on  top  of  the  piston.  The  backing-gas 
reduces  the  actuation  force  sufficiently  that  a  stepper  motor  with  a  small  running  torque  can  drive 
the  displacer  at  acceptable  rates.  The  backing  gas  has  the  additional  advantage  of  minimizing 
the  load  on  the  seals  at  the  top  of  the  piston.  The  axial  conduction  through  the  displacer  piston 
was  reduced  by  constructing  it  as  a  hollow,  evacuated,  linen-phenolic  unit  with  aluminized  mylar 
radiation  shields  inside.  The  piston  was  glued  together  with  a  low-temperature  epoxy.  The  external 
surface  of  the  displacer  piston  was  sealed  with  the  same  epoxy,  then  wet  sanded  to  run  smoothly 
in  the  0.9-mm  wall  stainless  steel  cylinder. 

The  compensator  is  a  passive  element  designed  to  maintain  the  refrigerator  system  pressure 
at  3  atm  while  the  displacer  moves  the  shuttle  mass  between  the  hot  and  cold  ends  of  the  refrig¬ 
erator.  The  task  of  pressure  regulation  is  simplified  because  the  pressure  drop  through  the  core 
is  small  relative  to  the  system  pressure  (4%).  The  compensator  is  a  free-floating  piston  exposed 
to  the  working  gas  on  one  side  and  pressure  regulated  backing-gas  on  the  warm  side,  an  auxiliary 
spring  (not  used  in  the  preliminary  experiments)  is  available  as  a  mechanical  aide.  Friction  is 
minimized  by  the  use  of  a  Bellofram  rolling  diaphragm  for  the  main  seal;  the  piston  rod  is  sealed 
with  a  small  diameter  O-ring  with  minimal  drag.  The  compensator  piston  is  38  mm  in  diameter 
and  1  m  long.  It  is  made  from  molded  linen  phenolic  and  like  the  displacer  runs  in  a  0.9-mm  wall 
thickness,  type  304  stainless  steel  cylinder.  The  smaller  bore  of  t  he  compensator  reflects  the  factor 
of  10  decrease  in  the  volume  required  by  the  shuttle  mass  at  the  cold  end  of  the  regenerator.  The 
compensator  length  was  selected  so  that  its  working  volume  would  always  be  immersed  in  4.2-K 
liquid  helium. 

The  working  volume  is  charged  through  a  separate  valve  and  regulator.  When  running 
experiments  the  charging  valve  is  closed  and  a  fixed  mass  of  helium  is  maintained  in  the  working 
volume  of  the  experiment.  A  mechanical  bourdon-tube  type  pressure  gauge  connected  to  the  warm 
end  of  the  charging  line  monitors  the  working  gas  pressure  at  all  times.  A  4-atin  pressure  relief 
valve  is  connected  to  the  charging  line  to  prevent  accidental  over-pressurization  of  the  system. 
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3  .2.  Regenerator 

Gadolinium-gallium-garnet.  (GGG)  was  se¬ 
lected  for  t lie  core  material.  A  parallel  plate  con¬ 
figuration  (Fig.  4)  was  chosen  as  the  best  geome¬ 
try  to  provide  the  small  dimension  flow  passages 
and  low  porosity  mandated  to  minimize  the  loss 
mechanisms  in  an  easy-to-fabricate  package. 

The  complete  int  ernal  geomet  ry  of  the  par¬ 
allel  plate  regenerator  core  was  specified  by  the 
four  variables  /.  w,  d.  b.  defined  in  Fig.  4.  The 
variables  were  selected  to  minimize  the  applicable 
loss  mechanisms  subject  to  reasonable  construc¬ 
tion  limitations,  t  and  w  determine  the  amount  of 
axial  conduction,  the  entrainment  loss  due  to  bar¬ 
rier  material  and.  in  part,  the  fluid-to-wall  heat 
transfer  loss,  d  and  b  control  the  fluid  friction  loss, 
the  amount  of  helium  entrainment,  and  share  in 
the  determination  of  the  fluid-to-wall  heat  trans¬ 
fer  irreversibility.  The  coupling  between  the  two 
sets  of  variables  is  the  fluid-to-wall  heat  trans¬ 
fer:  d  and  b  determine  the  magnitude  of  the  heat 
transfer  coefficient,  but  t  and  w  determine  how 
efficiently  it  is  used.  This  independence  of  func¬ 
tion  allows  the  variables  to  be  selected  in  two 
separate  groups.  The  final  dimensions  chosen 
for  the  core  are:  wafer  diameter=38  mm;  total 
core  length=270  mm;  d  =0.01  mm;  b  =0.25  mm; 

/  =0.25  mm;  and  w  =0.01  mm. 

Construction  of  the  parallel  plate  core  starts  with  a  series  of  GGG  wafers  which  are  bonded 
together  with  thin  discs  of  thermal  barrier  material  between  them.  The  composite  cylinder  is  then 
sawn  lengthwise  into  parallel  slabs  which  are  then  reassembled  into  a  cylinder  with  thin  spacers 
separating  them  on  the  edges  to  provide  the  parallel  flow  passages. 

The  container  which  houses  the  regenerator  core  is  a  vacuum  jacket  composed  of  two  con¬ 
centric  stainless  steel  cylinders,  ft  isolates  thermally  the  regenerator  core  from  the  4.2-K  liquid 
helium  environment  and  is  magnetically  transparent  .  Eddy-current  heating  in  the  walls  of  the  con¬ 
tainer  is  negligible  at  the  ~0.1-Hz  operating  frequency.  The  total  radial  thickness  of  the  vacuum 
jacket  is  less  than  1.5  mm.  The  vacuum  space  in  the  jacket  is  connected  to  a  room  temporal ure 
pressure-relieving  pump-out  valve.  A  fine  strand  of  helically  wound  monofilament  in  the  vacuum 
space  prevents  buckling. 

3.3.  Magnet  System 

The  magnet  system  for  the  magnetic  refrigerator  consists  of  a  superconducting  solenoid, 
vapor-cooled  current  leads,  a  computer-controlled  current  supply,  and  a  magnet  protection  system. 
Here  only  the  superconducting  magnet  is  briefly  described. 


Fig.  4.  Core  geometry. 
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The  superconducting  solenoid  designed  for  1  his  experiment  has  a  bore  of  44  mm  and  a  total 
length  of  345  mm.  Within  the  305-nnn  active  length  of  the  magnet  the  field  is  uniform  within 
from  end  to  center.  The  magnet  is  designed  to  be  operated  in  an  AC  mode  and  therefore 
is  wound  in  an  open  fashion  with  spacers  providing  cooling  between  adjacent  layers  of  wire.  The 
measured  AC  losses  produced  in  operat  ing  the  magnet  with  a  triangular  current  waveform  between 
the  amplitudes  of  15  A  and  105  A  at  ~0.1  Hz  are  ~1.5  W. 

The  losses  are  almost  entirely  due  to  hysteresis  within  the  9-fim  diameter  niobium-titanium 
superconducting  filaments.  The  hysteresis  loss  is  directly  proportional  to  the  filament  diameter. 
Niobium-t  itanium  superconductor  with  ~~0.5 -ptm  diameter  filaments  is  commercially  available.  The 
use  of  0.5-f.im  filament  wires  would  reduce  the  hysteresis  losses  to  less  than  0.1  W. 

3.4.  Temperature  Control 

At  either  end  of  the  regenerator  core  the  supercritical  helium  entering  the  core  is  conditioned 
by  temperature  controllers.  The  purpose  of  the  temperature  controllers  is  to  simulate  constant 
temperature  reservoirs  of  selected  temperature. 

4.  Experimental  Procedure 

Once  the  dewar  is  filled  with  helium,  the  working  volume  is  charged  to  3  atm  with  the 
displacer  at  the  bottom  of  its  stroke.  The  charging  valve  is  then  closed.  The  backing-gas  pressure 
is  concurrently  brought  up  to  a  pressure  of  2  atm.  The  backing-gas  is  supplied  by  a  standard  gas 
bottle  (120  atm  charge)  and  will  usually  last  for  a  day  of  experiments.  The  backing-gas  cylinder 
can  be  replaced  without  contaminating  the  experiment  if  required. 

The  motion  of  the  displacer  and  the  magnet  current  axe  controlled  by  a  computer.  A 
program  was  written  which  allows  keyboard  input  of  the  current  and  displacer  waveforms.  Before 
starting  the  cycle  the  computer  initializes  the  magnet  at  the  minimum  field  selected  for  the  run 
and  positions  the  displacer  at  the  bottom  of  its  st  roke,  thus  placing  the  shuttle  mass  in  the  cold 
end  of  the  refrigerator.  The  computer  continues  to  operate  the  cycle  under  the  selected  conditions 
until  it  receives  a  keyboard  interrupt  which  causes  the  computer  to  exit  the  cycle  by  returning  the 
displacer  to  the  bottom  of  its  stroke  and  to  ramp  the  magnet  down  to  zero  current. 

The  experimental  data  were  collected  with  a  data  acquisition  system.  The  system  receives 
an  instruction  from  the  computer  to  begin  data  collection  once  an  experimental  run  starts.  The 
system  internally  stores  the  data  until  the  run  is  over  and  then  relays  the  data  to  the  host  computer. 
The  measured  quantities  are:  temperatures  at  the  top  end  and  the  bottom  end  of  the  core,  system 
pressure,  compensator  volume  for  m,  and  ms,  and  magnet  current  for  field. 

5.  Experimental  Results  and  Discussion 

Data  were  collected  for  three  modes  of  operation:  1)  helium  circulation  between  the  reser¬ 
voirs  without  magnetic  field  change;  2)  field  changes  without  helium  circulation — passive  regener¬ 
ator  experiments;  and  3)  helium  circulation  bet  ween  the  reservoirs  while  the  magnetic  refrigerant 
was  subjected  to  field  changes— active  regenerator  experiments.  For  each  run,  the  experiment  was 
operated  for  approximately  30  cycles  at  a  frequency  of  ~0.1  Hz.  Cyclic  steady  state  was  achieved 
after  3  or  4  cycles  for  most  operating  conditions.  In  this  paper,  only  results  of  the  active  regenerator 
experiments  are  presented. 
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I .  Data  Reduction  For  Mass  Flow 

For  the  preliminary  experiments  the  only  data  reduction  performed  was  that  necessary  to 
determine  the  refrigeration  power  to  the  cold  reservoir  and  the  heat  rejection  to  the  hot  reservoir. 
To  calculate  these  quantities  the  enthalpy  fluxes  to  the  reservoirs  musl  he  ascertained.  The  specific 
enthalpy  at  either  end  of  the  regenerator  core  was  calculated  based  on  the  temperature  measured 
by  the  local  sensor  and  an  assumed  3-atm  pressure.  The  mass  flux  was  calculated  based  on  the 
change  in  compensator  working  volume.  The  state  of  the  working  fluid  within  the  compensator 
was  assumed  to  be  3  atm  and  4.2  K.  The  temperature  measured  by  the  carbon  resistor  located 
at  the  exit  of  the  compensator  showed  this  temperature  to  be  within  0.4  K  of  4.2  K  and,  as  will 
be  shown,  the  mass  flux  is  not  very  sensitive  to  uncertainty  in  this  temperature.  The  pressure  as 
indicated  bv  the  mechanical  room  temperature  gauge  was  3±0.2  atm.  The  rate  of  volume  change 
was  measured  by  the  LVDT  located  on  the  room  temperature  compensator  piston  rod  and  its 
accuracy  far  exceeds  the  other  experimental  measurements.  The  uncertainty  in  the  mass  flow  can 
be  estimated  assuming  that  all  the  uncertainty  resides  in  the  density.  The  uncertainty  in  density  is 
^2%  for  the  nominal  value  of  0.14  g  cm-3.  Neglecting  the  uncertainty  in  the  volume  measurement 
the  uncertainty  in  mass  flux  leaving  the  compensator  is  also  ~2%. 

The  accuracy  in  mass  flow  at  points  remote  from  the  compensator  depends  on  the  rate  of 
change  in  mass  storage  between  the  compensator  and  the  point  of  interest.  If  the  hot  and  cold 
blows  were  steady  processes  then  the  mass  flow  would  be  constant  throughout  the  system.  In  the 
real  unsteady  case,  the  error  in  mass  flow  results  from  the  volume  of  the  plumbing  between  the 
point  and  the  compensator  and  the  change  in  density  with  time  of  the  helium  within.  Consider 
the  error  in  mass  flow  of  helium  entering  the  cold  end  of  the  regenerator  core  relative  to  the  mass 
flow  leaving  the  compensator.  The  volume  of  the  plumbing  between  the  compensator  and  the  base 
of  the  core  is  approximately  27  cm^.  If  this  volume  were  to  change  temperature  uni¬ 
formly  over  4. OK  to  2.5K  during  a  cold  blow,  a  mass  storage  of  0.3  g  would  result. 

The  resulting  error  in  mass  flow  at  the  base  of  the  core  relative  to  the  compensator 
mass  flow  would  be  7%. 

The  error  in  mass  flow  at  the  hot  end  of  the  regenerator  core  is  larger  because  of  the 
additional  mass  contained  in  the  core  and  because  of  the  larger  density  variation  with  increasing 
temperature.  Again,  as  a  pessimistic  estimate,  if  the  density-averaged  temperature  of  the  entrained 
helium  in  the  core  dropped  1  K  from  an  initial  value  of  6  K  (a  density  swing  of  almost  3-fold)  the 
total  mass  flow  error  including  the  error  in  the  cold-end  plumbing  would  be  ~30%. 

5.2  Active  Regenerator  Experiments 

The  results  from  the  preliminary  experiments  are  very  encouraging.  The  device  generated 
steady  refrigeration  power  of  0.40  W  at  3.79  K,  rejecting  heat  at  5.51  K.  Cycling  steady  state  was 
arrived  at  after  only  four  or  five  cycles.  The  performance  of  the  device  was  very  sensitive  to  the 
timing  of  the  magnetic  field  changes  and  much  less  sensitive  to  variations  in  the  mass  flow. 

The  same  magnetic  field  waveform  was  used  throughout  the  experiments:  a  constant  slope 
form  ramping  from  1  T  to  4  T  in  5.25  s  then  back  to  1  T  in  the  next  5.25  s.  This  waveform  was 
chosen  because  it  was  the  fastest  design  sweep  rate  for  the  magnet. 

Figure  5  shows  a  set  of  data  for  the  20th  through  23rd  cycles  out  of  the  33-cycle  run.  The 
average  mass  flow  rate  was  2.0  g  s-1.  The  top  traces  are  the  cold-end  temperature,  rctrc(K),  in 
solid  line  and  hot-end  temperature,  7>(K),  in  dotted  line;  middle  trace  is  the  hot-end  mass  (in 
fractions,  to  a  maximum  value  of  2.1  g),  fh  \  and  bottom  trace  is  magnet  current,  1(A). 
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The  refrigeration  provided  to  the  cold 
reservoir  and  heal  rejected  to  the  hot  reservoir 
were  calculated  (as  described  for  the  zero-field 
experiments)  by  converting  the  temperature  data 
to  enthalpy  and  numerically  integrating  the  en¬ 
thalpy  fluxes  for  each  cycle  for  each  end  of  the 
core.  The  net  refrigeration  to  the  cold  reservoir  is 
calculated  as  the  enthalpy  exiting  the  cold  reser¬ 
voir  on  a  hot  blow  less  the  enthalpy  entering  the 
cold  reservoir  during  a  cold  blow.  The  net  re¬ 
jection  is  the  enthalpy  entering  the  hot  reservoir 
on  a  hot  blow  less  the  enthalpy  exiting  the  hot 
reservoir  on  a  cold  blow. 

As  can  be  seen  from  Fig.  5  the  reservoir 
temperatures  were  not  steady  throughout  the  cy¬ 
cle.  The  cold-end  reservoir  temperature  was  es¬ 
timated  as  the  enthalpy-averaged  temperature  of 
the  helium  entering  the  bottom  of  the  core  dur¬ 
ing  a  hot  blow  (flow  from  cold  reservoir  to  hot 
reservoir  during  magnetization).  Similarly,  the 
hot  reservoir  temperature  is  approximated  by  the 
cold  blow  stream  temperature  entering  the  top  of 
the  core. 

The  calculations  were  performed  on  the  last  29  cycles  of  the  33  cycle  2.0  g  s_1  run.  The 
first  4  cycles  of  the  run  had  not  established  a  cyclic  steady  state.  The  results  of  the  analysis  show 
an  average  of  0.40  W  of  refrigeration  to  the  cold  reservoir  at  3.79  K.  Average  power  of  3.0  W  was 
rejected  to  the  hot  reservoir  at  5.51  K. 

The  actual  performance  of  the  magnetically  active  regenerator  differs  from  the  results  pre¬ 
sented.  The  causes  for  the  disparities  can  be  grouped  into  two  categories:  one  source  is  errors  in 
measurement  and  calculation,  the  second  is  corruption  of  the  experimental  quantities  by  phenom¬ 
ena  extrinsic  to  the  experiment. 

An  example  of  the  latter  is  the  effect  of  pumping.  The  mechanical  work  input  produced  by 
the  motion  of  the  displacer  and  compensator  is  out  of  phase  with  the  magnetic  work  input  to  the 
regenerator  core.  As  a  result,  the  pumping  tends  to  heat  the  working  fluid  on  a  cold  blow  and  cool 
it  on  a  warm  blow.  Consequently,  the  pumping  lowers  the  refrigeration  produced  by  the  magnetic 
effect  .  It  is  not  possible  to  simply  quantify  the  contribution  of  pumping  on  the  measured  results 
because  of  its  complicated  interaction  with  the  magnetic  work  mode.  The  loss  of  refrigeration  due 
to  the  pumping  effect  is  probably  small.  The  refrigeration  loss  measured  in  zero-field  experiments 
with  the  same  mass  flow  was  0.02  W.  The  greater  temperature  difference  between  the  reservoirs  in 
the  active  field  experiments  makes  a  larger  density  difference  between  the  hot  and  cold  reservoirs 
and  therefore  reduces  the  pumping  work. 

Sensor  errors  are  examples  of  the  former  class  of  inaccuracies  in  interpreting  the  data. 
Two  sources  of  temperature  measurement  errors  are  magnetoresistance  of  the  carbon  sensors  and 
transient  thermal  sensor  lag.  As  discussed  above,  the  resistance  of  the  carbon  sensors  increases 
with  the  applied  field.  Therefore  the  indicated  temperature  measured  in  the  magnetic  field  will 


Fig.  5.  Data  from  active  regeneration 
experiments. 
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be  lower  than  the  actual  temperature.  The  magnetic  field  error  increases  with  field  and  decreases 
rapidly  with  increasing  temperature,  becoming  insignificant  at  temperatures  above  10  K. 

Because  the  hot  blow  takes  place  at  a  higher  average  field  than  the  cold  blow,  the  indi¬ 
cated  hot  blow  temperatures  are  underest  imated  more  than  the  indicated  cold  blow  temperatures. 
Helium’s  enthalpy  increases  monotonically  with  temperature.  Therefore,  the  actual  net  rejection 
is  larger  than  the  indicated  rejection  and  similarly  the  net  actual  refrigeration  is  larger  than  the 
indicated  refrigeration. 

Another  source  of  error  in  the  interpretation  of  time-dependent  temperature  data  is  sensor 
lag.  Like  the  effect  of  magnetoresistance,  the  sensor  lag  causes  both  the  calculated  refrigeration 
and  rejection  to  be  smaller  than  the  actual  values. 

The  temperature  errors  produced  either  by  magnetic  field  or  by  sensor  lag  are  amplified  in 
the  calculation  of  the  rejection  and  refrigeration  by  the  multiplicative  factor  of  the  specific  heat. 
The  temperature  error  is  particularly  large  in  the  calculation  of  the  heat  rejection,  where  hot-end 
temperatures  are  in  the  region  of  extremely  high  specific  heat.  The  refrigeration  calculation  is  less 
sensitive  both  because  of  the  faster  transient  response  of  the  transducer  and  because  of  the  lower 
specific  h**at  at  the  cold  end. 


6.  Conclusions 

The  results  demonstrate  the  successful  implementation  of  magnetically  active  regeneration. 
The  device  generated  steady  refrigeration  power  of  0.40  W  at  3.79  K,  rejecting  heat  at  5.51  K.  The 
experimental  uncertainty  could  be  greatly  reduced  by  determining  the  temperature  transducer 
lag  via  an  in- situ  measurement.  The  lag  of  the  warm-end  transducer,  if  found  to  be  excessive, 
could  be  reduced  easily  by  changing  its  mounting  design.  Further  experiments  must  be  carried  out 
to  establish  the  performance  of  the  apparatus  as  a  function  of  mass  flow,  relative  timing  of  the 
processes,  and  temperature  span  of  the  cycle. 
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DESIGN  LIMITATIONS  ON  MAGNETIC  REFRIGERATORS 
IMPOSED  BY  MAGNETIC  FORCES 
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Astronautics  Corporation  of  America 
Astronautics  Technology  Center 
Madison,  Wl  53716 


One  of  the  fundamental  requirements  in  refrigeration  is  the 
addition  of  work  during  the  execution  of  the  thermodynamic  cycle. 
In  magnetic  refrigerators  that  utilize  the  thermomagnetic  properties 
of  certain  materials,  the  work  is  supplied  in  some  cases  by  action 
against  a  magnetic  force  between  the  magnet  and  a  moving 

magnetic  material  or  in  other  cases  by  the  magnet  power  supply 

where  the  mateiial  is  stationary  and  the  magnet  is  charged  and 

discharged.  In  moving-material  designs,  the  net  force  that  must 
be  supplied  is  a  result  of  compensation  of  two  rather  large 
magnetic  forces.  During  the  motion  of  the  magnetic  material  the 

force  on  the  material  changes  direction  and  can  cause  large 
stresses  on  the  magnetic  material.  It  is  important  to  understand 
the  forces  on  the  materials  in  any  complete  magnetic  refrigerator 
design.  We  have  carefully  analyzed  the  magnetic  forces  for 

reciprocating-material  and  for  rotatirig-material  designs.  The  key 
result  in  the  reciprocating  design  is  that  the  magnetic  forces  on  the 
magnetic  material  entering  and  leaving  the  magnet  can  not  readily 

be  totally  compensated  even  when  both  material  blocks  are  in  a 
counterbalanced  arrangement  and  are  of  the  same  temperature. 
This  difficulty  in  compensation  is  a  result  of  the  difference  in  the 

gradients  of  the  magnetic  field  in  different  regions  of  a  solenoidal 

magnet.  In  rotating  wheel  designs,  the  forces  are  complicated 
because  there  is  a  resultant  vertical  force  on  magnetic  material  not 
located  exactly  at  the  midplane  between  the  magnets 

Key  words:  Design  limits;  magnetic  forces;  magnetic  materia1' 
reciprocating;  magnetic  refrigerator;  rotating. 


1.  Introduction 


The  operation  of  magnetic  refrigerators  is  based  on  the  magnetic  field  and 
temperature  dependence  of  the  entropy  of  certain  magnetic  materials.  In  order  to  make  a 
useful  refrigerator,  the  magnetic  materials  must  be  magnetized  and  demagnetized  at 
appropriate  times  during  a  cycle.  Among  the  several  devices  that  have  been  developed 
[1-7]',  there  are  at  least  three  major  ways  to  achieve  the  cyclic  magnetization  and 
demagnetization. 

The  first  way  is  to  leave  the  material  fixed  in  place  and  to  charge  and  discharge  the 
superconducting  magnet  (generally  solenoidal),  that  produces  the  magnetic  fields. 
Some  of  the  advantages  of  this  method  are  that  the  magnetic  work  required  during  the 
cycle  is  entered  electrically  and  that  the  magnetic  forces  on  the  material  are  limited  to 
compressive  stresses  if  the  magnetic  material  is  centered  in  the  magnetic  field.  The 
primary  disadvantage  of  this  approach  is  the  relatively  low  efficiency  caused  by  long  cycle 
times  and  the  large  ratio  of  the  work  required  to  establish  the  held  to  the  work  required  to 
execute  the  magnetic  cycle. 

The  second  way  to  cycle  the  magnetization  of  the  material  is  to  use  a  fixed 
solenoidal  magnet  and  reciprocate  the  magnetic  material  in  and  out  of  the  magnet.  One 
advantage  of  this  method  is  that  the  magnet  can  be  charged,  put  in  persistent  mode,  and 
then  left  undisturbed  during  the  cycle  with  the  work  entered  via  a  mechanical  means 
attached  to  the  magnetic  material.  One  disadvantage  of  this  method  is  that  large  periodic 
forces  exist  between  the  magnet  and  magnetic  material  as  the  material  enters  and  leaves 
the  magnet. 

The  third  way  to  repeatedly  magnetize  and  demagnetize  the  material  is  to  rotate  a 
continuous  piece  of  material  through  a  stationary  magnetic  field.  One  advantage  of  this 
method  is  that  the  attractive  magnetic  forces  between  the  magnet  and  the  working 
material  entering  and  leaving  the  field  are  naturally  compensated  in  the  material  except 
for  those  forces  required  by  the  cycle-work.  One  disadvantage  of  the  rotating  material 
method  is  the  inefficiency  of  producing  the  magnetic  field  (generally  in  a  gap  between  two 
coils). 

This  paper  presents  the  results  of  an  analysis  of  the  magnetic  forces  for  both  the 
reciprocating  and  rotating  magnetic  material  cases  and  identifies  the  design  limits 
imposed  by  the  stresses  produced  by  large  forces. 


2.  Theory  of  magnetic  forces 


In  the  development  of  a  magnetic  refrigerator  there  are  two  important  forces  that 
must  be  carefully  considered  during  the  design  process.  The  first  one  is  the  Lorentz  force 
produced  by  one  current  carrying  element  on  another.  This  effect  produces  the  forces 
between  the  magnets  in  the  refrigerator  (assuming  a  Helmholtz  or  other 
two  magnet  system)  and  the  forces  on  the  windings  within  the  magnets.  Such 
a  force  is  calculated  by  the  Biot-Savart  and  Lorentz-force  laws  combined  as 


1  Numbers  in  brackets  refer  to  the  literature  references  listed  at  the  end  of  this  report. 
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(1) 


where  jiq  is  the  permeability  of  free  space,  r  is  a  vector  from  the  first  current  element  i1dl1 
to  the  second  current  element  udl2.  While  these  forces  are  extremely  important,  they  are 
not  considered  in  this  paper,  vectors  are  indicated  by  bold  type. 

The  second  force  of  concern  in  design  calculations  is  the  force  between  the 
magnetic  material  and  the  magnetic  field  described  by 


d F=  [ ( M •  V)  |pp]dx 


or 


F=  (m«  V)  B 

1  app 


(2) 

(3) 


where  M  is  the  magnetization,  Bapp  is  the  applied  magnetic  induction,  dt  is  a  volume 
element,  and  m  is  the  magnetic  moment.  The  moment  m  is  assumed  to  be  parallel  to 
Bapp.  In  cartesian  coordinates,  eq.  (3)  expands  to 
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where  i,  j,  and  k  are  unit  vectors  in  the  x,y,  and  z  directions.  The  nine  components  of  the 
force  can  lead  to  some  subtle  effects,  especially  because  m  is  also  a  function  of  Bapp  and 
T.  The  treatment  made  here  does  not  consider  the  effect  of  the  shape  or  presence  Of  the 
magnetic  material  on  Bapp.  Generally,  the  magnetic  materials  used  in  magnetic 
refrigerators  are  magnetically  soft,  not  magnetically  saturated,  and  shaped  such  that  their 
effect  on  the  field  profile  is  estimated  at  not  more  than  10%  of  Bapp.  The  exact  treatment 
would  require  the  solution  of  the  field  equations  in  the  presence  or  the  magnetic  material. 
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3.  Results  and  discussion 


The  force  calculations  were  perfomed  using  a  computer  code  that  solves  eqs.  (3) 
and  (4)  by  calculating  the  magnetic  field  and  the  field  gradients  on  a  specified  grid  for  a 
given  coil  geometry  and  current  density.  A  table  of  magnetization  of  the  material  as  a 
function  of  B  and  T  as  well  as  a  temperature  profile  for  the  material  during  the  cycle  must 
be  supplied  for  the  computer  code. 


3,1  Reciprocating  material 


The  geometry  used  in  the  reciprocating  material  case  is  shown  in  figure  1.  A 
magnet  which  was  approximately  a  right  circular  cylinder  was  used  because  it  is  close  to 
the'’ optimum  shape  for  a  solenoid  [8].  The  length  of  the  cylinder  of  magnetic  material  was 
two  thirds  of  the  length  of  the 
magnet  and  the  diameter  two  z 


thirds  of  the  bore  of  the 
magnet.  For  the  purpose  of 
calculation,  the  cylinder  of 
magnetic  material  was  axially 
sectioned  into  six  segments. 
The  force  components  were 
calculated  on  each  segment 
as  a  function  of  position 
along  the  z  axis  as  shown  in 
figure  1.  The  cylindrical 
symmetry  reduces  the  force 
components  to  Fz  and  Fr  as 
shown  in  the  upper  right 
corner  of  figure  1.  The  forces 
on  the  segment  are  primarily 
axial  (along  the  z  direction) 
but  there  is  a  radial 
component  which  changes 
direction  as  the  material 
moves  into  the  magnet.  The 
magnitude  of  the  axial  force 
Fz  can  be  calculated  for  a 
specific  material,  temperature 
profile,  and  field  strength. 
The  results  shown  in  figure  2 
are  for  a  maximum  field  of  6 
T,  gadolinium  gallium  garnet 
working  material,  and  a 
temperature  profile  for  a 
magnetic  Carnot  cycle  with 
the  cold  end  temperature  at 


Figure  1.  The  magnetic  forces  on  a  segment  of 
magnetic  material  as  a  function  of  position  along  the  z 


axis  of  a  solenoidal  magnet. 
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Figure  2.  The  axial  force  component  on  a  magnetic  material  as  a  function  of  its  distance 
from  the  center  of  a  solenoidal  magnet. 


4  K.  For  the  calculation  of  figure  2,  the  material  is  wanner  when  it  enters  the  field 
than  when  it  leaves  the  field.  (This  assumes  heat  transfer  from  the  magnetic  material 

when  it  is  in  the  center  of  the  magnet).  The  magnitude  of  the  axial  force  is  maximum 

near  the  ends  of  the  solenoid  where  the  field  gradients  are  largest.  Neither  the  shape 
nor  the  magnitude  of  the  axial  force  is  symmetric  about  the  center  of  the  solenoid 
because  of  the  field  and  temperature  dependence  of  the  magnetization  and  because 
the  magnetic  field  profile  is  riot  symmetric  about  the  end  of  the  solenoid.  Therefore,  it  is 
unlikeiy  that  any  compensation  mechanism,  such  as  using  two  matching  cylinders  of 
magnetic  material  at  each  end  of  the  magnet,  can  completely  cancel  the  magnetic  force. 
The  magnitude  of  the  difference  in  force  across  the  magnet  is  only  28.9  N  (6.5  Ibf)  in  the 

example  chosen  but  the  total  compressive  load  between  the  same  two  segments  is 

251.4  N  (56.5  !bf),  or  almost  nine  times  larger  because  of  the  sign  reversal  of  Fz. 


3.2  Rotating  material 


The  geometry  used  for  the  force  calculations  on  a  roiating  material  is  shown  in 
figure  3.  The  magnetic  field  is  produced  by  two  solenoids  in  a  Helmholtz  configuration 
wlti-  the  magnetic  material  in  the  rim  of  a  wheel  rotating  through  the  gap  between  the 
magnets.  The  magnetic  material  is  sectioned  into  eight  segments  per  quadrant  as 
shown  in  figure  4,  The  direction  of  rotation  and  the  position  of  the  solenoids  are  also 
shown  in  figure  5.  The  magnetic  forces  are  indicated  as  small  vectors  in  the  figure. 
Note  that  the  resultant  forces  are  toward  the  center  of  the  magnet.  In  the  case  shown 
the  center  of  the  wheel  rim  was  assumed  to  pass  through  the  center  of  the  solenoid.  In 
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Figure  3.  Geometry  of  a  magnetic  material  in  the  rim  of  a  wheel  rotating  between  two 
superconducting  solenoidal  magnets. 

figure  4,  there  are  no  z  component  forces  because  the  segments  are  axially  centered  at 
the  midplane  between  the  two  magnets.  The  x  and  y  force  components  change 
direction  as  the  segment  moves  and  the  resultant  force  reverses  direction  at  0  =  0* 
(center  of  the  magnet).  Hence,  the  segments  undergo  a  cyclic,  compressive  stress  as 
they  enter  arid  leave  the  high  field  region.  The  magnetic  material  must  be  able  to 
withstand  this  stress  without  fatigue  or  excessive  deflection.  The  material  must  also  be 
attached  to  the  hub  of  the  wheel  securely  to  avoid  undue  motion. 

The  forces  as  a  function  of  rotation  angle  on  a  single  segment  of  the  wheel  are 
shown  in  figure  5.  The  magnetic  material  was  gadolinium  gallium  garnet  and  the 
temperature  profile  was  for  a  Carnot  cycle  with  a  6  T  maximum  field.  Heat  transfer 
occurs  in  the  high  field  region.  The  force  components  are  shown  as  polar-coordinate 
components  in  figure  5.  The  force  component,  F@,  goes  through  a  maximum  as  the 
magnetic  material  enters  the  field.  The  positions  of  the*  maximums  relative  to  the 
magnet  windings  are  shown  in  figure  5  also.  The  magnitude  of  the  force  in  the  cold  part 
of  the  cycle  is  larger  than  that  in  the  hot  part  This  net  force  defines  the  torque  required 
to  turn  the  wheel  as  it  refrigerates.  Another  interesting  feature  of  the  results  in  figure  5  is 
the  radial  force  component.  This  force  represents  a  net  load  on  the  wheei  bearing.  It  is 
usually  assumed  that  by  careful  positioning  of  the  magnet  center  relative  to  the  center  of 
the  wheel  rim  this  force  can  be  eliminated.  However,  the  results  shown  in  figure  5 
indicate  that  this  cannot  be  the  case.  The  wheel  bearing  must  withstand  a  non-uniform 
radial  load. 

If  the  wheel  rim  of  magnetic  material  is  not  located  in  the  magnet  gap  midplane, 
additional  forces  must  be  considered.  If  the  same  wheei  as  shown  in  figure  3  is  moved 
upwards  such  that  the  lower  edge  of  the  material  is  located  at  the  rnidplane,  an 
unbalanced  z  component  force  occurs.  The  results  for  this  case  are  shown  in  figure  6. 
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The  z  component  is  large  enough  to  cause  this  or  unsupported  magnetic  material 
segments  to  flex  in  the  z  direction  as  they  transit  the  high  field  region.  This  force 
requires  careful  attention  be  paid  to  the  method  of  attachment  of  the  magnetic  material 
to  the  wheel  and  that  the  material  itself  be  able  to  withstand  the  load. 


material,  and  geometry. 


As  shown  in  figure  5,  a  segment  of  magnetic  material  at  the  center  of 
field  is  subjected  to  a  total  compressive  load  of  about  356  N  (80  Ibf)  for 
field  and  temperature  profiles,  magnetic 

difference  between  the  force 
on  a  magnetic  material 
segment  entering  the  magnet 
field  and  on  one  leaving  the 
field  is  only  26.7  N  (6  lbf).  The 
input  power  required  to  rotate 
the  wheel  is  related  to  the  force 
difference  but  the  magnetic 
material  is  subjected  to  a  much 
larger  compressive  load. 


4.0  Closure 


the  magnetic 
the  specified 
However,  the 


Forces  generated  in  the 
working  material  of  magnetic 
refrigerators  as  a  result  of 
the  magnetic 
analyzed  for 
refrigerator 
a  stationary 
with  either  a 
reciprocating 
Contrary  to 
expected  apriori 
of  the  study 


as 

interactions  with 
field  have  been 
two  common 
configurations: 
magnetic  field 
rotating  or 
material  motion, 
what  was 
the  results 


revealed  that  nonzero,  net 
forces  on  the  magnetic  material 
exist.  These  forces  arise 
because  of  asymmetries  in 
both  the  magnetic  field  profile 
and  the  temperature 
distribution  within  the  magnetic 
material.  Furthermore,  these 
asymmetries  are  a  necessary 
consequence  of  execuiing  a 
true  Carnot  cycle,  the 
method  of  refrigeration  used  in 
this  study.  These  forces  have 


kOTAUNG  MAGNETIC 
MATERIAL 


SOLENOID 


*9=0 


Figure  4.  The  magnetic  forces  on  a 
segment  of  rotating  magnetic  material  as  a 
function  of  its  path  as  it  enters  and  leaves 
the  magnetic  field  between  two  solenoids. 
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great  significance  in  the  design  of  magnetic  refrigerators  in  such  areas  as  materials 
selection,  mechanical  design,  and  structural  support  of  the  individual  components. 
The  results  of  this  study  demonstrate  the  need  for  careful  modeling  and  analysis  of 
candidate  magnetic  refrigerator  designs. 


Figure  5.  The  radial  and  angular  force  components  acting  on  a  rotating  magnetic 
material  as  a  function  of  its  angular  position  with  respect  to  the  location  of 
the  solenoidal  magnets. 
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Fr  Obf) 


Figure  6.  The  unbalanced  force  component  in  the  z-direction  as  a  result  of 
the  magnetic  material  being  offset  from  the  midplane  of  the  two  solenoidal 
magnets. 
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A  SQUID  magnetometer  has  to  be  maintained  at  or  close  to 
liquid  helium  temperature  for  a  long  term.  To  realize  this, 
a  small  clo3ed-cycle  refrigerator  can  be  used  for  recondensation 
of  liquid  helium  boil-off  in  a  dewar.  The  design  philosophy 
for  such  a  refrigerator  is  as  follows:  The  SQUID  magnetometer 
generates  little  heating  power  at  liquid  helium  temperature. 

If  the  size  of  the  dewar  is  minimized  on  the  most  suitable  condition, 
the  heat  loads  to  the  dewar  can  be  very  small.  Consequently 
a  small  recondensing  power  will  be  required.  Thus  the  authors 
designed  the  dewar  capacity  to  be  about  500  cnr  and  the  recondensing 
power  to  be  100  mW  at  4.2  K. 


Key  words:  SQUID;  magnetometer;  refrigerator;  recondensation; 
liquid  helium;  dewar. 


1.  Introduction 

Because  of  their  high  sensitivity,  SQUID  magnetometers  are  used  for  many  appli¬ 
cations,  such  as  studies  of  magnetic  properties  in  laboratories,  biomagnetic  measure¬ 
ments,  geomagnetic  measurements  in  the  sea  [1],  etc.  To  achieve  long-term  operation 
with  high  reliability,  some  cooling  systems  are  needed.  Hence  studies  have  been 
carried  out  on  the  cooling  systems  for  SQUID  magnetometers  [2,3,4] .  One  way  to 
realize  long-term  operation  of  SQUID  magnetometers  is  to  recondense  liquid  helium 
boil -off  in  a  dewar  combined  with  a  small  4.2  K  refrigerator.  This  paper  describes 
the  construction  and  some  experimental  results  on  a  recondensing  system  for  SQUID 
magnetometers . 

As  shown  in  Fig.  1,  our  recondensing  system  consists  of  three  main  components, 
a  FRP  (Fiber  Reinforced  Plastics)  dewar,  a  G-M  (Gi f f ord-McMahon)  cryocooler,  and 
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a  J-T  (Joule-Thomson)  circuit  with  a  recondensing  heat  exchanger.  In  particular, 
this  system  can  be  used  for  a  commercial  SQUID  magnetometer,  like  a  probe  type. 

Design  requirements  of  the  recondensing  refrigerator  are  as  follows: 

(1)  Maximum  recondensing  power  of  100  mW  at  4.2  K. 

(2)  Interference  to  the  SQUID  magnetometer  from  the  refrigerator  reduced  to 
as  little  as  10  pT  of  the  intrinsic  noise  level  of  the  SQUID  magnetometer. 

(3)  One  year  continuous  operation  of  the  recondensing  state. 

From  these  points,  the  refrigerator  has  been  designed  and  constructed,  and 
some  performance  data  have  been  obtained.  The  thermal  conditions  and  the  mechanical 
vibration  of  the  refrigerator  are  mainly  discussed  in  this  paper. 


2.  Design  and  construction 
2.1.  Heat  loads 

Figure  2  shows  the  refrigerator  combined  with  the  FRP  dewar  and  a  SQUID  probe 
inside.  It  consists  of  a  two-stage  G-M  cryocooler  and  a  J-T  circuit  with  a  recon¬ 
densing  heat  exchanger. 

The  high  pressure  gas  in  the  J-T  circuit  is  cooled  by  the  first  and  the  second 
counterflow  heat  exchangers  and  the  first  and  the  second  heat  stages  of  the  G-M 
cryocooler.  The  cold  high  pressure  gas  is  used  for  cooling  the  radiation  shields 
and  the  neck  tube  of  the  dewar.  The  high  pressure  gas  further  cooled  by  the  third 
heat  exchanger  is  expanded  at  the  J-T  valve  and  generates  refrigeration  in  the  recon- 
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Fig,  2.  Refrigerator  and  FRP  dewar. 

densing  heat  exchanger.  The  three  he3t  exchangers  are  cooled  by  the  return  gas 
from  the  recondensing  heat  exchanger.  The  temperature  distributions  are  given  in 
this  way.  Therefore  the  mass  flow  rate  of  the  J-T  circuit  is  very  important  to 
estimate  the  heat  loads  to  the  recondensing  cryostat.  Then  the  mass  flow  rate 
is  assumed  to  be  20  mg/s  corresponding  to  the  maximum  recondensing  power  designed 
to  be  ICO  mW. 

Table  1  shows  the  estimated  values  of  heat  loads  to  the  recondensing  cryostat. 

It  is  found  that  the  major  part  of  heat  loads  to  the  J-T  stage  is  thermal  conduction. 
Four  thermal  paths  were  considered  in  estimating  the  thermal  conduction,  i.e. ,  along 
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the  neck  tube  wall,  through  the  helium  gas  in  the  neck  tube,  along  the  guide  pipe 
of  the  J-T  valve,  and  along  the  SQUID  probe.  The  thermal  path  along  the  SQUID  probe 
is  dominant  among  them.  It  is  about  24  mW  from  room  temperature  to  4.2  K,  because 
the  SQUID  probe  has  no  thermal  anchor  inside  of  the  neck  tube  to  be  handled  easily. 
However,  the  estimated  total  heat  load  of  41  mW  to  the  J-T  stage  is  low  enough  com¬ 
pared  with  the  designed  refrigeration  power. 


Table  1.  Calculated  heat  loads  to  the  recondensing  cryostat. 


Heat  loads 

Radiation 

Conduction 

J-T  cooling 

Total 

1st  stage  (65  K) 

1.2  W 

0.44  W 

1.4  W 

3.0  W 

2nd  stage  (18  K) 

14mW 

78mW 

590mW 

680mW 

J-T  stage  (4.2K) 

8mW 

33mW 

— 

41mW 

2.2.  FRP  dewar 


The  FRP  dewar  is  composed  of  completely  non-magnetic  materials  such  as  GFRP 
(Glass  Fiber  Reinforced  Plastics),  aluminum  alloy  (A5052),  stainless  steel  (SUS316L), 
and  aluminized  plastic  film.  The  first  and  second  thermal  shields  are  constructed 
from  several  slip-formed  aluminum-alloy-plates,  which  are  electrically  insulated 
from  each  other  to  prevent  the  attenuation  of  the  magnetic  signals  from  the  environ¬ 
ment.  These  shields  are  attached  to  the  neck  tube  of  the  FRP  dewar  and  cooled  by 
the  high  pressure  gas  in  the  J-T  circuit.  The  upper  part  of  the  neck,  tube,  whose 
temperature  will  be  maintained  over  80  K  even  when  the  dewar  is  in  recondensing 
state,  is  copper-  plated  to  prevent  helium  gas  from  permeating  into  the  vacuum  space 
of  the  dewar.  Based  on  the  size  of  the  SQUID  probe  case,  the  volume  of  the  liquid 
helium  pot  was  defined  as  500  cnr  .  In  typical  operation,  the  liquid  helium  surface 
will  be  maintained  at  a  level  2  cm  below  the  recondensing  heat  exchanger. 


2.3.  G-M  cryocooler 

The  G-M  cryocooler  is  used  for  cooling  the  J-T  gas  at  the  first  and  second 
stages.  Further,  this  cryocooler  is  designed  to  make  use  of  a  free  displacer  moved 
by  differential  fluidic  forces  with  a  gas  brake  mechanism  for  the  purpose  of  dimin¬ 
ishing  mechanical  vibration.  This  fluidic-driven  displacer  is  composed  of  non¬ 
magnetic  materials  such  as  GFRP,  teflon-based  plastics,  phosphor  bronze,  brass, 
lead,  copper,  and  so  forth,  to  reduce  magnetic  interference  to  the  SQUID  magnetom¬ 
eter.  However,  the  cryocooler  generates  mechanical  vibration  caused  by  the  pressure 
change  in  the  cylinder  and  magnetic  noise  caused  by  the  valve  motor  operation. 
Therefore,  to  minimize  these  effects  to  the  SQUID  magnetometer,  the  cryocooler  is 
attached  to  the  top  flange  of  the  FRP  dewar  through  the  vibration-proof  bellows. 
Further,  a  vibration  proof  mechanism  is  used  with  the  J-T  circuit.  Namely,  the 
inlet  and  outlet  tubes  of  the  two  heat  stages,  which  are  thermally  connected  to 
each  stage  of  the  G-M  cryocooler,  are  made  in  coiled  form  so  as  not  to  transmit 
the  vibration  generated  by  the  cryocooler  to  the  SQUID  probe.  These  vibration-proof 
mechanisms  are  expected  to  protect  the  SQUID  probe  from  cryocooler  vibration. 
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2.4.  J-T  circuit 


The  J-T  circuit  consists  of  three  counterflow  heat  exchangers,  two  heat  stages 
cooled  by  the  G-M  cryocooler,  a  recondensing  heat-exchanger,  and  a  J-T  valve.  The 
counterflow  heat  exchangers  are  made  of  solder-bonded  copper  tubes  and  are  coiled 
in  the  vacuum  space  of  the  FRP  dewar.  In  particular,  indium  solder  has  been  used 
to  fabricate  the  third  heat  exchanger  instead  of  lead  compound  solder,  whose  transi¬ 
tion  temperature  to  superconducting  state  is  higher  than  the  temperature  of  the 
lower  side  of  the  third  heat  exchanger.  The  measured  efficiencies  of  these  heat 
exchangers  are  in  good  agreement  with  the  calculated  ones.  The  recondensing  heat- 
exchanger,  shown  in  Fig.  3,  is  made  of  a  coiled  copper  tube  of  outside  diameter 
3  mm,  and  its  surface  area  for  recondensation  is  about  140  cm^.  This  value  is  deter¬ 
mined  by  heat  transfer  coefficients  between  recondensed  liquid  helium  and  the  outer 
surface  of  copper  tube,  and  between  mist  helium  produced  by  J-T  expansion  and  the 
inner  surface  of  copper  tube.  The  J-T  valve  consists  of  an  orifice  of  diameter 
1.4  mm  and  a  tapered  needle.  The  valve  can  be  operated  from  a  room  temperature 
region  through  a  thin  wall  tube  made  of  cupronickel . 


Fig.  3.  Recondensing  heat  exchanger. 


2.5.  Compressors 

Two  compressors  have  been  prepared  to  keep  the  purity  of  the  J-T  gas  high. 

One  is  for  the  G-M  cryocooler,  the  other  is  for  the  J-T  circuit.  The  compressors 
diverted  from  Freon  type  have  a  rolling  piston  with  oil  lubrication.  Hence,  three 
stages  of  oil  separators  and  a  charcoal  pot  are  installed  to  these  units.  In  order 
to  remove  impurities,  the  J-T  gas  is  cleaned  up  by  an  outer  charcoal  pot  in  liquid 
nitrogen  before  the  G-M  cryocooler  is  started. 
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2.6.  SQUID  probe 


The  SQUID  probe  guide  is  made  of  a  FFP  pipe  with  six  radiation  baffle  plates 
outside,  and  three  coaxial  cables  are  inserted  in  it  for  tri-axial  measurement  of 
the  geomagnetic  field.  The  cables  are  made  of  cupronickel  tubes  and  core  cables, 
and  plastic  insulators.  These  materials  are  selected  for  low  thermal  conduction. 


3.  Experiments 

The  recondensing  system  combined  with  the  SQUID  magnetometer  was  operated  in 
the  following  sequence: 

Purify  the  J-T  gas  by  circulation  through  the  outer  charcoal  pot  in  liquid 
nitrogen. 

Cooldown  the  recondensing  cryostat  by  the  G-M  cryoc.ooler. 

-  Transfer  liquid  helium  from  a  vessel  into  the  pot  of  the  FRP  dewar. 

Adjust  the  J-T  valve  and  monitor  the  evaporation  rate  of  liquid  helium. 

When  the  evaporation  rate  goes  down  to  zero,  close  the  vent  valve  and  monitor 
the  vapor  pressure  of  liquid  helium  in  the  pot. 

Adjust  the  pressure  regulator  at  the  suction  line  of  the  J-T  compressor 
to  keep  the  vapor  pressure  around  0.1  MPa  (recondensing  state  at  or  close 
to  A. 2  K) . 

The  experimental  data  in  the  rccondensing  state  is  shown  in  Fig.  4.  The  vapor 
pressure  in  the  helium  pot  was  about  97  KPa,  which  corresponded  to  the  liquid  helium 
temperature  of  4.17  K.  Further,  the  maximum  value  of  the  pressure  fluctuation  was 
about  2  KPa,  which  corresponded  to'  a  temperature  fluctuation  of  20  mK .  Consequently, 
the  temperature  in  the  recondensing  state  is  stable  enough  to  operate  the  SQUID 
magnetometer.  In  the  recondensing  state,  the  J-T  compressor  provided  the  mass  flow 
rate  of  20  mg/s  at  the  discharge  pressure  of  1.5  MPa.  From  this  chart  a  correlation 
can  be  found  between  the  fluctuation  of  the  pressure  and  that  of  the  mass  flow  rate. 

Figure  5  shows  the  temperature  distribution  in  the  recondensing  refrigeration 
system.  From  these  temperatures,  the  cooling  power  at  the  first  and  second  stages 
is  calculated;  the  first  is  about  5  W  at  56  K,  and  the  second  is  about  0.6  W  at 
18  K 


The  noise  spectrum  of  the  refrigerator  was  also  measured.  Noise  peaks  were 
observed  at  frequencies  of  1,  2,  4,  6,  8,  and  10  Hz.  The  noise  peak  of  1  Hz  corres¬ 
ponds  to  the  magnetic  noise  caused  by  the  valve  motor.  However,  the  evaluation 
of  such  a  magnetic  noise  is  not  discussed  in  this  paper.  The  other  noise  peaks 
correspond  to  the  mechanical  vibration  caused  by  the  G-M  cryocuoler.  These  peaks 
were  reduced  below  67%  by  the  vibration-proof  mechanisms.  However,  the  noise  level 
is  not  low  enough  to  realize  the  noise  level  required.  Therefore  a  new  vibration- 
proof  mechanism  with  higher  performance  should  be  developed. 
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erature  distribution  of  the  recondensing  refrigeration  system 


4.  Conclusions 


The  recondensing  state  at  4.17  K  was  obtained  using  a  small,  closed  recondensing 
refrigerator  for  cooling  a  SQUID  probe.  Further,  the  heat  balance  of  the  recon¬ 
densing  cryostat,  is  in  good  agreement  with  the  expected  one. 

The  interference  to  the  SQUID  magnetometer  is  caused  mainly  by  the  magnetic 
noise  from  the  valve  motor  and  the  mechanical  vibration  of  the  G-M  cryocoolet.  The 
amplitude  of  vibration  has  been  reduced  by  employing  vibration-proof  mechanisms,  but 
the  noise  of  the  SQUID  magnetometer  was  also  reduced.  Therefore  a  new  vibration- 
proof  mechanism  with  higher  performance  will  be  effective  to  minimize,  the  inter¬ 
ference  to  the  SQUID  magnetometer. 

For  long-term  operation,  two  compressor  units  are  prepared  to  keep  the  purity 
of  the  J-T  gas  high,  one  for  the  G-M  cryocooler  and  the  ether  for  the  J-T  circuit. 
Further,  the  J-T  gas  is  cleaned  up  by  using  an  outer  charcoal  pot  in  liquid  nitrogen 
before  the  G-M  cryocooler  is  started. 

The  next  steps  of  this  study  will  be  as  follows: 

Further  discussion  about  the  influence  of  the  magnetic  noise  caused  by  the 
valve  motor  or  the  compressors  upen  the  SQUID  measurement. 

Actual  long-term  operation  of  this  system. 


5.  References 


[1] 


I,  Nakano,  T.  Emura,  T.  Hotta,  Y.  Tomoda,  and  H.  Nagano,  Ocean  Bottom  SQUID 
Magnetometer,  Proc.  ICEC-10,  Helsinki,  31  July-3  August  (1984)  830-833. 


[2]  D.  B.  Sullivan,  J.  E.  Zimmerman,  and  J.  T.  Ives,  Refrigeration  for  Cryogenic 

Sensors  and  electronic  systems,  NBS  SP-607,  Sup.  of  Doc.,  US  Govt  Print.  Off., 
Washington,  DC  20234,  USA  (1981)  186-194. 


[3j  N.  Lambert,  S.  Barbanera,  and  J.  E.  Zimmerman,  Versatile  Experimental  Lew  Power 
4  K  Cryocooler,  Cryogenics,  26,  [6],  341-345  (June  1986). 


[4]  G.  Walker,  Miniature  Stirling  Cryocoolers: 
26,  [7],  387-391  (July  1986). 


Trends  in  Development,  Cryogenics, 


AN  EXPERIMENTAL  STUDY  ON  A  LOW-POWER  PLASTIC  CRYOCOOLER 

FOR  HIGH-TC  SQUID 


Z.X.  Huang,  G.B.  Chen,  J.Y,  Zhen,  F.G.  Zhang, 
S.M.  Li,  G.R.  Jiang,  B.L.  Wang 

Cryogenics  Laboratory,  Zhejiang  University 
Hangzhou,  CHINA 


This  paper  introduces  a  four-stage  plastic  cryocooler  which 
is  used  for  cooling  a  high-T^  SQUID  and  describes  its  performance, 
testing,  and  analysis.  Refrigeration  temperatures  of  each  stage 
and  the  relationship  between  coolirg  capacity  3nd  filling  pressure 
are  measured.  The  influence  of  several  thermodynamic  parameters 
on  machine  performance  is  analyzed. 


Key  words:  Cryocooler:  cryogenics;  low  temperature;  refrigerator; 
Stirling  cycle;  superconducting  devices. 


1.  Introduction 

At  present,  the  interest  in  using  a  small  closed  cycle  plastic  cryocooler  to 
cool  a  SQUID  magnetometer  instead  of  using  a  cryogenic  non-magnetic  liquid  helium 
(LHe)  Dewar  flask  is  increasing (1) .  Experiments  have  shown  that  this  kind  of  low- 
power  Stirling  cryocooler  can  match  the  requirements  of  a  SQUID  gradiometer  (2). 

In  order  to  meet  the  demand  of  cooling  a  high-T,  SQUID,  we  built  a  plastic 
cryocooler  as  an  experimental  prototype  in  1985.  This  is  a  split  four-stage  Stirling 
cryocooler.  The  lowest  refrigeration  temperat  ire  reached  in  a  preliminary  test 
was  about  8K  (3) .  Since  then,  we  have  run  about  50  tests,  and  cumulative  running 
time  is  more  than  1600  hrs.  In  this  paper,  the  cooldown  process  and  refrigeration 
temperatures  at  each  stage  and  cooling  capacity  at  the  4th  cold  end  under  different 
refrigeration  temperature  of  the  cryocooler  are  reported.  Based  on  the  measurements, 
cooling  losses  at  the  4th  stage  of  the  displacer  are  estimated  and  main  factors 
that  limit  refrigeration  temperature  are  analysed. 


2.  Test  system  and  measurements 

Figure  1  shows  the  experimental  system  of  the  cryocooler  and  its  measurement 
system.  Figure  1(a)  is  the  test  system.  The  displacer  of  the  expander  is  made 
of  nylon  bar.  It  is  operated  inside  a  spun-glass  epoxy  cylinder.  The  regenerator 
consists  of  the  radial  clearance  between  the  displacer  and  the  cylinder.  Through 


107 


TRANSMISSION  MOTOR 


COMPRESSOR  OSCILLOSCOPE 


1c.  Q  MEASUREMENT  SYSTEM 


Figure  1. 


4-stage  plastic  cryococler  and  its  test  system. 
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a  phase  matching  mechanism,  a  phase  angle  of  90  degrees  between  the  expander  and 
the  compressor  chamber  is  maintained.  Running  frequency  is  60  rptn.  A  pressure 
gauge  (0-10x10’’  Pa)  indicating  filling  pressure,  maximum  running  pressure  and  minimum 
running  pressure  of  the  system  is  installed  in  the  He  transfer  line  which  connects 
the  split  compressor  with  the  expander.  There  is  a  pressure  transducer  at  the  exit 
of  the  compressor.  Helium  pressure  change  in  the  compressor  can  be  registered  with 
a  light  oscilloscope. 


Temperatures  at  each  stage  are  measured  by  thermocouples  set  in  corresponding 
cold  head.  Figure  1(b)  shows  the  measurement  system  of  refrigeration  temperature. 
Thermocouples  KP  versus  Au-0.03  at  %Fe(£0.2  mm)  are  used  for  measuring  temperatures 
of  1st  and  2nd  stages,  while  thermocouples  KP  versus  Au-0.07  at  %Fe  (<^0.1  mm)  are 
used  for  3rd  and  4th  stages.  In  order  to  obtain  good  thermal  contact  between  thermo¬ 
couple  and  measuring  point,  a  small  hole  is  drilled  at  each  cold  head  (aluminum 
ring)  where  measuring  connective  point  of  the  thermocouple  is  inserted,  then  some 
metal  powder  and  vacuum  grease  are  filled  in.  A  total  length  of  2m  of  the  thermo¬ 
couple  line  is  helically  wound  around  the  cylinder  surface  of  the  expander. 


Thermocouples  have  been  calibrated  through  the  medium  of  L^,  LH^  and  LHe  normal 
boiling  points  to  make  relative  calibration.  Adopting  standard  tablev4).  to  indicate 
temperatures,  the  maximum  comprehensive  error  of  the  thermocouples  is  ±0.5  K. 


Cooling  capacity  is  measured  with  compensation  method  of  electricity-heat  (see 
Fig.  1(c).  Since  refrigeration  power  of  the  cryocooler  is  very  low  (in  the  milliwatt 
range),  heat  loss  due  to  the  electrical  leads  must  be  minimized.  Although  the  resis¬ 
tivity  of  a  copper  wire  is  very  low  at  low  temperature,  copper  is  not  a  good  candi¬ 
date  due  to  its  high  conductivity.  Table  1  lists  conductivities  of  pure  copper, 
constantan  and  manganin  at  different  temperatures.  It  is  clear  from  Table  1  that 
the  conductivity  of  constantan  or  manganin  is  only  a  few  thousandths  or  less  of 
that  of  pure  copper.  Heat  loss  will  be  greatly  decreased  when  alloy  materials  are 
used  as  lead  wire.  In  order  to  overcome  the  effect  of  Joule  heating,  a  resistance 
value  of  heater  must  be  increased  to  such  an  extent  that  the  resistance  of  electrical 
leads  is  so  much  less  than  the  total  resistance  that  it  can  be  neglected.  For  exam¬ 
ple,  the  heating  resistance  is  12KQ,  while  the  leads  resistance  of  manganin  is  25011 
,  and  so  the  error  of  calculation  of  cooling  capacity  due  to  electrical  leads  will 
be  less  than  2%.  In  the  same  time,  the  heat  loss  due  to  Joule  heating  can  be  de¬ 
creased  if  small  heating  current  is  adopted  under  a  certain  heating  load. 


Table  1.  The  thermal  conductivity  of  several 
materials  at  different  temperatures  (W/m*K) 


Material 

T.  (K) 

10 

40 

80 

150 

300 

pure  copper 

1000 

1000 

400 

400 

400 

constantan 

3 

14 

18 

20 

23 

manganin 

L  _2 

7 

13 

16 

22 
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3.  Results  and  analysis 


3.1.  Cooldown  process 

Cooling  curves  of  the  cryocooler  are  shown  in  Figure  2.  Helium  pressure  of 
3.5x10^  Pa  is  filled  into  the  system.  The  cooling  time  is  about  24  hours.  It  can 
be  seen  from  Figure  2,  that  cooling  rate  of  4th  stage  is  apparently  getting  large 
from  a  temperature  of  80K  and  reaches  a  maximum  value  at  40-30K.  It  doesn't  slow 
down  until  a  temperature  of  12.K  is  reached. 


Figure  2.  Temperature  profile  of  the  cryocooler  during  cooldown. 

Main  factors  which  influence  refrigeration  during  cooldown  to  a  stable  state 
could  be  understood  based  on  analyses  of  the  refrigeration  process.  According  to 
the  1st  law  of  thermodynamics,  the  energy  balance  of  working  space  is 

dQ  =  dU  +  PdV  -  h-  dm-  +  h„11t.dai„,_  (1) 


For  an  isothermal  process,  dU=0,  the  gross  refrigeration  capacity  (8) 


Q  -  -  f  Vdp  =  f  pdV  -  ^hindmin  + 
=  Qref  ~  Qh 


(2) 


where  a  =  T/V  OV/3T)p  -  dimensionless  bulk  expansivity, 

Qref  -  refrigeration  capacity  of  an  ideal  gas; 

-  enthalpy  deficit; 

h.m  -  enthalpy  and  mass  flux  of  the  working  medium,  respectively.  Thermo¬ 
dynamic  calculation  shows  that  the  main  cold  losses  of  the  displacer  below  a  tempera¬ 
ture  of  80K  are  regenerative  loss,  axial  conductive  loss  and  shuttle  transfer  loss, 
while  radiant  heat  flux  through  multilayer  insulation  and  the  heat  conducted  down 
electrical  leads  of  alloy  wire  are  fairly  small. 


For  a  given  displacer,  the  shuttle  heat  transfer  of  a  plastic  displacer  running 
at  low  speed  can  be  shown  (5)  to  be 

Qshu  »  Cnhu\/V^  <W  (3) 

where  and  Tc  are  the  temperatures  of  the  hot  end  and  the  cold  end  of  the  stage, 

respectively; 

Kn  and  Cvn  are  the  conductivity  and  specific  heat  of  the  displacer.  The 
variation  of  nyl on ' C  with  temperatures  can  be  seen  in 
Figure  3 . 

Cshu  a  c°mPrehensive  constant. 

Axial  heat  conducted  down  the  nylon  displacer  and  glass  epoxy  cylinder  can  be 
approximately  given  by 


'con 


(T.-T  ) 

con  n  e  h  c 


(A) 


(5) 


where  Kn>  are  conductivity  of  nylon  and  glass  epoxy  respectively; 

Ccon  1S  a  comprehensive  constant. 

Regenerative  loss  of  gas  gap  regenerator  can  be  written  as  follows  (6),  When 
Cp  is  a  constant  (above  10K) . 

=  Cr.gWV'Vl.-V 

where  K,Cv  -  conductivity  and  constant  volume  specific  heat  of  regenerative 
material,  respectively; 

Crgg  -  a  comprehensive  constant. 

The  relationship  of  (K  C  )  2  of  glass  epoxy  material  with  temperature  is  shown 

in  Figure  3.  Nylon  material  has  a  similar  form. 
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Figure  3.  Thermophysical  properties  of  glass  reinforced 
epoxy  and  nylon  versus  temperatures. 


In  briefly,  the  total  cold  losses  of  the  cryocoolerr  neglecting  minor  losses, 
at  the  ideal  gas  temperature  range  of  80-20K  can  be  giver  approximately  by 


^tot  ^^shu  +  ^con  +  ^reg 

j  V  6  / 

=  +  +  «eCve>"  <VV 

It  shows  that  total  losses  of  the  cryocooler  in  this  temperature  range  are 
proportional  to  temperature  difference  (T^-T  )  and  are  also  functions  of  conductivity 
and  specific  heat  of  nylon  and  glass  epoxy,  which  fall  off  with  a  decrease  of  temper¬ 
ature.  The  value  of  (KgC  )”■$  is  getting  large  apparently  in  the  range  of  100-8CK 
(Figure  3) .  That  means  regenerative  loss  of  the  cryocooler  is  increasing  with  a 
decrease  of  temperature.  From  figure  2,  we  see  when  temperature  is  lower  than  about 
80K,  the  temperature  difference  between  4th  and  3rd  stages  becomes  narrow,  and  4th 
stage  temperature  catches  up  and  equals  to  3rd  stage's  at  4CK,  that  is  AT^^T^-T^O . 
From  equation  (6)  we  can  derive  that  a  total  of  losses  approximates  zero  at  this 
point,  so  that  cooling  rate  of  4th  stage  increases  steeply. 

As  temperature  further  decreases,  Qcon  and  Qs^u  become  smaller  since  specific 
heat  and  conductivity  of  nylon  and  glass  epoxy  are  decreasing  rapidly.  They  make 
a  contribution  to  refrigeration  and  compensate  the  influence  due  to  increasing  Qreg» 
Therefore,  tne  cooling  rate  of  4th  stage  continues  to  increase  and  approaches  a 
maximum  value  at  or  below  30K  (see  figure  4).  Then  the  increase  of  Q  offsets  a 
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Figure  4.  Cooling  rate  of  4th  stage  of  the  cryocooler. 


drop  of  Qcon  and  Qsgu<  It  rises  steeply,  becomes  the  main  loss,  and  limits  the 
temperar.ure  of  the  4th  cold  end. 

3.2  4th  stage  cooling  capacity  of  the  cryocooler 

Table  2  lists  measured  equilibrium  temperatures  in  different  stages  of  the 
machine  after  adding  various  electrical  power  to  4th  cold  end.  These  data  are  ob¬ 
tained  with  a  filling  pressure  of  4.5xlCr  Pa.  It  can  be  seen  from  Table  2  that 
under  certain  conditions,  the  refrigeration  temperatures  of  stages  1-3  can  be  main¬ 
tained  at  constant  values,  while  cooling  capacity  is  exported,  and  the  cryocooler 
is  still  operated  normally. 


Table  2,  Heating  power  and  corresponding  equilibrium 
temperature  of  stages 


Heating 

current 

(mA) 

Voltage  drop 
at  heater 
(V) 

Heating 

power 

(mW) 

0 

0 

0 

0.2 

2.32 

0.46 

0.5 

5.81 

2.90 

0.7 

8.14 

5.70 

0  8 

9.31 

7.45 

1.0 

11.66 

11.66 

1.1 

12.80 

14.08 

Each 

stage  equi 

librium  T, 

(K) 

Tcl 

Tc2 

Tc3 

Tc4 

171.7 

80.4 

32.2 

11.2 

171.7 

80.4 

32.2 

11.2 

171  .7 

80.4 

32.4 

12.2 

171.7 

80.4 

32.6 

’3.0 

171.8 

80.4 

32.9 

13.5 

171.8 

80.4 

33.0 

15.2 

i  o .  6 


According  to  the  data  of  Table  2,  the  relationship  of  the  4th  stage  cooling 
capacity  with  temperatures  is  given  in  Figure  5.  Measured  output  of  cooling  capacity 
of  the  machine  is  about  12  mW  with  a  4th  stage  refrigeration  temperature  of  15K„ 

3.3.  The  relationship  of  lowest  refrigeration  temperature  with  filling  gas 
pressure  -  a  valley  pressure 

Changing  filling  pressure,  we  measured  refrigeration  temperatures  of  each  stage 
and  the  required  time  of  equilibrium  temperature  of  the  4th  stage  with  no  cooling 
capacity  output.  We  can  see  from  Table  3  that  equilibrium  time  of  the  4th  stage 
decreases  with  a  rise  of  pressure,  while  the  refrigeration  temperature  does  not 
simply  fall  with  an  increase  of  pressure.  A  curve  (see  Figure  6)  is  drawn  according 
to  4th  stage  temperature  and  corresponding  filling  pressure  listed  in  Table  3. 


Figure  5.  Relationship  of  cooling  capacity  with  refrigeration 
temperature  of  the  4th  stage. 


Temperature  decreases  with  a  rise  of  filling  pressure  at  the  beginning  and  approaches 
a  low  point  at  a  certain  pressure;  after  that,  refrigeration  temperature  increases 
with  a  rise  of  pressure,  i.e.,  a  valley  pressure  exists.  It  means  that  the  lowest 
temperature  may  be  obtained  at  the  valley  pressure.  This  temperature  will  tend 
to  rise  at  either  higher  or  lower  pressure.  The  regular  change  couldn't  be  derived 
from  theoretical  equations  since  refrigeration  temperature  is  a  function  of  many 
thermodynamic  parameters,  such  as  specific  heat  of  helium  which  is  not  only  a  func¬ 
tion  of  pressure,  but  also  is  one  of  temperature.  However,  we  can  conclude  quali¬ 
tative  relations  from  thermodynamics  equilibrium  of  the  cryocooler,  and  observe 
further  influence  of  factors  on  the  lowest  temperature. 


Table  3.  Refrigeration  temperature  with  filling  pressure 


Filling 
pressure 
(105  Pa) 

Stage  refrigeration  temperature  (K) 

Equilibrium  time 
of  4th  stage 
(hr) 

1 

2 

0 

w* 

* 

3.0 

177 

93 

50 

11.7 

33 

3.5 

170 

89 

43 

9.0 

31 

3.9 

180 

90 

39 

9.2 

26 

4.3 

178 

96 

45 

10.4 

25 

4.5 

168 

76 

28 

11.4 

24 

PRESSURE,  P  (105  Pa) 


Figure  6.  Filling  pressure  versus  refrigeration 
temperature  of  4th  stage. 


It  was  pointed  out  from  previous  calculation  that  when  cooling  temperature 
is  below  15K,  refrigeration  power  of  the  cryocooler  is  largely  offset  by  regenerative 
loss.  Refrigeration  power  of  the  cryocooler  varies  with  average  pressure,  that 

6  s  in  0  6 


Iref 


n7fPavV,? 


1+' 


VT 


CrefPav 


l  Wl -s2 


where 


av 


rex 


average  working  pressure  of  the  machine,  ill  * 

(P  ~P  •  )/(P  „  +P  •  ),  dimensionless  pressure  parameter; 
v  max  min  max  min'*  1  r 

a  comprehensive  coefficient. 


(7) 


Neglecting  Q  (  and  Q  at  close  10K,  we  have 


Qn 


1  r  eg 


1  15 


(8) 


Using  equation  (5),  (7)  and  (8),  we  obtain 


/  o  \  /Pav\^KeCve  (9) 

Tc-Th-B(-)(— 

where  =  hot  end  temperature  of  the  stage; 

B  =  a  comprehensive  coefficient. 

The  (a/Cp)  term  in  equation  (9)  maintains  an  approximately  constant  value. 

When  temperature  is  higher  than  12K,  C  also  maintains  an  approximately  constant 
value.  In  this  case,  the  influence  of  working  pressure  on  refrigeration  temperature 
of  the  machine  is  obvious.  The  temperature  falls  with  a  rise  of  pressure.  When 
refrigeration  temperature  is  lower  than  12K,  specific  heat  Cp  of  helium  varies  grad¬ 
ually  with  pressure  (Figure  7),  but  the  influence  of  pressure  is  still  important. 

As  a  result,  the  refrigeration  temperature  falls  off  smoothly  with  an  increase  of 
pressure  till  a  lowest  temperature  Tm£n  is  reached.  The  pressure  corresponding 
to  Tm^n  is  the  valley  pressure  (Figure  7).  Till  then,  the  value  of  specific  heat 
Cp  becomes  apparently  larger,  i.e.,  the  term  (Pav/C  )  becomes  smaller  if  the  pressure 
rises  further.  In  that  case,  regenerative  loss  dominates  all  cold  losses  and  refrig¬ 
eration  temperature  must  trend  toward  higher  than  Tm£n. 


Figure  7.  Variation  of  helium  specific  heat  with  temperature. 

In  short,  net  refrigeration  power  increases  with  a  rise  of  pressure,  if  varying 
rate  of  the  combined  loss  with  pressure  is  less  than  that  of  theoretical  cooling 
power  with  pressure,  i.e.,  limiting  refrigeration  temperature  will  decrease  with 
a  rise  of  pressure.  On  the  contrary,  cooling  power  falls  with  an  increase  of  pres¬ 
sure  and  limiting  refrigeration  temperature  will  rise.  A  valley  pressure  must  exist. 
It  may  be  suitable  for  a  small  cryocooler  to  operate  in  the  vicinity  of  the  valley 
pressure. 
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However,  it  seems  difficult  to  choose  an  optimum  pressure  since  there  are  a 
number  of  factors  which  influence  refrigeration,  in  additional  to  difference  of 
each  test  conditions  such  as  extra  friction,  orientation  effect  of  the  displacer 
and  inhomogeneous  gas  gap  will  seriously  interfere  with  machine's  normal  operation. 


4.  Conclusions 


4.1.  In  order  to  meet  the  demand  for  cooling  a  high-Tc  SQUID,  a  split  Stirling 
cycle  plastic  cryocooler  has  been  built.  The  expandor  of  the  machine  is  made  of 
nylon  rod  and  spun-glass  epoxy,  a  gas  gap  is  used  as  a  regenerator.  The  lowest 
temperature  of  the  4th  stage  approaches  about  9K.  The  4th  stage  cooling  power  of 
12mW  is  obtained  at  15K  with  a  filling  pressure  of  4.5x10^  Pa.  It  could  satisfy 
the  requirement  for  cooling  a  Nb^Sn  squid. 


4.2.  Preliminary  analysis  on  cooling  process,  refrigeration  capacity,  and 
filling  pressure  of  the  machine  shows  that  the  dominant  factors  which  have  a  great 
influence  upon  machine's  performance  in  the  vicinity  of  10K  are  the  regenerative 
loss  due  to  regenerator  inefficiency  and  the  enthalpy  deficit  due  to  helium  non-ideal 
property.  Therefore  further  improvement  of  the  regenerator  efficiency  and  optimum 
choice  of  the  operating  pressure  may  be  the  critical  aspects  for  a  cryocooler  optimi¬ 
zation. 


4.3.  The  influence  of  helium  non-ideality  on  Stirling  cryocooler  remains  to 
be  explored. 
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REFRIGERATION  EFFICIENCY  OF  PULSE-TUBE  REFRIGERATORS* 


Ray  Radebaugh  and  Steffen  Herrmann 
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The  pulse-tube  refrigerator  has  the  potential  for  high 
reliability  because  it  has  only  one  moving  part  and  works  well 
with  pressure  ratios  of  approximately  2.  Recent  work  at  NBS 
showed  that  an  orifice  type  of  pulse  tube  was  capable  of 
achieving  60  K  in  one  stage. 

This  work  describes  measurements  of  the  refrigeration 
capacity  per  unit  mass  flow  as  well  as  the  thermodynamic  effic¬ 
iency  of  the  cooling  process  which  occurs  within  these  pulse 
tubes.  The  effect  of  tube  diameter,  tube  length,  orifice 
setting  and  frequency  were  investigated.  Efficiencies  as  high 
as  90%  of  Carnot  efficiency  were  measured  in  some  cases  when 
compressor  and  regenerator  losses  were  neglected.  Gross 
ref rigeration  power  at  the  optimum  orifice  setting  was  as  high 
as  10  W  at  80  K  for  a  tube  12.7  mm  O.D.  by  2^40  mm  long.  It  is 
shown  that  the  performance  of  orifice  pulse  tubes  is  dependent 
on  the  tube  volume  and  not  on  diameter  and  length,  and  heat 
transfer  to  the  tube  walls  is  detrimental  to  the  performance. 
The  regenerator  losses  can  be  relatively  large  since  high 
mass-flow  rates  occur  in  these  devices.  With  properly 
designed  regenerators  these  ref rigerators  have  great  potential 
for  the  temperature  range  above  about  15  K. 

Key  words:  Cryocoolers;  cryogenics;  efficiency;  pulse-tube 
ref rigerator;  ref rigeration  power;  refrigerators;  regener¬ 
ators  . 


1.  Introduction 

Th  lack  of  reliability  in  small  cryocoolers  is  a  problem  that  has  been 
studied  for  many  years.  One  approach  to  increased  reliability  is  the  elimination 
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of  some  of  the  moving  parts  in  a  mechanical  refrigerator .  Stirling  refrigerators 
have  only  two  moving  parts — the  compressor  piston  and  the  displacer.  In  1963 
Gifford  and  Longsworth  [1]  discovered  a  new  refrigeration  technique  which 
eliminates  the  displacer  from  the  Stirling  ref rigerator .  They  called  it 
pulse-tube  refrigeration,  but  we  refer  to  it  here  as  the  "basic"  pulse  tube. 

Under  Gifford's  direction  [2-5],  basic  pulse-tube  ref rigeration  was  advanced  to 
the  point  where  a  temperature  of  124  K  was  achieved  with  one  stage,  and  of  79  K 
with  two  stages  [4],  A  single-stage  unit  with  the  warm  end  at  65  K  achieved  30  K 
[4]. 


The  principle  of  operation,  as  given  by  Gifford  and  coworkers  [1-5]  and  by 
Lechner  and  Ackermann  [6],  is  qualitatively  simple.  The  basic  pulse  tube,  shown 
in  Figure  1,  is  closed  at  the  top  end,  where  a  good  heat-transfer  surface  must 
exist  between  the  working  gas  (helium  is  best  because  of  its  high  ratio  of 
specific  heats)  and  the  surroundings,  in  order  to  dissipate  heat.  The  open, 
bottom  end  also  has  a  good  heat-transf er  surface  to  absorb  heat  from  its 
surroundings.  The  open' end  is  connected  to  a  pressure-wave  generator  (in  our  case 
a  compressor)  via  a  regenerator.  During  the  compression  part  of  the  cycle  any 
element  of  gas  in  the  pulse  tube  moves  toward  the  closed  end  and  at  the  same  time 
experiences  a  temperature  rise  due  to  adiabatic  compression.  At  that  time  the 
pressure  is  at  its  highest  value.  During  the  maximum  in  the  pressure  wave,  the 
gas  has  sufficient  time  to  be  cooled  somewhat  by  heat  transfer  to  the  tube  walls. 
In  the  expansion  part  of  the  cycle  the  same  element  of  gas  moves  toward  the  open 
end  of  the  pulse  tube  and  experiences  cooling  due  to  adiabatic  expansion.  During 
the  relaxation  period  of  minimum  pressure,  the  gas  is  warmed  by  heat  transfer  from 
the  tube  walls.  The  net  result  of  cycling  the  pressure  in  this  manner  is  a 
"shuttle"  heat-transfer  process  in  which  each  element  of  gas  transfers  heat  toward 
the  closed  end  of  the  pulse  tube.  The  heat  pumping  mechanism  described  here 
requires  that  the  thermal  contact  between  the  gas  and  tube  be  imperfect,  so  that 
the  compression  and  expansion  processes  are  somewhere  between  isothermal  and 
adiabatic.  The  best  intermediate  heat  transfer  generally  occurs  when  the  product 
of  pulse  frequency  and  thermal  relaxation  time  between  the  gas  and  the  tube  walls 
is  approximately  unity. 

In  1984  Mikulin,  et  al.  [7]  installed  an  orifice  at  the  top  of  the  pulse  tube 
to  allow  some  gas  to  pass  into  a  large  reservoir  volume.  This  type  of 
configuration  is. called  the  "orifice"  pulse  tube.  Although  the  original  work  of 
Mikulin  et  al.  [7]  placed  the  orifice  just  below  the  isothermal  section,  our 
version  of  this  modification  placed  the  orifice  above  this  section  (Fig.  2).  They 
applied  the  pressure  wave  by  the  use  of  valves  and  used  air  as  the  working  gas 
even  though  the  Joul e-Thompson  effect  is  not  used  as  a  cooling  mechanism  in  the 
orifice.  They  were  able  to  obtain  a  low  temperature  of  105  K  using  a  pulse  tube 
10  mm  in  diameter  by  450  mm  long  with  maximum  and  minimum  pressures  of  0.4  MPa  and 
0.2  MPa  at  a  frequency  of  15  Hz.  The  net  ref rigeration  capacity  at  approximately 
120  K  was  10  W.  It  is  not  clear  from  their  report  what  fraction  of  gas  passed 
through  the  orifice. 

A  low  temperature  of  60  K  was  achieved  in  our  laboratory  using  helium  gas 
with  our  version  of  the  orifice  pulse  tube  [8],  The  tube  was  12.7  mm  in  diameter 
by  237  mm  long  and  operated  at  a  frequency  of  9  Hz  with  a  valveless  compressor. 
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Figure  1.  Schematic  of  basic  pulse-  Figure  2.  Schematic  of  orifice 

tube  ref rigerator .  pulse-tube  refriger¬ 

ator  . 

Measurements  of  the  efficiency  of  these  pulse-tube  ref rigerators  were  never 
made.  Also,  no  measurements  exist  of  the  refrigeration  capacity  per  unit  mass 
flow.  Such  a  quantity  is  needed  to  design  the  compressor  and  regenerator  for  a 
particular  pulse-tube  ref rigerator .  The  purpose  of  this  work  is  to  provide 
measured  values  of  the  efficiency  and  refrigeration  per  unit  mass  flow  for  both 
the  basic  and  orifice  pulse  tubes.  A  much  more  comprehensive  description  of  these 
measurements  is  given  elsewhere  [9].  The  present  work,  however,  does  include 
results  on  one  additional  pulse  tube,  from  which  we  arc  able  to  draw  an  important 
conclusion  regarding  tube  size. 


2.  Theory 

The  refrigeration  power  of  most  refrigerators  is  usually  expressed  in  terms 
of  enthalpies  of  the  inlet  and  outlet  flow  streams  by  using  the  first  law  of 
thermodynamics  for  continuous  flow  in  an  open  system 


Q  =  W  +  m  ( h  -  h .  ) , 
e  i 


) 


where  Q  is  the  refrigeration  power,  W  is  the  rate  of  work  produced  by  the  system, 
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m  is  the  mass  flow  rate  and  h  is  the  specific  enthalpy  at  either  the  inlet  or  exit. 
However,  all  regenerative  ref rigerators ,  including  the  pulse-tube  ref rigerator , 
are  not  continuous-flow  systems.  In  those  cases  we  use  time-averaged  values  to 
arrive  at 


<Q>  -  <W>  +  A  <  H  >  , 


(2) 


where  the  t ime-averaged  enthalpy  flow  for  an  ideal  gas  is 


<H> 


(C  /x) 
P 


o  mTdt. 


(3) 


In  eq.  (3)  Cp  is  the  specific  heat  at  constant  pressure,  x  is  the  period  of 
oscillation,  T  is  temperature,  and  t  is  time.  Consider  the  case  where  the  system 
boundaries  are  drawn  through  the  regenerator  on  the  cold  end  and  the  heat 
exchanger  on  the  not  end.  There  is  no  work  term  between  these  boundaries  since 
there  is  no  moving  boundary.  Therefore,  eq.  (2)  shows  that  the  refrigeration 
power  is  given  by  Q  =  A<H> ,  i.e.,  heat  flow  occurs  at  points  where  there  is  a 
discontinuity  in  the  average  enthalpy  flow.  To  calculate  enthalpy  flow  from  eq. 
(3)  we  use  the  ideal  gas  law  to  relate  temperature  to  pressure  by 


T  =  P/Rp, 


(*0 


where  R  is  the  gas  constant  in  mass  units  and  p  is  the  density.  The  enthalpy  flow 
then  becomes 


<H> 


(C  A  /Rt)  6  uPdt , 
P  g  Y 


(5) 


where  Ag  is  the  gas  cross-sectional  area  perpendicular  to  the  flow  direction  and  u 
is  the  flow  velocity. 

For  sinusoidal  velocity  of  amplitude  uj  and  sinusoidal  pressure  variation  of 
amplitude  Pi,  the  entnalpy  flow  m  eq.  (5)  is  [8] 


<H>  =  (C  A  /2R)  u,P,  cos  0,  (6) 

p  g  11 

where  0  is  the  phase  angle  by  which  the  dynamic  pressure  trails  the  flow  velocity. 
Thus,  <H>  is  a  maximum  when  u  and  P  are  in  phase  (9=0)  and  is  zero  when  0=tt/2. 

First  we  consider  the  basic  pulse  tube  where  phase  shifts  can  occur  only  via 
heat  transfer  between  the  gas  and  tube  walls.  In  that  case  three  ranges  of  heat 
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transfer  may  occur.  Let  up  be  the  thermal  relaxation  time  between  the  gas  and 
tube  walls  and  m  is  the  angular  frequency.  For  adiabatic  conditions  (u>Tt»1 ) 
O-tt/2,  and  from  eq.  (6)  <H>=0.  For  isothermal  conditions  (wrp«l)  no  temperature 
oscillation  can  occur  and  eq.  (3)  shows  <H>=0  when  the  amplitude  of  the 
temperature  oscillation  is  zero.  For  intermediate  conditions  (wTp=1),  0  is  some 
value  less  than  tt/2  and  by  eq.  (6)  <H>  is  nonzero. 

For  the  case  of  the  orifice  pulse  tube,  the  phase  angle  0  will  be  less  than 
tt/2  even  with  no  heat  transf er  and  according  to  eq.  (6)  the  enthalpy  flow  is  non¬ 
zero.  In  this  type  of  pulse  tube  the  enthalpy  flow  is  zero  only  for  isothermal 
conditions.  In  a  Stirling  refrigerator  the  phase  shift  of  0  from  tt/2  is  brought 
about  by  the  use  of  a  piston  or  displacer. 

Because  of  isothermal  conditions  the  enthalpy  flow  is  always  zero  in  the 
regenerator  (perfect  regenerator)  and  in  the  heat  exchangers.  Within  the  pulse 
tube  itself  the  enthalpy  flow  is  finite  because  of  intermediate  heat  transfer 
(onp  =  1)  or  because  of  the  flow  through  the  orifice. 

At  the  boundary  between  the  regenerato'”  (or  lower  heat  exchanger)  and  the 
pulse  tube  the  enthalpy  flow  changes  abruptly  from  zero  to  a  finite  value. 
According  to  eq.  (2)  there  must  be  a  heat  flow  into  the  system  at  that  point. 
Between  the  cold  and  hot  ends  of  the  pulse  tube  no  heat  is  exchanged  with  the 
surrounding.  Thus,  <H>  must  remain  constant  within  the  entire  pulse  tube  at 
equilibrium  conditions.  At  the  boundary  with  the  hot  heat  exchanger  the  enthalpy 
flow  suddenly  drops  to  zero  and  heat  flow  out  of  the  system  must  occur  according 
to  eq.  (2).  Because  the  magnitude  of  the  change  in  enthalpy  flow  is  the  same  at 
the  two  ends  of  the  pulse  tube,  Qc  =  in  figure  1  and  2.  Thus,  a  measurement  of 
Qp  gives  tne  gross  refrigeration  power  of  the  pulse  tube.  The  required  work  input 
to  drive  the  entire  system  occurs  at  the  compressor,  and  an  energy  balance  on  the 
system  requires  a  heat  dissipation  Q0  above  the  regenerator. 

A  question  to  be  answered  by  this  work  was  whether  intermediate  heat  transfer 
within  the  pulse  tube  would  improve  the  performance  of  the  orifice  pulse  tube  by 
bringing  about  an  additions]  phase  shift  between  u  and  P.  As  will  be  shown  later 
it  actually  degrades  the  perf cunance .  Thus,  orifice  pulse  tubes  can  work  at  much 
higher  frequencies  than  the  basic  pulse  tube  for  the  same  size  of  tube. 

3.  Experimental  Techniques 
3.1.  Test  Apparatus 

The  pulse-tuoe  test  apparatus  provides  a  means  for  measuring  the  relevant 
parameters  for  determining  the  efficiency,  ref ri geration  power ,  and  mass  flow.  A 
schematic  of  the  apparatus  is  shown  in  figure  3.  The  isothermali zers  provide  good 
heat  transfer  to  the  working  gas  by  using  two  annular  gaps  178  urn  thick  by  100  mm 
long.  The  gas  volume  in  each  isothermal i zer  is  only  2.8  cm3  and  the  number  of 
heat  transfer  units  is  at  least  9  f  o r  all  studies  discussed  here.  Laminar  flow 
occurs  in  the  isothermal i zers  for  flow  less  than  about  °.5  g/s.  The  largest 
average  mass  flow  rates  encountered  here  were  about  2.9  g/s.  A  variable 
reluctance  pressure  transducer  mounted  on  isothermali  zer  #2  measured  the  AP  across 
the  i sothermalizer  which  gave  the  mass-flow  rate  after  the  flow  coefficient  was 
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determined  in  a  separate  experiment.  Accuracy  of  the  mass-flow  measurements  are 
about  ±15%.  which  made  it  difficult  to  determine  the  mass  flow  in  the  presence  of 
large  pressure  oscillations.  A  commercial  diode  thermometer  accurate  to  ±1  K  and 
a  resistance-wire  heater  were  attached  to  isothermalizer  #2  to  measure  the  refrig¬ 
eration  power  at  various  temperatures.  The  temperature  at  the  bottom  end  of  the 
pulse  tube  is  the  same  as  that  of  isothermalizer  // 2. 

Isothermalizer  it  1  was  added  to  allow  boil-off  gas  from  the  liquid-N2 
container  to  absorb  the  regenerator  loss  so  that  the  heat  input  to  isothermalizer 
it 2  would  be  the  gross  or  intrinsic  refrigeration  power.  However,  for  reasons  we 
do  not  understand,  the  AT  between  the  it  1  and  ii2  isothermal  izers  could  not  be  made 
zero  even  with  the  maximum  LN2  boil-eff  rate.  With  no  cooling  to  isothermali zer 
// 2  the  AT  for  pulse-tube  I  at  6  Hz  and  150  K  was  7.6  K,  and  with  the  maximum 


Figure  3.  Schematic  of  tesH  apparatus  to  measure  intrinsic  behavior  of 
various  pulse- tube  refrigerators . 
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cooling  of  12  W  the  AT  was  reduced  to  6.9  K.  At  that  condition  the  heat  input  to 
isothermalizer  If 2  was  much  greater  than  the  heat  output  at  the  hot  end  of  the 
pulse  tube.  Thus,  all  measurements  reported  here  did  not  use  the  N2  boil-off  gas 
for  cooling  and  the  gross  or  intrinsic  ref rigeration  power  was  determined  from  the 
heat  rejected  at  the  hot  end  since  those  two  heat  flows  must  be  equal  according  to 
the  first  law  of  thermodynamics.  The  heat  rejected  is  determined  within  +5%  by 
measuring  the  flow  rate  of  water  passing  through  the  heat  exchanger  at  the  top  end 
of  the  pulse  tube  and  measuring  the  temperature  rise  of  the  water  with  a 
thermocouple  attached  to  the  inlet  and  outlet  water  streams  as  indicated  in  figure 
3.  The  absolute  pressure  in  the  pulse  tube  is  measured  within  ±10  kPa  accuracy 
with  a  transducer  mounted  on  the  hot  end. 

The  orifice  consists  of  a  15-turn  needle  valve  outside  the  cryostat,  and  the 
reservoir  volume  is  1.0  L.  Mass  flow  in  and  out  of  the  reservoir  volume  was 
determined  from  measurements  of  the  pressure  oscillation  within  the  reservoir 
volume,  which  was  of  the  order  of  1?  of  the  absolute  pressure.  The  regenerator 
was  a  stainless  steel  tube  19  mm  diameter  by  127  mm  long  filled  with  1050  discs  of 
150  mesh  phosphor-bronze  screen.  The  gas  volume  is  about  16.2  cm3.  Conduction 
loss  along  the  regenerator  was  measured  in  a  separate  experiment  and  found  to  be 
represented  to  within  +20$  by 


Q  (conduction)  =  2.5  (W)  -  0.0036(W/K)T  (7) 

At  100  K  the  conduction  is  then  1.6  W.  Theoretical  calculations  based  on  curves 
of  effectiveness  vs.  heat  transfer  units  in  Kays  and  London  [10]  give  a 
regenerator  loss  (at  6  Hz  and  a  mass  flow  rate  of  2  g/s)  which  can  be  represented 
by 


Q  =  1 5 (W)  -  0 . 05 (W/K)T .  (8) 

reg 

At  100  K  the  regenerator  loss  is  then  10. W  and  is  the  dominant  loss. 

The  pressure  oscillation  was  generated  by  a  commercial  compressor  which  has 
glass-filled  Teflon  piston  rings  in  order  to  operate  with  no  oil  lubrication  in 
the  cylinder.  The  top  head  of  the  compressor,  which  contained  the  inlet  and 
outlet  reed  valves  was  removed  and  replaced  with  a  simple  steel  plate  with  a 
single  tube  attached.  This  commercial  compressor  has  a  volume  displacement  of 
about  300  cm3  in  each  of  two  cylinders,  although  only  one  cylinder  was  used  in 
these  experiments.  A  considerable  amount  of  void  space  exists  between  the 
compressor  and  the  pulse  tube,  otherwise  a  smaller  compressor  could  be  used.  The 
compressor  is  driven  with  a  three  phase  motor  whose  speed  is  controlled  by  a 
variable  frequency  drive.  Compressor  speeds  from  1  Hz  to  12  Hz  are  obtainable 
with  this  system.  All  the  measurements  reported  here  were  done  with  an  absolute 
pressure  of  1.0  MPa  (10  atm)  and  a  pressure  ratio  of  about  2.6. 


12  5 


3.2.  Measurement  Methods 


Because  the  compressor  in  our  system  was  not  sized  optimally  for  our  test 
apparatus  and  because  its  efficiency  is  not  particularly  high,  it  is  of  little 
value  to  give  overall  system  efficiencies  for  the  pulse  tubes  measured  here.  A 
more  accurate  comparison  between  efficiencies  of  the  pulse- tube  refrigerator  and 
other  refrigerators  is  best  done  by  using  the  intrinsic  efficiency  of  just  the 
cooling  process  and  neglecting  the  compressor  and  heat  exchanger  losses.  This 
intrinsic  or  thermodynamic  efficiency  is  determined  by  using  the  measured  mass 
flow  rate  and  pressure  to  calculate  the  volume  variation  of  an  ideal  isothermal 
compressor  with  no  dead  volume  between  it  and  isothermali zer  #2.  Using  the  ideal 
gas  equation  of  state  gives  the  compressor-volume  variation  as 


V  (t)  =  m  (t)  RT  /P(t),  (9) 

O  0  0 

where  the  compressor  temperature,  T0,  is  300  K,  P(t)  is  the  instantaneous  pressure 
within  the  system,  and  m0(t)  is  the  instantaneous  mass  of  helium  gas  within  the 
ideal  compressor  given  by 


■o(t> 


ft 

m  (t* )dt' . 
o 
o 


(10) 


In  eq.  (10)  mo(0)  is  assumed  to  be  zero  and  for  small  time  t'  it  is  assumed  to  be 
positive  (toward  compressor).  The  thermodynamic  work  input  for  the  closed  cycle 
is  then 


W  = 


(ID 


For  a  frequency  f  the  average  work  rate  is 


<W>  =  Wf, 


(12) 


and  the  average  mass  flow  rate  at  the  bottom  of  the  pulse  tube  is 


<m  .>  =  <m  >  =  2f Am  ,  (13) 

pt  c  c 

where  Amc  is  the  maximum  change  in  mass  over  one  half-cycle  measured  at 
isothermalizer  #2.  The  thermodynamic  efficiency  relative  to  the  Carnot  efficiency 
is 
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r,  =  Q(T  -T  )/Wr  , 
o  c  c 


(I'D 


where  Q  is  the  gross  ref rigeration  power  and  Tc  is  the  temperature  of  the  cold  end 
of  the  pulse  tube.  The  reported  efficiency  values  have  an  inaccuracy  of  about 
±15?,  which  is  dominated  by  the  inaccuracy  of  the  mass  flow  rate  measurement. 

3-3.  Pulse  Tubes 

Experiments  'ore  conducted  on  the  pulse  tubes  listed  in  table  1.  All  tubes 
were  made  of  type -304  stainless  steel.  The  top  end  is  soldered  into  a  copper  end 
piece  which  contains  several  discs  of  80-mesh  copper  screen  to  enhance  the  heat 

Table  1 .  Dimensions  of  pulse  tubes 


Pulse  tube 

it  Length 

(mm ) 

outside  dia. 

(mm) 

wall  thickness 
(mm ) 

gas  volume 
(cm3 ) 

I 

240 

12.7 

0.51 

25.7 

II 

240 

6.4 

O 

O 

6.3 

III 

120 

12.7 

0.51 

12.9 

IV 

120 

19.1 

0.71 

29.5 

transfer  from  the  gas  to  the  copper  walls.  The  diameter  of  these  screens  is 
slightly  larger  than  the  pulse  tube's  inside  diameter.  Enough  screens  are  added 
(about  50?  packing  fraction)  to  give  a  gas  volume  in  this  isothermal  section  of 
10?  of  tne  pulse  tube  volume.  The  copper  end  piece  is  slid  into  a  hole  of  another 
copper  piece  which  has  the  copper  coils  for  the  cooling  water.  Vacuum  grease  is 
used  to  make  thermal  contact  between  the  two  copper  pieces.  A  stairless  steel 
tube  of  2  mm  i.d.  leading  to  the  needle  valve  at  the  top  of  the  cryostat  is 
soldered  to  a  short  tube  projecting  f,rom  the  copper  piece  on  the  end  of  the  pulse 
tube.. 

The  bottom  end  of  the  pulse  tube  is  soldered  to  another  copper  fitting  which 
allows  the  tube  to  be  connected  to  the  6.4  mm  o.d,  copper  tube  leading  to 
isothermal i zer  it 2.  The  copper  fitting  also  has  about  ten  copper  screen  discs 
inside  to  act  as  flow  strai ghteners  and  prevent  turbulent  flow  in  the  pulse  tube. 

4.  Results 

Measurements  were  made  at  frequencies  of  3  Hz,  6  Hz,  9.5  Hz,  and  11.6  Hz  for 
pulse  tubes  I  and  II;  6  Hz  and  9.5  Hz  for  pulse  tube  III;  and  6  Hz  for1  pulse  tube 
IV.  Measurements  of  refrigeration  power,  efficiency,  refrigeration  per  unit  mass 
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flow,  and  percent  of  mass  flow  through  the  orifice  were  made  on  ell  tubes  for 
several  orifice  settings  (including  zero)  at  temperatures  from  about  2 70  K  down  to 
the  minimum.  Results  of  all  these  measurements  on  the  first  three  pulse  tubes  are 
given  in  detail  in  Reference  9.  The  most  significant  and  representative  results 
are  discussed  here. 

The  refrigeration  power,  the  refrigeration  per  unit  mass  flow,  the 
efficiency,  and  the  fraction  of  gas  passing  through  the  orifice  for  pulse  tube  I 
at  6  Hz  are  shown  in  figures  4,  5,  6,  and  7,  respectively.  In  figure  6, 
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igure  4.  G'-'Oss  refrigeration  power  vs, 
temperatu-e  for  pulse  tube  I 
at  6Hz  for  various  orifice 
sett i ngo . 


Figure  5.  Gross  refri geration  per 
unit  mass  flow  at  cold 
end  of  pulse  tube  1  au 
6  Hz. 
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m  is  defined  by  eq.  (13).  Note  that  two  or  three  turns  of  the  orifice  needle 
valve  gives  the  maximum  ref rigeration  power  which  is  about  five  times  that  with 
the  orifice  closed.  The  gross  refrigeration-power  of  10  W  at  80  K  is  quite 
impressive  as  are  the  efficiencies  of  about  H0%  to  80$  at  100  K.  The  higher 
efficiencies  occur  at  lower  orifice  settings  where  the  refrigeration  powers  are 
not  as  great.  Thus,  a  compromise  is  necessary  in  the  operation  of  a  practical 
refrigerator .  As  the  orifice  is  opened,  the  mass  flow  rate  increases  slightly  but 
the  ref rigeration  per  unit  mass  flow  increases  nearly  the  same  as  the 
refrigeration  power.  The  amount  of  gas  which  passes  through  the  orifice  for  the 
maximum  refrigeration  power  is  about  half  the  flow  rate  at  the  cold  end  of  the 
pulse  tube.  Because  the  flow  through  the  orifice  is  shifted  in  phase  by  nearly 
ir/2  from  the  flow  at  the  cold  end  of  the  pulse  tube,  it  does  not  change  the 
magnitude  of  the  total  flow  significantly. 

Figures  8  and  9  show  how  the  efficiency  varies  with  frequency  for  pulse-tube 
I  with  0  and  3  orifice  turns.  With  0  turns  the  pulse-tube  refrigeration  requires 
intermediate  heat  transfer  to  the  walls,  which  is  why  the  efficiency  is  highest  at 
the  lower  frequencies.  The  very  low  efficiency  at  9.5  Hz  is  not  understood.  With 
the  orifice  at  3  turns,  heat  transfer  is  not  required;  hence  the  efficiency  is 
better  at  higher  frequencies.  In  fact,  the  low  efficiency  at  the  lower 
frequencies  may  suggest  that  heat  transfer  is  not  desirable  for  the  orifice 
pulse  tube. 

Figure  10  shows  the  refrigeration  power  of  pulse  tube  I  and  II  as  a  function 
of  frequency.  At  low  frequencies  the  ref rigeration  power  of  pulse  tube  II  is  less 
than  V„  that  of  pulse  tube  I  even  though  the  cross-sectional  area  and  volume  are  */„ 
that  of  pulse-tube  I.  The  factor  of  4  reduction  does  occur  at  higher  frequencies, 
however.  These  results  also  suggest  heat  transfer  degrades  the  performance  since 
heat  transfer  occurs  more  readily  in  the  smaller  diameter  pulse  tube  II  at  the 
lower  frequencies. 

Results  from  measurements  on  pulse  tube  III,  which  has  one-half  the  length  of 
pulse-tube  I,  showed  similar  efficiency  values  but  the  ref rigeration  power  was 
about  one-half  that  of  pulse  tube  I.  The  optimum  orifice  setting  was  at  a 
slightly  lower  value  of  2  turns  instead  of  2-3  for  pulse  tube  I. 

One  may  question  whether  the  one-half  ref rigeration  power  of  pulse  tube  III 
is  due  to  its  shorter  length  or  due  to  its  smaller  volume.  Pulse  tube  IV  (nearly 
same  volume  as  tube  I  but  shorter  length  and  larger  diameter)  was  then  tested  and 
found  to  have  essentially  the  same  ref rigeration  power  as  pulse  tube  I  for  the 
orifice  at  3  turns. 


5.  Discussion 

The  best  results  were  obtained  with  pulse  tube  I  and  IV,  so  most  of  the 
discussion  pertains  to  those.  The  measurements  of  the  pulse-tube  refrigerator 
show  it  to  have  rather  high  intrinsic  cooling  efficiencies.  Figure  11  shows  the 
range  of  useful  efficiencies  as  a  function  of  temperature  compared  with  those  from 
other  refrigeration  systems.  Because  the  Stirling  refrigerator  must  have  shuttle 
and  friction  heat  loses  associated  with  the  displacer  motion,  the  cooling 
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figure  8.  Intrinsic  efficiency  as  a 
function  of  frequency  for 
pulse  tube  I  with  a  0-turn 
orif i ce  setting , 


Figure  9 .  Intrinsic  efficient  as 
a  function  of  frequency 
for  pulse  tube  I  with  a 
3_turn  orifice  setting. 


Figure  10.  Gross  ref  rigerat.  i  on  power  as  a  function  of  frequency 

for  pulse  tubes  I  and  II. 
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efficiency  of  an  actual  Stirling  refrigerator  will  be  somewhat  less  than  indicated 
in  figure  11,  which  makes  it  comparable  to  the  pulse-tube  ref ri gerator . 

The  ref rigeration  absorbed  per  unit  mass  of  helium  gas  is  given  by 


q 


r 


2  Q/<m  > 
pt 


(15) 


because  of  the  definition  of  <riipt>  from  eq.  (13).  Figure  12  shows  how  the  reduced 
ref ri geration  power  per  unit  mass,  qr/RT,  varies  witn  temperature  for  pulse  tube 
I,  where  the  pressure  ratio  was  2.6.  Shown  for  comparison  is  the  value  for  an 
ideal  Stirling  refrigerator  operating  with  sinusoidal  volume  variations  at 
Pmax/,pmin=2, 6  calculated  from  the  Schmidt  analysis  [11].  Also  shown  are  values 
for  continuous  isothermal  expansion  with  the  same  pressure  ratio,  and  values  for 
the  Joule-Thomson  refrigerator  at  the  same  pressure  ratio  and  at  the  higher 

pressure  ratios  normally  used.  For  a  real  Stirling  refrigerator  qr  will  be 

smaller  because  of  adiabatic  expansion  effects  as  well  as  shuttle  and  friction 
loss  terms  not  present  in  the  pulse  tube  ref ri gerator .  The  results  in  figure  12 
show  that  a  disadvantage  of  the  orifice  pulse-tube  refrigerator  compared  with  a 
Stirling  refrigerator  is  the  greater  mass  flow  required  to  achieve  the  same  amount 
of  refrigeration ,  which  means  a  larger  or  better  regenerator  is  required. 

An  attempt  is  made  here  to  answer  the  question  of  why  heat  transf er  within 
the  pulse  tube  degrades  the  performance  when  the  orifice  is  open.  Figure  13  shows 
the  temperature  as  a  function  of  position  along  the  pulse  tube.  For  the  basic 
pulse  tube  an  element  of  gas  can  only  relax  back  to  the  tube  wall  temperature 

through  heat  transfer  as  shown  by  the  path  followed  by  an  element  of  gas.  For  the 

orifice  pulse  tube  an  element  can  be  cooled  below  the  wall  temperature  as  shown  by 
path  2-3  during  expansion  of  the  gas  by  flow  through  the  orifice.  Likewise, 
during  path  *t- 1  the  element  is  heated  above  the  wall  temperature  by  compression  of 
the  gas  within  the  pulse  tube  due  to  flow  back  through  the  orifice.  If  heat 
transfer  were  to  occur,  the  gas  element  could  not  be  cooled  or  heated  beyond  the 
wall  temperature.  The  greater  area  enclosed  by  the  element  on  the  left  in  figure 
13  shows  qualitatively  why  the  orifice  pulse-tube  has  greater  ref ri gerat i on  power 
than  the  basic  pulse  tube. 


b  .  Fond  usi  ons 

The  orifice  pulse  tube  is  capable  of  reaming  6i)  K  in  one  stage .  The 
intrinsic  efficiency  of  this  device  has  been  shown  to  be  nearly  comparabl e  to  that 
of  a  Stirling  rel'ri  gerator  and  greater'  than  that  of  the  J  oul  e-Thomson  ref  ri  gerator . 
The  ref r i gerat i on  per  unit  mass  flow  is  about  four  tiroes  1  ess  than  that  for  a 
Stirling  refri gerat or  operating  with  the  same  press ure  rat i o .  because  the 
pulse- tube  refrigerator  has  only  one  moving  part.,  and  that  is  at  Doom  temperature , 
it  has  tiie  potential  for  high  reliability  and  could  replace  Stirling, 

Si fford-McMhhon ,  and  ,!oul e-Thomson  ref ri gerators  in  sene  oases  for  temporal ures 
down  to  .about,  1 5  K  by  using  iffultiple  stages.  Tire  Low  temperature  limit  will  be 
determined  primarily  by  tic  regenerator  loss,. 
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Figure  11.  Comparison  of  the  intrinsic 

cooling  efficiency  for  pulse- 
tube  refrigerators  with  that 
of  other  refrigerators. 
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Figure  12.  Comparison  of  the  gross 
refrigeration  power 
per  unit  mass  flow  for 
various  ref rigerators . 
All  curves  except  the 
two  dashed  lines  are 
for  Ph/Pi  =  2.6. 
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Figure  13. 


Temperature  as  a  function  of  position  for  an  element  of  gas  in  a  pulse 
tube  for  the  orifice  open  and  for  the  orifice  closed. 
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Construction  of  much  of  the  apparatus  was  done  by  David  R.  Smith  and  is 

greatly  appreciated.  We  acknowledge  the  assistance  of  C.  King  of  Alabama 

Cryogenic  Engineering  and  P.  Storch  during  measurements  of  pulse-tube  IV. 

Discussions  with  J.  Zimmerman,  C.  King,  and  B.  Louie  were  most  helpful. 
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LONG-LIFETIME,  CLOSED-CYCLE  CRYOCOOLER  FOR  SPACE 


Javier  A.  Valenzuela 
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A  simple,  reliable,  long-lifetime  cryocooler  for 
space  applications  is  being  developed.  The  cryocooler  is 
designed  to  provide  5  watts  of  refrigeration  at  70  K  with  a 
target  power-to-load  ratio  of  30  watts  per  watt.  The 
reverse-Brayton  cycle  will  employ  turbomachines  operating  in 
gas  bearings  to  achieve  long  life.  This  paper  presents  the 
results  of  the  cycle  analysis  and  optimization  and  describes 
the  design  and  expected  performance  of  the  three  key 
components:  turbocompressor,  turboexpander,  and  high 
effectiveness  heat  exchanger. 


KEY  WORDS:  Cryocooler,  Refrigeration,  Turbomachines 

NOMENCLATURE  SUBSCRIPTS 
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specific  heat 

coefficient  of  performance 
specific  heat  ratio 
pressure 
power 

Pressure  Ratio 
heat  flow 
temperature 
See  Eq.  13 
See  Eq.  14 

heat  exchanger  effectiveness 
efficiency 


A  aerodynamic 

C  compressor 

E  expander 

H  high  pressure  stream 

HX  heat  exchanger 

I  inverter,  inlet 

L  load,  low  pressure  stream 

M  motor 

p  pressure 

S  sink 
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1.  Introduction 


■Several  alternative  approaches  to  long-lif etxme  cryocooltng  are  currently 
under  development  through  funding  by  various  U.B.  Government  agencies  [l].  Among 
these  approaches,  the  Turbo-Brayton  concept  has  been  identified  as  having  high 
potential  reliability  but  it  is  expected  to  be  used  only  in  the  higher 
temperature  and  high  heat  load  applications.  However,  rece.nt  developments  at 
Create  have  succeeded  in  extending  the  range  of  possible  turbine  sizes  lower  than 
ever  before.  This  has  been  accomplished  concurrently  with  the  development  of 
email,  robust  gas  journal  bearings  and  a  robust  thrust  bearing  [2,3].  We  have 
succeeded  in  producing  turbine  rotors  0.125"  aiameter  which  have  operated 
successfully  to  speeds  of  750,000  rpm.  It  is  believed  that  a  turboexpander  of 
approximately  this  size,  operating  near  500,000  rpm  is  a  key  element  in  a 
reversc-Brayton  cycle  using  neon  to  supply  5  W  of  cooling  at  70  K.  Furthermore, 
it  is  believed  tnat  the  availability  of  this  class  of  turbomachxnery  will  extend 
the  application  of  the  Turbo-Brayton  concept  to  temperatures  near  10  K  with  heat 
loads  of  about  1  W. 

This  paper  presents  the  status  of  an  R&D  program  aimed  at  the  development  of 
a  single-stage,  reverse-Brayton  (SSRB)  cryccooler  to  provide  refrigeration  of  5  W 
at  70  K.  A  schematic  of  the  cycle  is  shown  in  figure  1.  This  cycle  has 
potentially  several  advantages  over  other  cycles  currently  under  development. 

The  main  advantages  are: 

•  Reduced  Electronics.  The  turboexpander  includes  a  "room”  temperature 
brake  wheel  to  load  the  turbine  instead  of  a  high  speed  alternator 
operating  at  cryogenic  temperatures.  The  brake  is  a  simple  closed  loop 
which  rejects  heat  to  the  main  cycle  thermal  bus.  Speed  control  is 
unnecessary  which  eliminates  control  electronics.  The  expander  is 
capable  of  operation  at  150%  of  design  speed  during  cooldown.  Design 
speed  is  fixed  by  a  preset  orifice  to  throttle  flow  in  the  brake 
circuit.  The  only  electronics  required  is  the  fixed  frequency 
compressor  power  supply. 

•  High  Cycle  Efficiency.  The  turbine  is  a  high  specific  speed  (three 
dimensional  blade)  design.  It  has  inherently  high  efficiency.  A 
similar  prototype  0.3125"  diameter  machine  developed  at  NBS,  Boulder 
had  a  measured  peak  efficiency  of  0.798  including  all  heat  leaks. 

•  Reliable  Long-life  Bearings.  The  proposed  expander  design  uses 
tilting-pad  self  accing  journals  and  a  robust  pressurized  thrust 
bearing.  Tests  at  Creare  have  shown  that  there  is  no  noticeable 
deterioration  in  the  journal  bearings  after  two  and  a  half  years  of 
continuous  operation  including  more  than  650  scheduled  stop/starts. 

•  No  Vibration.  Both  the  compressor  and  the  expander  operate  on  gas 
bearings  at  rotational  speeds  of  the  order  cf  ten  kilohertz.  The  mass 
of  the  shafts  is  only  a  few  grams  and  any  shaft  vibration  resulting 
from  residual  shaft  unbalance  is  effectively  damped  by  the  gas 
hearings. 
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The  key  components  in  the  cryocooler  are  the  turbocompressor,  the 
turboexpander,  and  the  main  heat  exchanger.  At  present  we  have  completed  the 
analysis  and  optimization  of  the  cycle  and  have  developed  preliminary  layouts  for 
these  three  components.  The  specifications  of  the  turbr expander  are  similar  to 
those  of  other  expanders  we  have  built  in  the  past  few  years  and  those  designs 
will  be  adapted  for  this  applications.  We  are  currently  building  the  high  speed 
turbocompressor  and  expect  to  start  development  of  the  high-effectiveness  heat 
exchanger  in  early  1987.  We  anticipate  that  an  engineering  model  of  the 
cryocooler  will  be  tested  in  early  1988. 

2.  Cycle  performance 


Cycle  analyses  and  optimization  were  performed  in  order  to  select  the  best 
suited  cryogen  for  the  cycle  and  to  determine  the  operating  conditions  of  the  key 
components.  While  the  analysis  was  performed  numerically  using  detailed 
thermodynamic  models  of  the  compressor,  aftercooler,  heat  exchanger,  and 
expander,  a  simplified,  closed-form  calculation  procedure  is  presented  here  to 
better  illustrate  the  performance  trades  between  the  various  components.  The 
results  of  this  simplified  analysis  are  within  10  %  of  those  obtain’d  by  the 
detailed  calculations  and  provide  a  good  basis  for  estimating  the  range  of 
performance  of  a  turbomachinery-based,  single-stage,  reverse-Brayton  cryocooler. 

The  cryocooler  coefficient  of  performance  (COP)  is  defined  as  the  ratio  of 
the  cooling  load  to  the  electrical  power  input  to  the  compressor  motor 
controller : 


COP 


(1) 


In  addition  to  the  cycle  load;  Q^,  there  is  a  heat  leak  ,  Q^,  to  the  cold 
end  hy  conduction  along  the  turboexpander  shaft  and  support  tubes.  The  effect  of 
this  heat  leak  on  the  cycle  performance  can  be  conservatively  estimated  by 
assuming  that  the  heat  is  added  to  the  gas  stream  after  the  expansion  process. 
That  is,  tne  expander  heat  leak  effectively  increases  the  load  by  Q  .  The  COP 
can  then  be  expressed  as: 
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The  COP  can  also  be  expressed  in  terms  of  the  temperature  rise  in  the  load  and  in 
the  compressor  as: 
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The  asterisk  on  the  load  temperature  indicates  that  the  expander  heat  leak  has 
been  added  to  the  load. 

The  preferred  cryogens  for  refrigeration  at  around  70  K  are  neon  or  helium 
and  both  behave  as  perfect  gases  at  this  temperature.  The  specific  heats  in 
eq.  (2)  are  therefore  the  same  and  cance.'  out.  Moreover,  as  can  be  seen  in 
figure  l,  the  temperature  drop  available  for  the  load  is  the  difference  between 
the  temperature  drop  in  the  expander  and  the  temperature  difference  in  the  heat 
exchanger.  Hence  eq.  (3)  can  be  expressed  as: 
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As  indicated  in  eq.  (4),  one  effect  of  the  heat  exchanger  losses  is  co  reduce  the 
temperature  drop  available  for  the  load.  As  the  load  temperature  is  decreased  for 
a  fixed  heat  exchanger  effectiveness,  the  heat  exchanger  temperature  difference 
increases  and  the  COP  decreases  corresponding Ly  (for  constant  pressure  ratio). 
Eventually,  the  temperature  difference  across  the  heat  exchanger  becomes  equal  to 
the  expander  temperature  drop  and  the  COP  becomes  zero.  Therefore,  the  lowest 
temperature  that  can  be  achieved  in  the  SSRB  cycle  is  limited  by  the  heat 
exchanger  effectiveness. 

A  second  effect  of  the  heat  exchanger  losses  is  related  tc  the  heat 
exchanger  pressure  drops.  Because  of  the  heat  exchanger  pressure  drops,  the 
pressure  ratio  in  the  expander  is  less  than  that  of  the  compressor,  as 
illustrated  in  figure  2.  Tne  losses  associated  with  the  heat  exchanger  pressure 
drops  can  be  expressed  as  the  difference  between  the  temperature  drop  the 
expander  would  have  if  the  heat  exchanger  pressure  drops  were  zero  and  the  actual 
expander  temperature  drop: 
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Since  the  heat  exchanger  pressure  drops  are  normally  much  smaller  than  the 
pressures  p.  and  p  ,  eq.  (5)  can  be  approximated  as: 
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The  effect  of  the  heat  exchanger  pressure  drops  on  the  cycle  performance  can  be 
accounted  for  by  adding  this  temperature  drop  to  the  actual  temperature 
difference  across  the  heat  exchanger. 

An  overall  heat  exchanger  effectiveness  can  be  defined  as: 
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This  is  the  effectiveness  which  should  be  used  when  comparing  the  performance  of 
two  heat  exchangers  of  different  design. 

Substituting  ATg  from  eq.  (5)  into  eq.  (4)  and  expressing  the  expander  and 
compressor  temperature  drops  in  terms  of  the  compressor  pressure  ratio  and  the 
respective  aerodynamic  efficiencies  results  in  an  expression  for  the  COP  which 
explicitly  separates  the  compressor,  expander,  and  heat  exchanger  losses: 
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where  the  Carnot  coefficient  of  performance  is  defined  as: 
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the  compressor  efficiency  is  given  by  the  product  of  the  inverter,  motor,  and 
aerodynamic  efficiencies: 
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the  expander  efficiency  is  the  product  of  the  aerodynamic  efficiency,  the  heat 
leak  loss,  and  a  loss  term  related  to  the  mechanical  power  lost  in  the  expander 
brake : 
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and  the  heat  exchanger  overall  efficiency  is  given  by: 
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From  the  form  of  eq.  (12)  it  is  apparent  that  there  is  value  of  the  pressure 
ratio  which  maximizes  the  overall  heat  exchanger  efficiency.  As  a  approaches 
one,  the  efficiency  becomes  negative  and  as  a  becomes  very  large  the  efficiency 
approaches  zero.  Therefore,  for  some  intermediate  a  the  efficiency  has  a  maximum 
That  is  indeed  the  case,  as  illustrated  in  figure  3.  The  overall  heat  exchanger 
efficiencies  shown  in  figure  3  were  calculated  for  a  specific  heat  ratio  of  1.65 
This  value  is  close  to  that  of  eicher  helium  or  neon. 
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Figure  3  brings  forth  two  important  features  of  the  5SRB  cycle: 

1.  There  is  a  minimum  pressure  ratio  required  to  even  reach 

the  desired  load  temperature.  This  minimum  pressure  ratio 
increases  rapidly  as  the  heat  exchanger  effectiveness  is 
decreased . 

2.  There  is  an  optimum  pressure  ratio  which  is  a  function  of 
the  heat  exchanger  thermal  and  pressure  losses.  The  higher 
the  performance  of  the  heat  exchanger,  the  lower  the 
pressure  ratio  required  to  achieve  maximum  cycle 
performance.  The  optimum  pressure  ratio  is  given  by: 
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This  last  point  is  particularly  Important  for  a  turbomachinery  driven  cycle 
because  the  pressure  ratio  which  can  be  achieved  in  a  single  stage  centrifugal 
compressor  is  limited  by  the  rotor  tip  velocity.  To  avoid  exceeding  the  yield 
strength  of  the  material,  the  impeller  tip  velocity  must  be  kept  below  about  500 
m/s.  The  maximum  pressure  ratios  which  can  be  achieved  are  therefore  about  2.4 
for  neon  and  1.2  for  helium.  The  pressure  ratio  is  much  lower  for  helium  because 
it  has  a  density  five  times  lower  than  that  of  neon. 

It  is  clear  from  the  results  shown  in  figure  3  that  neon  is  a  better  choice 
of  cryogen  for  this  application.  In  order  to  use  helium  effectively  at  a 
pressure  ratio  of  1.2,  a  heat  exchanger  with  an  effectiveness  of  0.995  or  higher 
would  be  required. 

Equations  (8)  through  (16)  were  used  to  calculate  the  performance  of  the 
SSRB  cycle  for  loads  in  the  range  from  1  to  10  W  and  load  temperatures  in  the 
range  from  30  to  250  K.  The  results  are  shown  in  figure  4  as  a  percentage  of  the 
Carnot  efficiency.  The  calculations  were  made  for  a  cycle  with  a  sink 
temperature  of  260  K,  an  overall  compressor  efficiency  of  0.5,  an  expander 
aerodynamic  efficiency  of  0.8,  a  heat  exchanger  overall  effectiveness  of  0.985, 
and  an  expander  heat  leak  given  by 


Qe  -  0.015  (Ts  -  Tl) 


U7) 


where  Qg  is  in  watts  and  Tg  and  T^  in  degrees  Kelvin.  This  value  of  the  heat 
leak  corresponds  to  that  calculated  for  3.2  mm  diameter  turbines  presently  under 
development . 
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As  shown  in  figure  4,  the  cycle  efficiency  is  a  strong  function  of  both  the 
load  and  the  load  temperature.  For  a  5  W  load  at  70  K  the  overall  cycle 
efficiency  is  about  10  %  of  Carnot.  If  the  load  is  reduced  to  1  W  the  efficiency 
drops  to  about  5  %  of  Carnot  and  if  the  load  is  raised  tc  10  W  the  efficiency 
increases  to  about  14  %  of  Carnot.  As  shown  in  figure  5  taken  from  [4],  the 
performance  of  the  SSRB  at  70  K  compares  favorably  with  that  of  other  cycles. 

The  SSRB  cycle  efficiency,  when  expressed  as  a  fraction  of  the  Carnot 
efficiency,  decreases  at  higher  load  temperatures  because,  as  the  load 
temperature  increases,  the  mechanical  power  output  of  the  expander  also  increases 
rapidly.  In  the  present  system  the  expander  power  is  not  recovered  and  hence  it 
constitutes  a  loss  to  the  system.  One  could  use  a  turboalternator  to  recover 
thi3  power.  However,  most  applications  of  interest  are  at  temperatures  of  100  K 
or  lower  and  the  work  which  could  be  recovered  is  only  a  small  fraction  of  the 
compressor  input  power. 

Based  on  these  analyses,  the  SSRB  cycle  specifications  for  providing  5  W  of 
cooling  at  70  K  rejecting  heat  to  a  260  K  thermal  bus  were  developed.  The 
resulting  operating  conditions  and  power  flews  are  shown  in  figure  1.  In  these 
calculations  we  conservatively  assumed  an  overall  compressor  efficiency  of  0.33 
yielding  a  COP  of  8.3%  of  Carnot. 


2.  Component  design 

The  three  key  components  in  the  SSRB  cycle  are  the  turbocompressor,  che 
turboexpander,  and  the  heat  exchanger.  Preliminary  layouts  for  these  three 
components  are  shown  in  figures  6-8. 

The  compressor  consists  of  a  solid  rotor  induction  motor  running  on  self¬ 
acting,  tilting-pad  gas  bearings,  A  double  sided  impeller  is  used  to  balance 
axial  loads.  Axial  location  of  the  shaft  is  accomplished  by  a  magnetic  thrust 
bearing  located  at  the  er.d  of  the  shaft  opposite  the  impeller.  A  water  jacket 
surrounding  the  motor  stator  provides  cooling.  All  the  materials  In  the 
compressor  are  metallic,  with  the  exception  of  the  teflon  insulation  in  the 
stator  wires.  Gas  stream  contamination  is  therefore  expected  to  be  negligible. 

The  turboexpander  preliminary  layout  is  shown  in  figure  7.  It  consists  of  a 
solid  shaft  mounted  on  self-acting,  tilting-pad  gas  bearings  and  having  a  3.2  mm 
turbine  impeller  machined  at  one  end  and  a  6.4  mm  brake  impeller  at  the.  other. 

The  gas  bearings  and  the  brake  impeller  operate  warm,  at  the  260  K  sink 
temperature.  The  turbine  end  of  the  shaft  is  cold,  a  few  degrees  below  the  70  K 
load  temperature.  The  warm  and  cold  ends  of  the  expanders  are  connected  by 
thin-walled  titanium  tubes  to  minimize  heat  leak  to  the  cold  end.  The  rotational 
speed  of  the  expander  is  570,000  rpm. 

The  heat  exchanger  preliminary  layout  is  shown  in  figure  8.  It  consists  of 
a  stack  of  200  perforated  copper  plates  supported  by  thin-walled  stainless  steel 
tubes.  The  places  have  concentric  rings  of  0.2  min  wide  slots  through  which  the 
gas  flown  in  counter  direction.  The  loss  mechanisms  included  in  the  calculation 
of  the  heat  exchanger  performance  are: 
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e  gas  film  resistance, 

e  cross-stream  metal  conductlun  resistance, 

•  metal  and  gas  axial  conduction, 

•  flow  maldistribution  lossas, 

a  pressure  drop  losses, 

•  losses  due  to  using  a  finite  number  of  plates. 

The  geometry  of  the  heat  exchanger  was  optimized  to  obtain  a  minimum  weight 
design . 


3.  Conclusions 

It  can  be  concluded  that  a  single-stage,  reverse-Brayton  cryogenic  system 
employing  a  single-stage  centrifugal  compressor  and  a  radial  inflow  turbine  can 
be  used  effectively  to  cool  loads  greater  than  1  W  in  the  temperature  range  from 
30  to  150  K.  Because  the  turbomachines  run  in  gaa  bearings  this  cryocooler  has 
the  potential  for  long-life  and  should  provide  virtually  vibrationless  operation. 
Work  is  presently  progressing  on  the  development  of  the  three  key  hardware 
components,  the  miniature,  high-speed  turbocompressor,  the  miniature 
turboexpander,  and  the  high-effectiveness  heat  exchanger. 


The  work  reported  in  this  paper  is  being  performed  under  the  sponsorship  of 
the  NASA  Goddard  Space  flight  Center  through  thei?-  SBIR  program.  The  NASA 
technical  monitor  is  Dr.  Max  Gasser. 
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TEMPERATURE 


Figure  1.  SINGLE-STAGE,  REVERSE-BRAYTON  CRYOCOOLER 


Figure  2  .  EFFECT  OF  HEAT  EXCHANGER  PRESSURE  DROP 
OF  EXPANDER  PERFORMANCE 


Figure  3.  HEAT  EXCHANGER  EFFICIENCY  AS  A 
FUNCTION  OF  PRESSURE  RATIO 
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Figure  I .  OVERALL  SSRB  CYCLE  EFFICIENCY 


Fiqure  5.  COMPARISON  WITH  OTHER  CRYOGENIC 
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Figure  7.  TURBOEXPANDER  LAYOUT 


Figure  H.  HEAT  EXCHANGER  LAYOUT 
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REFRIGERATION  AND  HEAT  PUMP  SYSTEMS  BASED  ON  He  II  VORTEX  CONTROL 


T.H.K.  Frederkinq,  H.H.D.  Tran  and  R.M.Carandang 


University  of  California,  Los  Angeles  90024  CA 


The  utilization  of  thermomechanical  forces  permits 
pressure  increases  in  pumps  without  moving  parts.  This  topic 
has  become  an  interesting  option  for  liquid  transfer  at  micro- 
gravity.  In  addition,  the  thermomechanical  pump  (fountain 
effect  pump)  may  be  used  to  energize  ref r igerators,  substitu¬ 
ting  for  the  usual  mechanical  pump.  In  the  present  thermody¬ 
namic  studies,  cyclic  variations  of  the  fluid  equilibrium 
state  are  Investigated  including  performance  parameters.  In 
contrast  to  attainment  of  low  temperatures,  the  emphasis  is 
on  heat  pumping  tasks  at  temperatures  between  1.5  K  and  the 
lambda  temperature. 


Key  words:  He  II;  thermodynamic  cycles  ;  fountain  effect; 
ref r i gerator/heat  pump  systems. 


I.  Introduction 

Increased  use  of  liquid  He  II  as  a  coolant  near  1.8  K  has  included  application 
of  the  fountain  effect  ( thermomechan i ca I  effect).  Examples  are  vapor- liquid  phase 
separators  and  fountain  effect  pumps  (FED).  Another  type  of  application  addressed 
in  the  present  studies  is  the  use  of  FEP  -  induced  pressurization  for  refrigeration 
purposes  and  heat  pumping.  An  original  version  of  such  a  system,  based  on  the  con¬ 
trol  of  the  dynamics  of  quantized  vortices,  has  been  proposed  and  tester  by  Staas 
and  Severfjns  [l]  L  This  Staas-Sever i jns  cooler  has  aimed  at  the  attainment  of  low 
temperatures  down  to  C.7  K  .  In  contrast,  the  present  work  emphasizes  heat  pumping 
in  the  range  of  the  temperature  (T)  encountered  In  space  cryogenics  and  i  ri  super  con¬ 
ducting  magnets  for  h i q h  mao net ie  fields  based  on  NbTi/Gu.  The  system  app I i cab i I i ty 


Numbers  in  brackets  refer  to  the  I literature  references  ' isted  at  the  end  of  this 
paper  . 


147 


appears  to  be  not  restricted  to  these  examples  and.  general  features  are  presented: 
First,  the  vortex  dynamics  is  discussed.  Subsequent i y,  simplified  refrigerator  oper¬ 
ation  is  considered.  The  next  subject  is  the  FEP  pressurization  device.  Heat  pumping 
performance  is  considered  for  one  of  the  simplest  c/c  fe-opt  ions,  and  an  outlook  is 
g i ven . 


2.  Vortex  Dynamics  and  Two  -  Fluid  Aspects 

The  quantum  liquid  He  II  has  a  high  heat  transport  rate  in  conventional  refrig¬ 
erator  ducts,  unless  the  flow  cross  section  is  severely  restricted.  Therefore  T  - 
gradients  are  small  in  usual  flow  passages.  In  order  to  generate  sizable  temperature 
differences,  needed  for  the  application  of  thermomechanical  forces,  fine  porous 
media,  called  superleaks,  or  superf i I ters,  are  used.  The  limiting  case  is  the  "ideal 
superieak"  with 'Izero”  heat  flow.  The  porous  medium  permits  res  i  stance  I  ess  flow  (="su- 
perflow")  up  to  its  critical  velocity  (vsc).  As  the  pore  size  is  reduced,  at  a 
specified  temperature,  the  v  -  value  attainable  is  increased.  At  vsc,  liquid 
circulation  and  flow  resistance  is  initiated.  Because  of  quantization  of  the  liquid 
circulation,  a  finite  energy  is  needed  for  vortex  motion  onset  with  velocity  com  - 
ponents  perpend icu I ar  to  the  main  flow  direction,  i.  e.  vortex  shedding  .  The  energy 
needed  is  large  for  very  fine  pores.  For  FEP  purposes,  critical  velocities  of  the 

order  of  10  cm/s  have  been  considered  convenient  in  laboratory  work.  Because  of  the 

energetic  restr ict ions,  the  fine  plugs  may  be  regarded  as  "vortex  pinning  devices" 
below  vsc  .  In  the  ideal  thermodynamic  treatment  of  changes  of  state,  the  ideal 
superleak  constitutes  a  perfect  vortex  pinning  component. 

Once  a  vortex  is  activated  above  v5C  ,  a  Magnus  force  provides  vortex  shedding 
e.g.  from  walls  toward  the  fluid  interior.  This  phenomenon  leads  to  a  finite  d i f fer- 
ence  in  chemical  potential  (p)  .  In  the  ideal  superleak  dp  =  0  is  observed  up  to 

the  critical  velocity.  Small  vortex  shedding  rates  of  real  plugs  are  expected  to 
cause  only  small  departures  from  the  ideal  thermodynamic  change  of  state.  Therefore, 

Ideal  processes  involving  changes  of  state  at  constant  chemical  potential  are  use¬ 

ful  for  performance  assessment,  it  appears  that  minor  vortex  shedding  rates  cause 
only  small  departures  from  the  idea!  performance  values  of  FEP  units. 

We  have  a  flow  system  described  in  usual  hydrodynamic  terms  supplemented  by 
the  superflow  thermodynam ics .  The  two  -  fluid  model  is  useful  .  The  existence  of 
two  i nterpenetrat i ng  fluid  media  is  postulated:  There  exists  a  viscous  normal  fluid 
component  and  an  inviscid  superfluid  component  (  at"concer|trat ions  "  (o_/r>)  and 
(ps/p)  adding  up  to  unity).  The  flow  field  is  subdivided  accordingly:  There  is  a 
normal  fluid  flow  pattern  and  a  superfluid  flow  field.  Because  of  the  fine  pores, 
the  normal  fluid  motion  is  considered  negligible,  in  particular  in  the  limit  of 
perfect  immobilization  of  superleaks.  Thus,  in  the  present  context  ,  attention  is  on 
the  superfluid  described  by 

Dvs/Dt  =  -  Vp  -7  P/p  -  SVT  -  ( 1/2)  (pn/p)  Iwf  (I) 

with  w  =  \/n  -  vs  =  relative  velocity  ;  S  entropy  per  unit  mass;  p  liquid  density). 
For  steady,  one-dimensional  flow  with  negligible  |wp  term,  we  have  a  simple  truncat¬ 
ed  form  of  the  preceding  equation 

#) 

In  part  of  the  low  temperature  I iterature,  the  Gibbs  free  energy  is  customarily 
denoted  as  p  .  In  the  present  discussion  ,  this  notation  is  adopted  with  p  =chem- 
ical  potential  per  unit  mass. 
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(2) 


grad  (  [j  +  vs^/2)  0 

where  the  kinetic  term  is  small  outside  the  narrow  passages  formed  by  the  porous 
medium.  The  momentum  equation  of  the  model  ,  j  =  p  v  ~  ps  vs  +  _pn  vn  ,  for  no:  ,,ia  I 
fluid  locked  in  the  plug,  reduces  to  the  simple  condition 

p  v  ^  P5  vs  (3) 

Thus,  the  superfluid  critical  speed  vsc  is  related  to  the  critical  velocity  of  the 
observed  mass  flow  by  vc  =  vscp$/p 

In  the  terrestrial  gravity  field,  the  fountain  effect  is  quantified  readily  by 
inclusion  of  rhe  gravitational  contribution  to  the  generalized  chemical  potential 
function  (  p  +  gAZ  +  vs^/2  )  ;  (z  vertical  position  coordinate).  In  a  thermo  - 

static  device.  Equations  (I)  and  (2)  have  in  common  the  limit  of  the  thermomechan i - 
cal  gradient,  at  zero  flow,  of 

grad  P  =  grad  Py  =  p  S  grad  T  (4) 

(London  pressure  gradient).  When  a  jet  geometry  allows  a  speed  v  ,  downstream  of 
1  he  srperleak,  the  limit  of  ideal  flow  without  losses  leads  to  a  fountain  height 
of  Az  -  v"1  /(2  g)  . 

There  are  two  types  of  fluid  processing  components  in  general:  First,  the  po¬ 
rous  plugs  needed  for  the  thermomechan ics  and  second,  ducts  and  conventional  de  - 
vices,  such  as  heat  exchangers.  In  the  latter  category,  significant  vortex  shedding 
may  take  place  causing  dissipation  of  flow  power.  At  sufficiently  high  flow  rates, 
botn  fluids  may  move  with  nearly  the  same  speed,  in  this  case, ' i nteract ion  of  the 
normal  fluid  with  the  vor+ices  causes  "near  -  classical  "  flow.  For  instance,  in  a 
duct  with  a  diameter  beyond  the  order  of  !0-^  cm.  roughness  -  dependent  friction 
may  be  observed  read i I/,  as  in  Newtonian  turbulent  fluid  flow  .  Therefore,  classi¬ 
cal  equations  have  been  used  in  the  analysis  of  this  aspect  of  the  Staas-Sever i jns 
refrigerator  [l]  .  Alternate  use  of  vorlex  pinning  components  and  of  vortex  shed  - 
ding  components  implies  controlled  processing  of  vortex  systems  giving  rise  to  the 
designation  of  "He  I!  vortex  ref r i gerator"  ,  (  or  of  "  superfluid  vortex  fridge"). 
The  various  dissipation  aspects  in  wide  and  narrow  passages  have  been  reviewed  by 
Hammel  [2]  giving  details  of  basic  thermophysics  of  the  He  II  modes  of  motion. 

3.  Simplified  Vortex  Refrigerator  Operation:  Concepts 

In  the  discussion  of  this  section,  simplified  ref r igerat ion  concepts  are  in¬ 
voked.  Up  to  this  time,  little  has  become  known  about  performance  figures.  In  line 
with  applied  thermodynamics  conventions,  the  coefficient  of  performance  is  defined 
as  the  ratio  of  the  ref r i gerat ion  load  to  the  net  work.  The  thermal  efficiency  of 
thermal  to  mechanical  energy  conversion  is  defined  as  the  ratio  of  the  net  work  to 
the  heat  input.  Macro-thermodynamics  is  used.  For  instance,  at  a  superficial  glance 
one  may  refer  to  the  FEP  device  as  "compressor" .  The  reverse  case  of  mechano-ca I o- 
ric  cooling  in  a  plug  may  be  referred  to  as  "expansion  device",  (or  "ideal  superleak 
expander").  Caution  is  needed  though  to  avoid  a  literal  interpretation  in  terms  of 
classical  ideas  which  may  lead  to  non-physical  consequences  . 

A  schematic  diagram  of  the  original  system  of  the  Staa s-Sever i j ns  vortex  re¬ 
frigerator  is  shown  in  Figure  I.  There  are  "compressor"  and  "expander  "  peculiari¬ 
ties  elucidated  by  the  two-fluid  model  for  du  =  0  .  "Compression"  is  actuated  by 
the  neater  (H)  which  supplies  thermal  energy.  As  superfluid  passes  through  the 
device  at  dp  -  0,  normal  fluid  left  behind  tends  to  accumulate  entropy  upstream. 
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Therefore,  heat  is  to  be  removed  in  order  to  keep  temperatures ,  at  a  specified  loca¬ 
tion,  time  -  independent.  In  the  aftercooler  (AC),  the  temperature  is  brought  back 
to  the  bath  temperature.  In  the  "expander",  application  of  the  pressure  difference 
generated  in  the  FEP,  forces  superfluid  through  the  plug.  This  results  in  cooling 
by  the  mechano-ca I  or ic  effect.  The  ref r igerat ion  load  (QR)  is  supplied  in  the  cold 
box  (CB).  Finally,  the  capillary  (CAP1)  connects  the  cold  dox  to  the  bath. 

Figure  2  indicates  a  scheme  with  a  valve  (V)  replacing  the  capillary  system. 
In  principle,  other  means  are  available,  e.g.  a  valve  at  the  inlet.  This  option  is 
not  favored  for  a  saturated  liquid  bath,  as  it  may  lead  to  pressure  reduction  and 
cavitation.  This  danger  is  avoided  with  pressurized  liquid  He  II  .  It  is  noted  that 
in  Reference  [I]  a  set  of  capillaries  has  been  employed  in  order  to  test  the  flow 
conditions  in  the  entropy  carrying  tubes  downstream  of  the  cold  box. 


4.  Fountain  Effect  Pump  Performance 

The  fountain  effect  unit  is  the  driver  for  the  vortex  refr igerator.  Therefore, 
its  performance  exerts  an  important  influence  on  the  coefficient  of  performance 
(COP)  of  the  ref r i gerat ion  process.  Recent  work  on  FEP  use  for  liquid  transfer  in 
space  [3]  has  prompted  a  critical  inspection  of  various  performance  measures  . 

Two  types  of  effectiveness  or  efficiency  figures  have  become  known.  One  relates  to 
the  liquid  yield,  ultimately  available  at  the  receiver,  during  transfer  from  one 
vessel  to  another  one.  The  other  measure  is  the  eneraetic  effectiveness  e.^  .  Because 
of  generally  small  values  obtained  for  e  ,  there  has  been  a  sufficient  incentive 
to  improve  the  energetics  of  the  FEP  ,  e  .  g.  by  heat  pump  -  assisted  FEP  units  [4]. 
Ideal  changes  of  state  at  dp-0  are  referred  to  in  the  subsequent  discussion  of  the 
FEP. 

The  energetic  effectiveness  is  defined^as  the  ratio  of  the  flow  power  at  the 
pump  outlet  ,  Wr  ,  to  the  heat  input  rate  ,  Q  ,  energizing  the  pump.  Neglecting  the 


Figure  I.  Vortex  ref rigerator,  schematically;  AC  aftercooler,  CAP  capillary,  CB  cold 
box  ,  ESL  "expansion  superleak",  FEP  fountain  effect  pump,  H  heater  ; 
Refrigeration  load  Op  is  absorbed  in  the  cold  box.  > 
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F'gure  2.  Vortex  ref r i gerator ,  schematically;  V  valve,  (other  components  as  in 
Figure  I  ) . 


mass  loss  and  using  Equation  (4),  one  obtains 

e  =  Wc  /  Q  =  SAT  /  S  T  (5) 

e  F 

S  is  the  mean  entropy  for  the  range  from  the  bath  temperature  7  to  the  temperature 
(T  +  AT)  at  the  pump  exit.  For  very  snail  temperature  differences,  S  becomes  equal 
fo  the  hath  value  S(T),  and  the  effectiveness  simplifies  to 

e  =  AT/T  ;  AT  «  T  (6) 

e 

A  comparison  with  the  thermal  efficiency  of  a  Carnot  cycle  shows  that  the  FEP  ef  - 
fectiveness,  in  this  limit,  is  equal  to  that  efficiency  +or  a  low  temperature  en  - 
vironment.  More  specifically,  the  comparison  Carnot  power  cycle  receives  heat  at 
the  temperature  (T  +AT)  and  rejects  heat  at  I  . 

Figure  3  presents  a  comparison  of  the  FEP  effectiveness  with  the  thermal  effi¬ 
ciency  ( rj-p )  of  the  related  Carnot  power  cycle.  According  to  Carnot's  theorem,  the 
r|j  -  values  constitute  the  best  performance  results  available  ideally.  It  is  seen 
that  is  alv/ays  below  rjy  .  The  effectiveness  is  about  50  %  lower  than  the  Carnot 
*  i  rn '  t ,  There  is  a  common  asymptote  at  low  AT.  The  parameter  adopted  in  Figure  3 
is  the  bath  temperature  upstream  of  the  FEP  unit  .  At  sufficiently  high  AT,  the  FEP 
performance  tends  toward  an  asymptote,  near  15  %  of  the  ideal  heat  pump-assisted 
FEP  unit  [T]  . 

Figure  4  shows  the  heater  power  requ i rements .  Figure  4a  is  a  plot  of  the  heat 
input  rate  per  mass  flow  rate  (Q/m),  starting  at  a  temperature  of  1.6  K  versus  the 
temperature  difference  across  the  idea!  pump.  The  upper  curve  Is  the  ideal  require¬ 
ment  of  the  simple  FEP  .  The  real  pump  will  need  a  somewhat  larger  power  because  of 
departures  from  the  ideal  change  of  stafe  character i zed  by  dp  =  0  .  The  lower 
curve  depicts  the  power  requirements,  W/m  ,  per  unit  mass,  of  the  heat  pump-assisted 
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FEP  unit.  This  power  is  low  at  low&T  and  rises  monoton  i  ca  I  I  y  with  an  increase  in 
tiie  temperature  difference. 

Figure  4b  summarizes  the  power  input  requirements  in  one  graph  making  use  of 
a  parametric  representation  with  the  bath  temperature  (upstream  temperature)  as  pa¬ 
rameter.  It  is  seen  that  there  is  a  unique  ideal  heater  power  function  (Q/m)  given 
by  the  ideal  superleak  constraint  :  (Q/m)  is  the  value  of  S  T  at  the  pump  exit.  For 
instance,  for  a  mass  flow  rate  of  m  =  40  g/s  ,  or  a  volumetric  flow  rate  of  about 
1000  liters/hour,  a  heater  power  of  the  order  of  40  Watts  is  required  near  1.8  K. 

At  large  temperature  differences,  the  heat  pump  assistance  is  no  longer  attractive 
as  the  power  requ i rement  approaches  that  of  the  simple  FEP  unit. 


5.  Refrigeration  -  Heat  Pump  Cycle  Example 

One  important  assumption  in  the  preceding  and  in  the  present  treatment  is  at  - 
tainment  of  I  oca i  thermodynamic  equilibrium  .  Other  system  conditions  of  the  present 
section  are  as  follows:  steady  operation,  steady  flow  of  liquid  and  of  the  two 
fluids,  simplified  changes  of  state  using  ideal  conditions,  such  as  isobaric  changes 
in  heat  exchangers,  and  ideal  superleak  processes  at  constant  chemical  potential. 

A  simplifying  tool  is  the  introduction  of  the  ideal  heat  pump-assisted  FEP  (d(j= 
0)  and  a  related  state  change  in  the  "expander  "  subsystem.  Furthermore,  for  quick 
estimates  the  contribution  from  the  integral  f  S  dT  may  be  neglected  in  the  T-range 
near  1.8  K,  as  discussed  elsewhere  [4]  .  The  changes  of  state  are  listed  in  Table  1 

TABLE  1  .  STATE  CHANGES  OF  THE  SIMPLE  CYCLE  p-P-p-P 


Sequence 

'  "  J 
!  -  2 

2- 3 

3- 4 

4  -  I 


Constra  i  nt 

dp  -  0 
dP  -  0 
dp  -  0 
dP  =  0 


Subsy stem/ Component 

Ideal  FEP, heat  pump-assisted 
Isobaric  aftercooler  (T^  =  Tj) 

Ideal  super  I ea k"expander" 

Absorption  of  the  refrigeration  load  Op 


The  cycle  is  sketched  in  the  T-S  plane  and  in  the  P-T  plane  in  the  insets  of  Figure 
5.  After  processing  of  fluid  in  the  FEP,  the  af+ercooler  brings  the  temperature 
back  to  the  bath  temperature  T|.  Subsequent  "expansion"  brings  about  a  low  temper¬ 
ature,  and  finally  the  change  of  state  from  T4  to  T|  is  assumed  to  be  available  for 
the  absorption  of  the  ref r  igerat ion  load. 

The  temperature  T4  has  been  plotted  for  various  pressure  increases  in  Figure  5. 
For  instance,  the  pressure  rise  in  the  FEP  unit,  starting  from  1.8  K,  produces  a 
T4  -value  near  I . 6 3  K;  (pressure  difference  achieved  across  the  FEP  of  about  100 
milli-ba-).  Tigure  3  includes  the  equivalent  Carnot  cycle  temperature,  for  an  "en¬ 
vironment"  of  1.8  K,  which  has  the  same  refrigeration  load  as  the  p-P-p-P  cycle 
under  consideration.  Both  temperatures  are  displayed  versus  Op  . 

Coefficients  of  performance  of  the  Carnot  cycle  ( COP ) CARNOT  are  shown  in  Fig. 6 
versus  T  .  As  the  initial  "environmental  temperature"  ,  e.g.  I .8  K  ,  is  lowered  by 
a  small  reduction  AT  «  T,  the  COP  is  the  reciprocal  -  value  of  the  power  process. 
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Fig. 5.  Lowest  temperature  of  the  ideal  p-P-jj-Pcyc I e  and  equivalent  Carnot  cycle 
temperature  Tc  vs.  refrigeration  load  QR/m  ;  "environmental"  T  =  1.8  K  = 
initial  bath  temperature  T|j  Inset  :  Cycle  in  the  T-S  diagram,  schematically 
and  cycle  in  the  P-T  diagram  ,  schematically. 


(COP) 


CARNOT 


l*7  1,8  T  ,  K  2 


Fig.  6.  Coefficients  of  performance  of  the  Carnot  cycle,  (COP)qarnoT  versus  T  fDr 
d  i  f  f  erenf'snv  i  ronmerita  I  temperatures"  Te  . 
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6.  Perspectives 

Simplified  changes  of  state,  with  heat  pump  assistance  of  the  FEP  process,  and 
a  similar  "expander  assisted"  pressure  reduction,  have  been  considered.  The  imple¬ 
mentation  of  near  -  ideal  conditions  by  external  means  may  require  considerable  com¬ 
ponent  developments.  Therefore  other  approaches  toward  improvement  of  the  very 
simple  cycle  ought  to  be  considered.  One  possibility  is  a  counterflow  heat  exchanger- 
Another  one  is  v i a"Ca rnot i zat ion"  by  means  of  multi-stage  operation. 

Figure  7  depicts  a  schematic  diagram  of  a  vortex  refrigerator  with  a  counter¬ 
flow  heat  exchanger  increasing  the  T  -  range  covered  by  the  heat  pump  process - 
The  ccunterflow  avoids  excessive  entropy  production  brought  about  otherwise  by  a 
large  temperature  difference  between  the  "hign  pressure"  stream  and  the'Mow  pressure 
stream . 

The  other  option  of  Carnot i zat ion  is  brought  about  by  multi-stage  "compression" 
and  mu  1 1 i -stage"expans ion"  .  Figure  8  presents  an  example  of  a  three-stage  FEP  - 
system  with  aftercoolers  (AC).  The  inset  of  this  figure  is  a  sketch  of  the  multi¬ 
stage  cycle  .  As  the  number  of  stages  is  increased,  the  Carnot  case  is  approached 
more  and  more.  While  the  low  density  change  makes  classical  expansion  less  at¬ 
tractive,  the  possibility  of  multi-stage  "compression"  has  received  attention,  e.g. 
Ref. [5]  for  the  special  case  of  He^  -  He^  dilution  refrigeration,  and  Reference  [6] 
for  the  T-range  near  I .8  K  in  the  space  cryogenics  work  of  recent  years. 

In  the  final  assessment,  a  major  point  is  the  FEP  performance.  The  ideal  ener¬ 
getic  effectiveness  figures  of  at  most  15  %  are  not  very  attractive.  A  major  advan¬ 
tage  of  the  FEP  -  supported  system  is  the  generally  high  reliability  due  to  the  ab¬ 
sence  of  moving  components  (aside  from  valve  positioning).  The  most  attractive 
issue  appears  to  be  the  possibility  of'waste  heaf'ut  i  I  i  zat  ion  (e.g.  vessel  heat 
leaks,  instrument  dissipation  rates).  For  high  field  magnets,  an  example  of  liquid 
circulation  has  been  presented  in  Ref. [7].  For  space  cryogenics  systems,  the  use  of 
a  cooler-activated  FEP  unit  is  a  viable  option.  Also  heat  might  be"piped"  from 
solar  energy  concentrators  to  the  FEP  without  the  use  of  photo-vo I ta i cs .  Further 
recent  results  are  in  Ref.  [8]  . 

In  summary,  attractive  features  of  the  He  II  thermomechanics  are  available  for 
specific  refrigeration  and  heat  pumping  tasks. 


Figure  7  .  Vortex  refrigerator  with  a  counterflow  heat  exchanger  (CFHE),  schematical¬ 
ly;  AC  aftercooler  ,  CB  cold  box  ;  ESL  "expansion  superleak"  ,  FEP 
fountain  effect  pump  with  heater;  V  valve  . 
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Figure  8.  Example  of  multi-stage  "compression"  with  three  stages  of  FEP  units  de¬ 
signated  as  I,  II,  II  ;  AC  after  coolers  i n  He  II  supply  tank  (schemati  - 
cally  ;  inset  :  Temperature  -  Entropy  diagram  for  multi-stage  "comp-ess i 
on  and  "expansion"  ,  schematically. 
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SMALL  SIZE  HELIUM  REFRIGERATOR  WITH  MICRO  TURBO-EXPANDERS 
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A  Claude  cycle  helium  refrigerator  with  two-stage  expansion 
micro-turbines  has  been  developed.  The  refrigeration  capacity 
of  this  refrigerator  is  proved  to  be  70  W  at  77  K  and  5  W  at 
A. 5  K.  The  refrigerator  design  and  test  results  are  described 
in  this  paper.  This  refrigerator  can  meet  the  rapidly  increasing 
demands  for  maintenance  and  vibration  free  systems  which  are 
applicable  to  cryoelectronic  devices  such  as  the  NMR-CT  and 
Josephson  computers. 


Key  words;  Expansion  micro-turbines;  helium  refrigerator;  NMR-CT; 
Josephson  computers 


1.  Introduction 

In  the  field  of  small  helium  refrigerators,  a  Gif f ord-MacMahon  or  Solvay  cycle 
helium  refrigerator  with  regenerative  reciprocating  expa'  uer  are  commonly  used. 

But,  for  the  application  to  cryoelectronic  devices  such  as  NMR-CT  and  Josephson 
computers  which  require  a  maintenance  and  vibration  free  refrigerator  especially, 
the  Claude  cycle  refrigerator  with  turbo-expander  is  possibly  more  suitable.  Several 
attempts  [1]  had  been  made,  in  the  pastr  to  develop  a  micro  turbo-expander,  which 
is  a  key  component  for  developing  vibration  free  Claude  cycle  machines,  but  no  suc¬ 
cessful  application  has  been  reported  yet.  This  paper  describes  the  design  [2] 
and  test  results  of  a  turbo-expanded  Claude  cycle  helium  refrigerator. 


2.  Specification  and  construction  of  a  small  size  helium  refrigerator 

2.1  Specification  of  a  small  size  helium  refrigerator 

Typical  specifications  of  a  small  size  helium  refrigerator  with  micro  turbo¬ 
expanders  which  has  been  recently  developed  are  listed  in  Table  1.  The  liquefying 
method  is  a  conventional  Claude  cycle  with  a  refrigeration  capacity  of  70  W  at  77  K. 


Table  1.  Design  specifications  of  the  refrigerator 


Item 

Unit 

Specification 

Refrigeration  cycle 

— 

Claude  cycle 

Refrigeration  capacity 

W 

5  at  4.5  K 

70  at  77  K 

Inlet  pressure 

MPa 

1.62 

Outlet  pressure 

MPa 

0.12 

Turbine  efficiency 

% 

50 

Compressor 

i 

i 

Single-stage  screw 

2.2  Construction  of  a  small  size  helium  refrigerator 

A  small  size  helium  refrigerator  is  shown  in  Figure  1.  It  consists  of  a  compres¬ 
sor  unit  for  compressing  helium  gas,  a  cold  box  which  houses  two- micro  turbo- 
expanders,  five  heat  exchangers  and  a  Joule— Thompson  valve  (J— T  valve).  The  first 
stage  heat  exchanger  is  a  cylindrical  fin— tube  and  shell  type.  And  the  second  to 
the  fifth  stages  are  perforated  plate  type  heat  exchangers.  An  external  view  of 
the  cold  box  (^400  mm  in  OD  and  600  mm  in  height)  containing  these  major  components 
is  shown  in  Figure  2. 


at77K  at4.5K 
Figure  1.  Flow  diagram 


160 


Figure  2.  Cold  box  (CD  A00  x  600  H) 


2.2.1  Micro  turbo-expander 

The  micro  turbo-expander  is  a  vital  component  for  small  size  helium  refrigerator 
development.  The  performance  of  a  refrigerator  depends  upon  the  efficiency  of  the 
two  turbines.  Design  specifications  of  these  micro  turbo-expanders  are  listed  in 
Table  2.  The  rotational  speed  of  the  first  stage  and  the  second  stage  turbo¬ 
expanders  are  816,000  rpm  and  519, OjO  rpm  respectively. 


Table  2.  Design  specifications  of  micro  turbo-expanders 


Specification 

Unit 

1st  stage 

Rotation  speed 

rpm 

816,000 

519,000 

Inlet  pressure,  Pj 

MPa 

1.62 

0.61 

Inlet  temperature 

K 

77 

19 

Outlet  pressure,  P2 

MPa 

0.61 

0.12 

Out  temperature 

K 

65 

14 

Mass  flow  rate 

g/s 

2.8 

2.8 

The  turbo-expander  consists  of  a  radial  inward  flow  reaction  turbine  and  a 
centrifugal  brake  fan  mounted  on  the  upper  and  lower  ends  of  a  A  mm  diameter  shaft, 
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supported  by  self-acting  gas  bearings  as  shown  in  Figure  3.  The  turbine  wheel  with 
an  attached  shroud  has  a  diameter  of  6  mm  and  is  stablized  using  Rayleigh  step  type 
thrust  bearings  as  shown  in  Figure  4. 


Fan  gas  outlet 


For  journal  bearings,  which  are  vital  components  for  attaining  stable  high 
speed  operations,  we  have  developed  a  tilting  pad  type  bearing.  A  test  shaft  of 
4  mm  diameter  and  24.5  mm  length  has  been  successfully  driven  up  to  850,000  rpm 
using  helium  gas  at  room  temperature  conditions. 

The  turbine  inlet  temperature  was  verified  as  acceptable  for  rotations  at  LN2 
(77  K)  temperature  level.  The  measured  vibration  of  the  shaft  for  the  first  stage 
turbine  is  plotted  against  shaft  speeds  in  Figure  5.  During  these  tests  there  was 
no  sign  of  shaft  whirl. 

The  temperature  of  the  turbine  wheels  remains  very  low  (20  K  to  77  K) ,  while 
the  brake  fan  room  has  a  temperature  of  330  K.  This  temperature  difference  is  sig¬ 
nificant  in  that  it  tends  to  lower  the  adiabatic  efficiency  of  the  turbine  due  to 
heat  leakage.  To  prevent  such  heat  leakage,  the  turbine  casing  was  thinned  and 
thermal  insulation  was  provided  between  the  turbine  wheels  and  the  bearing  room. 
Full  consideration  was  given  during  seal  construction  to  the  prevention  of  high 
pressure  and  low  temperature  gas  leakage  at  the  turbine  inlet  into  the  bearing  room 
and  turbine  outlet. 


Figure  4.  Shaft  assembly. 


6 

1= 
a.  b 

</)  4 
0) 


Shaft  speed  (k  rpm  I 


Figure  5.  Vibration  amplitudes  of  1st  stage 
turbo-expander  shaft. 


2.2.2  Heat  exchanger 

For  large  size  helium  refrigerators,  aluminum  plate  fin  type  heat  exchangers 
are  commonly  used.  However,  this  type  of  heat  exchanger  is  not  adaptable  for  a 
small  size  refrigerator  unit  because  of  excessive  size.  To  resolve  this  problem, 
a  compact  perforated-plate  heat  exchanger  [3]  was  developed.  The  heat  exchanger 
employed  for  the  first  stage  is  a  conventional  cylindrical  fin  tube  and  shell  type. 
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but  the  second  to  fifth  stages  which  are  arranged  inside  the  cylindrical  body  consist 
of  perforated-plate  type  heat  exchangers.  The  cold  box  in  which  major  components 
are  compactly  arranged  is  shown  in  Figure  6. 


J.T  valve 


Figure  6.  Cold  box  major  component  layout. 

A  schematic  diagram  of  the  perforated-plate  heat  exchanger  is  shown  in  Figure  7. 
A  perforated  heat  transfer  sheet  of  copper  and  an  insulating  sheet  of  stainless 
steel  with  a  number  of  fluid  channels  are  stacked  and  bonded  together  using  a  diffu¬ 
sion  bonding  method.  This  heat  exchanger  can  provide  a  larger  transfer  area  per 
unit  volume  (1,500  m^/m"^  or  larger),  which  has  made  it  possible  to  reduce  the  size 
of  heat  exchanger.  The  fifth  stage  heat  exchanger  of  the  above  refrigerator  is 
only  one-fourth  of  the  size  of  a  conventional  aluminum  plate  fin  heat  exchanger. 


2.2.3  Compressor 

A  single-stage  screw  compressor  [4]  was  developed  for  use  in  this  refrigerator 
system.  Specifications  for  this  compressor  are  listed  in  Table  3,  and  a  photograph 
of  the  compressor  unit  is  shown  in  Figure  8.  This  unit  is  composed  of  a  single 
stage  hermetic  screw  compressor,  three  stage  oil  separators,  a  heat  exchanger  and 
a  control  valve.  The  level  of  impurity  of  helium  gas  leaving  the  unit  is  less  than 
0.002  ppm,  and  an  adiabatic  efficiency  as  high  as  76  to  78%  has  been  achieved. 
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Low  oressure  gas  inlet 


High  pressure  gas  inlet 


Figure  7.  Compact  perforated-plate  heat 
exchanger  layout. 


Table  3.  Design  specifications  of  the  compressor 


Variables 

Unit 

Design  Value 

Gas  Suction  Pressure 

MPa 

0.11 

Gas  Delivery  Pressure 

MPa 

1.87 

Gas  Delivery  Temperature 

C 

35 

Gas  Delivery  Flow  Rate 

g/s 

3.5 

Oil  Content  of  Delivery  Gas 

Vol .  ppm 

0.1 

3.  Test  results  and  discussion 

The  adiabatic  efficiency  of  the  turbo-expanders  is  plotted  against  the  velocity 
ratio,  U/Co,  in  Figure  9.  The  first  turbo-expander  indicates  an  efficiency  of  34  to 
44  %  for  turbine  inlet  temperatures  ranging  from  55  K  to  room  temperature.  These 
efficiencies  were  measured  as  a  function  of  the  velocity  ratio,  which  varied  between 
0.28  and  0.5.  The  design  value  of  U/Co  was  0.5  with  an  efficiency  (17)  of  50  %. 

Since  the  rotational  speed  of  the  first  stage  turbo-expander  was  limited  to  740,000 
rpm,  which  was  lower  than  the  design  speed  (816,000  rpm) ,  an  increase  in  the  turbine 
efficiency  may  be  anticipated.  The  second  turbo-expander  indicated  an  efficiency 
between  30  and  70  %  for  a  turbine  inlet  temperature  variation  between  19  and  100 
K.  This  temperature  variation  corresponded  to  a  velocity  ratio,  U/Co,  of  0.26  to 
0.52,  as  indicated  in  Figure  9.  Performance  of  the  second  stage  turbo-expander 
satisfied  the  design  target  of  77  =  50  %. 

For  example,  the  test  results  of  the  refrigerator  are  listed  in  Table  4.  Both 
micro  turbo-expanders  were  successfully  and  stably  operated  at  near  design  values 
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Adiabatic  efficiency  ?]  [% 


Figure  8.  Compressor  unit. 
(800  W  x  1520  L  x  950  H) 
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Figure  9.  Micro  turbo-exp3nders  efficiency, 


166 


Table  A.  Tost  results  c.f  the  refrigerator 


J  Item 

Test  Result 

Refrigeration 

Capacicy 

5W  at  A.5K 

70W  at  77K 

1  St 

Speed 

740.000  rpm 

Exp.  Turbine 

Efficiency 

AA  % 

2  nd 

Speed 

A70.C90  rptn 

Exp.  Turbine 

Efficiency 

70  % 

and  their  efficiency  during  liquefying  of  helium  was  AA  %  and  70  %  respectively. 
Refrigeration  capacity  of  this  refrigerator  was  proved  to  be  70  W  at  77  K  and  5  W 
at  A. 5  K,  and  these  results  satisfy  the  design  levels.  This  refrigerator  accom¬ 
plished  a  stable  refrigeration  capacity  when  operated  for  an  extended  time  of  more 
than  500  hours . 


A.  Conclusions 

A  low  vibration  and  maintenance  free  small  size  helium  refrigerator  with  micro 
turbo-expanders,  which  is  applicable  for  refrigeration  in  superconducting  NMR-CT 
or  Josephscn  computers,  has  been  developed.  This  refrigerator  has  a  refrigeration 
capacity  of  70  W  (at  77  K)  and  5  W  (^t  A. ,5  K)  ,  In  the  future,  it  is  intended, 
through  continuous  operations  over  longer  periods  of  time,  to  provide  estaDl.ished 
reliability  and  improve  efficiency  of  the  turbine. 
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Abstract 

Superconducting  systems  with  liquid  helium  bath  cooling  require  a  low  capacity, 
maintenance  free  helium  liquefier  to  recondense  the  helium  vapor  'boil-off'. 

A  novel  concept  to  fill  this  need  is  presently  under  development  at  the 
University  of  Calqary.  It  consists  of  a  Stirling  refrigerator  incorporating  four 
stages  of  expansion  with  a  displacer  similar  to  that  devised  by  J.  Zimmerman. 

The  Stirling  engine  incorporates  the  piston  drive  linkage  devised  by  A.  Ross 
which  virtually  eliminates  piston  side  thrust  and  the  evils  thereof.  The  Ross 
linkage  is  coupled  also  to  a  two  stage  helium  compressor  supplied  with  low  pressure 
helium  vapor  and  compressing  it  to  20  atm.  with  intercooling  and  aftercooling  to 
ambient  temperature. 

The  compressed  gas  is  cooled  to  progressively  lower  temperatures  by  the  four 
expansion  stages  of  the  Stirling  cryocooler.  It  is  passed  at  very  low  temperatures 
(i.e.  10  K  approx.)  to  a  final  stage  recuperative  Gi aque-Hampson  type  heat  exchanger 
and  the  Joule-Thomson  expansion  nozzle.  Some  fraction  of  the  helium  liquefies  on 
expansion,  the  remainder  returns  (with  new  vapor  boil -off)  to  the  low  pressure 
compressor  suction  inlet. 

This  integral  machine  is  driven  electrically  and  has  the  potential  to  operate 
automatically  and  unattended  for  very  long  periods  of  time.  It  is  anticipated  the 
unit  will  work  at  variable  conditions  according  to  the  demand  in  terms  of  the 
volume  or  mass  rate  of  flow  of  the  helium  boil-off  vapor. 

Keywords:  Helium  liquefier,  Stirling  cryocooler,  Zimmerman  displacer,  J-T 
expansion. 


1.  Introduction 

Superconducting  systems  are  customarily  cooled  by  liquid  helium  bath.  Meti¬ 
culous  effort  is  made  to  thermally  isolate  and  insulate  the  bath  and  contents  from 
the  environment.  Nevertheless,  some  small  'heat  leak'  is  intrinsic  to  all  systems 
and,  in  addition,  there  may  be  some  internal  thermal  generation  in  the  cooled 
system.  This  heating  will  progressively  vaporise  some  of  the  liquid  helium  so  that 
replenishment  is  necessary  from  time  to  time. 
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This  'topping-up'  process  is  relatively  expensive  and,  moreover,  to  be  done 
efficiently  and  effectively,  needs  people  with  high  levels  of  skill  and  e1  pertise. 

The  lack  of  liquid  helium  supplies  and  the  personnel  to  manage  it  can  prove  catas¬ 
trophic  to  the  continued  operation  of  the  superconducting  apparatus.  While  toler¬ 
able  for  laboratory  operations  this  situation  would  not  be  conducive  to  the  wide¬ 
spread  use  of  superconducting  apparatus,  for  example,  nuclear  magnetic  resonance 
(NMR)  apparatus  in  hospitals  and  health  clinics. 

There  is,  therefore,  a  need  for  a  cryocooler  capable  of  reliquefying  the 
helium  boil-off  from  storage  dewars  or  otherwise  providing  cryogenic  refrigeration 
to  virtually  eliminate  the  need  for  periodic  resupply  of  the  liquid  helium.  The 
cryocooler  should  be  operable  by  anyone  with  no  special  skills  or  knowledge 
beyond  operating  a  switch,  and  be  reliable  in  operation  for  extended  periods  without 
maintenance.  Routine  replacement  of  the  cryocooler  at  six  or  twelve  month  inter¬ 
vals  may  be  acceptable  but  extension  of  this  period  to  two  or  even  five  years 
is  preferred.  The  cost  of  the  cryocooler,  both  capital  and  operating,  should 
be  such  that  the  'payback  period',  the  time  when  savings  on  liquid  helium  equal 
the  cost  of  the  cryocooler,  should  be  less  than  two  years,  and,  preferably,  about 
one  year. 

Discussions  with  potential  users  of  the  cryocooler  lead  to  the  conclusion  that 
a  reliable  unit  capable  of  reliquefying  8  to  10  liters  of  liquid  helium  per  day 
would  readily  find  commercial  acceptance.  Some  potential  users  with  the  need  for 
higher  capacity  seem  willing  to  incorporate  the  use  of  multiple  low  capacity  cryo- 
coolers  to  meet  their  needs. 

The  cost  limit  for  such  a  cryocooler  is  difficult  to  establish  for  much  depends 
on  the  cost  and  availability  of  liquid  helium  and  skilled  staff.  In  general 
terms,  an  annual  cost  of  $20,000  is  frequently  quoted  for  helium  replenishment  and 
this  may  constitute  a  broad  target  figure  for  the  annual  cost  limit  for  the  helium 
liquefier.  This  would  include  the  annual  depreciation  of  the  capital  and  installa¬ 
tion  cost,  the  annual  operating  cost  for  electric  power,  water  for  cooling  and 
other  services,  the  maintenance  cost  for  replacing  the  cryocooler  at  annual  or 
semi-annual  intervals  and  the  cost  for  refurbishment  of  the  used  machine. 


2.  A  Low  Capacity  Helium  Liquefier 

A  novel  form  of  helium  liquefier  intended  to  fulfill  the  above  requirement 
is  at  the  earliest  stage  of  development  at  the  University  of  Calgary.  The  proposed 
liquefier  is  shown  in  Figure  1.  It  involves  no  new  scientific  principles  but 
simply  combines  several  disparate  elements  of  existing  technology  in  an  arrangement 
thought  to  be  novel . 

It  can  be  described  in  elementary  terms  as  a  mechanical  refrigerator  used  to 
precool  compressed  helium  prior  to  isenthalpic  expansion  (J-T  expansion)  with 
consequent  liquefaction  of  some  of  the  compressed  helium. 

The  mechanical  refrigerator  is  a  Stirling  cryocooler.  This  operates  on  a 
closed  regenerative  thermodynamic  cycle  with  compression  and  expansion  of  the 
working  fluid  at  different  temperature  levels.  The  basic  technology  of  Stirling 


170 


refrigerators  has  been  summarised  by  Walker  [l'J. 

The  form  of  Stirling  cryocooler  used  for  the  machine  shown  in  Figure  1  is  of 
the  two-piston  variety  rather  than  the  piston-displacer  machines  often  used. 

One  piston  reciprocates  in  a  cylinder  called  the  compression  space  at  temper¬ 
atures  near  ambient.  The  other  piston  reciprocates  in  a  cylinder  called  the 
expansion  space.  During  normal  operation  the  working  fluid  is  compressed  and  ex¬ 
panded  over  a  pressure  ratio  (p  /pm-jn)  'In  the  range  1.6:1  to  2:1.  Heat  is  ab¬ 
stracted  from  che  surrounds  of  tne  expansion  cylinder  to  the  working  fluid.  That 
heat,  plus  the  heat  equivalent  of  the  work  input  to  drive  the  refrigerator  is 
rejected  from  the  working  fluid  to  the  ambient  temperature  water  coolant  in  a  heat 
exchanger  called  the  cooler  located  adjacent  to  the  compression  space. 

In  the  proposed  Stirling  cryocooler  the  expansion  piston  is  a  long  thin 
element  of  solid  nylon  stepped  along  its  length  so  there  are  four  different  diame¬ 
ters.  Its  design  follows  the  principles  developed  and  sc  lucidly  enunciated 
by  J.  Zimmerman  [2],  including  the  use  of  articulated  lower  stages  to  minimise 
the  precision  of  concentricity  required  of  the  piston  and  cylinder. 

The  stepped  piston  reciprocates  with  a  short  stroke  i.n  a  long  thin  cylinder 
of  epoxy-fi hergl ass  tubing  with  diameters  only  slightly  in  excess  of  the  expansion 
piston.  As  the  piston  moves  in  the  cylinder  the  annuli i  formed  between  steps  in 
the  piston  and  cylinder  diameter  change  in  volume  so  there  are  in  essence  four 
separate  expansion  spaces.  The  four  expansion  spaces  are  thermally  isolated  from 
each  other,  relatively  speaking,  and  in  normal  operation  achieve  progressi vel v 
lower  refrigeration  temperatures,  say  80  K  for  the  upper  space,  10  K  for  the 
lowest  space  and  intermediate  temperatures  of  say  40  and  20  K.  Zimmerman  employed 
aluminum  foil  tubes  of  high  thermal  conductivity  to  effectively  use  the  refrigera¬ 
tion  produced  at  the  higher  temperatures  to  ’shield1  the  environs  of  the  lower 
temperature  spaces.  Of  course  the  expansion  cylinder  is  contained  in  a  thermally 
insulated  shell  (vacuum  or  methane  foam)  to  eliminate  radiation  and  convected 
heat  transfer. 

A  regenerative  heat  exchanger  is  a  vital  element  of  a  Stirling  cryocooler. 

This  can  be  of  the  dense  mesh  wire  screen  or  packed  bed  type  shown  in  Figure  1  in 
the  conduit  coupling  the  compression  and  upper  stage  expansion  spaces.  It  can 
also  be  of  the  regenerative  annulus  type  shown  in  Figure  1  in  the  low  clearance 
annular  space  connecting  the  various  expansion  spaces  along  the  expansion  piston. 
This  follows  the  practice  of  Zimmerman  |2|  and  utilizes  the  contribution 
of  Radebauqh  et  ai  |2|  to  the  design  of  regenerative  annular  heat  exchangers. 

The  compression  and  expansion  pistons  are  driven  by  a  novel  mechanical  linkage 
devised  by  A.  Ross  1 4 1  particularly  for  Stirling  power  generators.  Figure  2 
is  a  line  diagram  of  the  Ross  linkage  showing  the  loci  of  the  extremities  of  the 
yoke  coupled  to  the  reciprocating  pistons.  It  can  be  seen  the  loci  are  narrow 
’figures  of  eight’,  almost  a  straight  line  so  the  piston  side  forces  customarily 
arising  from  a  crank/connecting  rod  linkage  are  virtually  eliminated.  This  is 
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particularly  significant  for  Stirling  machines  intended  for  long  periods  without 
maintenance  for  it  minimises  the  side  loads  supported  by  the  unlubricated  seals  and 
guide  rings  on  the  piston.  The  linkage  causes  the  pistons  to  move  with  near-sinu¬ 
soidal  motion  and  with  a  phase  difference  close  to  the  90°  for  optimum  operation 
(see  Walker  [5] ) . 

The  same  linkage  can  be  used  to  drive  the  pistons  of  the  two  stage  helium 
compressor  shown  in  Figure  1  with  water-cooled  intercooling  between  stages  and 
aftercooling  of  the  compressed  gas.  Twenty  atmospheres  is, approximately, the  opti¬ 
mum  initial  pressure  for  helium  in  a  Joule  Thomson  expansion  for  it  is  close  to 
the  apex  of  the  isoenthalpes  at  low  temperature  (10  to  15  K).  With  helium  vapor 
available  at  atmospheric  pressure,  a  pressure  ratio  (P|pax/Pmin)  °f  ^  to  1  can  be 
readily  achieved  with  a  two  stage  helium  compressor  using  conventional  automatic 
ball-check  or  reed  valves. 

The  compressed  gas  leaving  the  compressor  and  aftercooler  enters  the  inner  tube 
of  a  long  insulated  double  pipe  heat  exchanger  connecting  the  compressor  with  the 
J-T  valve  located  below  the  bottom  (fourth  expansion  stage  of  the  Stirling  expan¬ 
sion  cylinder).  In  transit  from  the  compressor/aftercooier  outlet  to  the  J-T 
expansion  valve  the  high  pressure  helium  conduit  is  routed  so  as  to  be  progressively 
cooled  by  the  four  levels  of  refrigeration  generated  by  the  Stirling  cryocooler. 

This  is  supplementary  to  the  cooling  achieved  by  heat  exchange  with  the  low  pres¬ 
sure  return  helium  vapor  flowing  in  the  outer  annulus  of  the  double  pipe  heat 
exchanger  r } i  route  to  compressor  inlet. 

Following  final  precooling  of  the  compressed  helium  to  10  to  15  K  at  the  fourth 
expansion  stage  of  the  Stirling  cryocooler  the  compressed  helium  passes  to  a  con¬ 
ventional  final  stage  Giague-Hampson  coiled  tube  heat  exchanger  with  the  actual 
J-T  expansion  nozzle  at  the  lower  end. 

Iserthalpic  expansion  of  the  precooled  compressed  helium  in  J-T  nozzles  will 
result  in  conversion  of  a  fraction  of  the  helium  to  the  liquid  state  for  delivery 
by  gravity  feed  or  otherwise  to  the  helium  pool  in  the  storage  dewar  (it  is 
anticipated  that  where  possible  the  J-T  expansion  will  occur  in  or  very  close  to 
the  storaqe  dewar). 

The  fraction  of  expanded  qas,  very  cold  but  not  liquefied,  will  return  via 
the  outer  sheath  of  the  Giaque-Hampson  heat  exchanger  and  the  outer  annulus  of 
the  double  pipe  heat  exchanger  to  the  compressor  inlet.  It  will  be  supplemented 
by  fresh  vapor  generated  within  the  storage  dewar.  In  transit  to  the  compressor 
inlet  the  low  pressure  vapor  will  be  warmed  to  near  ambient  temperature  by  heat 
transfer  with  the  high  pressure  helium  en  route  to  the  expansion  nozzle. 

The  system  requires  a  single  electric  drive  motor,  probably  a  conventional 
125  V  or  220  V  A.C.  motor  with  thyristor  speed  control  to  effect  simple  regulation. 
The  refrigeration  output  of  the  Stirling  cryocooler  is,  to  a  first  approximation, 
a  linear  function  of  both  the  machine  speed  and  mean  pressure  level  of  the  working 
fluid.  The  speed  of  the  drive  motor  and  the  pressure  level  of  the  helium  working 
fluid  (bled  from  the  high  pressure  delivery  of  the  high  pressure  compressor)  can, 
in  principle,  be  regulated  readily  by  interactive  feedback  control  using  the 
criterion  of  helium  vapor  pressure  in  the  storage  dewar. 
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Any  commercial  J-T  expansion  nozzle  may  be  incorporated  with  the  system  pro¬ 
vided  the  flow  characteri sti cs  are  compatible.  The  preferred  nozzle  is  the  new 
temperature  sensitive,  annular  expansion  unit  described  by  Hedegard  et  al  [5j. 

This  is  preferred  because  of  its  demenstr ated  tolerance  to  relatively  contaminated 
gases.  This  is  valuable  for  extended  operation  for  it  minimises  or  even  eliminates 
the  need  for  effective  filtration  of  the  compressed  qas.  Another  advantage  of  the 
Hedegard  J-T  nozzle  is  the  facility  with  which  adjustment  of  the  fluid  flow  rate 
can  be  readily  accomplished  even  in  the  course  of  operation,, 


3.  Conclusion 

The  unit  described  above  is  at  the  earliest  stage  of  development  buc  no  exten¬ 
sion  of  the  technological  boundaries  are  anticipated  and  relatively  straightforward 
engineering  development  is  involved. 
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PERFORMANCE  OF  VM  COOLER  COUPLED  WITH  TWO  STAGE  G-M  COOLER 
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This  paper  describes  the  performance  of  the  4.5K  Vuilleumier 
(VM)  cycle  cryocooler  coupled  to  a  commercial  two  stage  Gifford- 
McMahon  (G-M)  cycle  cryocooler.  The  compression  part  of  Vuilleu¬ 
mier  cryocooler  works  between  room  temperature  and  the  first 
stage  temperature  (~80K)  of  a  G-M  cryocooler,  so  that  the  trouble 
caused  by  high  temperature  (>300°C)  operation  could  be  avoided. 
Another  advantage  of  operating  below  room  temperature  is  that 
a  high  pressure  ratio  can  be  obtained  easily.  Before  it  flows 
into  the  expansion  space,  the  working  gas  of  the  Vuilleumier 
cryocooler  is  precooled  using  the  G-M  cooler's  second  stage 
cold  end  (at~15K).  In  the  low  temperature  region,  especially 
below  10K,  the  temperature  swing  caused  by  the  gas  expansion 
becomes  noticeable  because  of  the  low  specific  heat  of  the  cold 
end  material.  In  this  paper,  the  effect  of  a  helium  gas  damper 
on  the  temperature  stability  is  also  discussed. 


Key  words:  Vuilleumier  cycle.  Gif f ord-McMahon  cycle,  cryocooler, 
gap  regenerator,  thermal  damper,  helium 


1.  Introduction 

The  development  of  reliable,  low  cost,  easily  operated  cryocoolers  has  been 
required  for  superconducting  and  other  cryogenic  devices.  In  our  previous  work, 
we  demonstrated  a  Gif ford -McMahon  (G-M)  cycle  cryocooler  operating  below  5K.  This 
cooler  was  precooled  to  a  temperature  of  about  10K  using  another  commercially  avail¬ 
able  Gif ford-McMahon  cryocooler [1] .  The  reliability  of  long  term  operation  would 
be  improved  by  use  of  a  Vuilleumier  (VM)  cycle  cooler  operated  below  room  temperature 
or  by  use  of  an  annular  gap  regenerator.  Operating  the  Vuilleumier  cooler  below 
room  temperature  would  free  it  from  the  gas  impurity  problem  caused  by  high  tempera¬ 
ture  operation  and  the  consequent  degradation  of  performance  caused  by  gas  leakage 
through  wearing  piston  seals. 
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In  the  previous  cryocooler  conference  we  described  a  Vuilleumier  cryocooler 
in  which  the  compression  part  was  operated  between  room  temperature  and  liquid  nitro¬ 
gen  temperature.  That  system  consists  of  two  Vuilleumier  cryocooler s,  one  precooled 
to  about  16K  by  the  second.  The  ultimate  temperature  was  5.4K,  and  acceptable  heat 
load  was  about  lOmW  at  7K[2]. 

To  establish  an  acceptable  apparatus  for  the  long-life  operation,  the  system 
of  a  two-staged  Vuilleumier  cryocooler  precooled  by  a  commercially  available  two- 
staged  Gif f ord-McMahon  cryocooler  was  selected.  The  design  and  experimental  results 
are  described  in  this  paper. 


2.  Design 

Figure  1  shows  the  profile  of  the  Vuilleumier  (VM)  cryocooler  coupled  with 
a  two-stage  Gif ford-McMahon  cryocooler  which  is  commercially  available  for  such 
uses  as  cryopumps.  All  of  the  cylinders  are  made  of  304  stainless  steel  and  other 
metals  to  prevent  leakage  of  helium  gas  into  the  vacuum  vessel.  The  components 
have  been  carefully  joined  with  Ag  containing  solder.  The  compression  part  of  the 
Vuilleumier  cryocooler  is  operated  between  room  temperature  and  a  cold  source  tempera¬ 
ture  (approximately  80K)  provided  by  the  first  stage  of  the  Gif ford-McMahon  cryo- 
cooler.  Therefore  the  compression  ratio  of  working  helium  gas  depends  on  the  cooling 
temperature  of  the  first  stage  of  Gif ford-McMahon  cryocooler.  This  allows  us  to 
find  the  best  pressure  ratio  for  the  Vuilleumier  cryocooler.  The  physical  dimensions 
are  shown  in  table  1.  In  the  compression  part,  a  gap  regenerator  is  used  and  the 
displacer  is  made  of  the  cured  phenolic  resin  reinforced  by  cotton  cloth.  It  is 
47mm  in  diameter  and  about  190mm  in  length.  The  radial  clearance  of  the  displacer 
section  is  about  0.1  to  0.2mm.  The  heat  injection  part,  which  is  35mm  long  at  room 
temperature,  is  made  of  brass.  It  is  heated  only  by  heat  from  the  drive  motor. 

The  heat  rejection  part  is  covered  by  a  30mm  wide  copper  band,  which  is  thermally 
balanced  with  a  copper  bridge.  The  stroke  of  the  compression  part  is  15mm. 


Table  1.  Physical  dimensions  of  Vuilleumier  cryocooler. 
(All  values  in  millimeters.) 


. 

Compression  Part 

1st  Stage 
Expansion  Part 

2nd  Stage 
Expansion  Part 

Cylinder  O.D. 

048 

015 

012 

Cylinder  thickness 

0.5 

0.5 

0.5 

Displacer  O.D. 

047 

013.9 

010.9 

Displacer  length 

190 

360 

300 

The  expansion  parts  consist  of  two  stages.  The  expansion  intake  stroke  is 
5mm.  The  structure  and  the  displacer  material  are  the  same  as  those  used  in  the 
compression  part.  The  first  and  second  cylinders  are  made  of  304  stainless  steel 
and  have  an  outer  diameter  of  15mm  and  12mm  respectively.  Both  cylinders  have  a 
0.5mm  thickness.  The  first  stage  displacer,  which  is  about  13.9mm  in  diameter  and 
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Figure  1.  VM  cryocooler  coupled  with  two  stage  G-M  crvocooler. 


360mm  in  length,  consists  of  two  parts  that  are  carefully  connected  with  pins  to 
reduce  physical  stress.  The  displacer  can  be  moved  freely  and  it  has  50  to  70/im 
in  radial  clearance.  The  second  stage  displacer  is  approximately  10.9mm  in  diameter 
and  300mm  in  length.  The  structure  is  the  same  as  the  first  stage;  clearance  is 
about  20  to  45/un. 

The  working  gas  coming  from  the  compression  part  of  the  VM  cooler  is  precooled 
below  15K  by  the  thermal  anchor  of  the  second  stage  Gif f ord-McMahon  cryocooler  and 
flows  into  the  first  expansion  volume.  Using  a  stepping  motor  to  drive  a  double 
scotch  yoke  mechanism,  any  operation  cycle  speed  is  available,  and  the  displacer 
moves  in  sinusoidal  wave  motion.  Various  angles  between  the  expansion  and  compression 
displacers  can  be  selected.  This  machine  needs  perfect  stem  seals  for  the  displacer 
drive  rods  (04mm) ,  but  it  must  be  possible  to  remove  the  stem  seals  by  covering 
the  drive  mechanism  portion  with  metal  caps.  The  strain  gauge  type  pressure  trans¬ 
ducer  which  is  connected  to  the  heat  injection  volume  by  capillary  tube  is  used 
to  minimize  the  dead  volume. 

A  schematic  diagram  of  the  Vuilleumier  cryocooler  cold  end  is  shown  in  Figure 
2.  Carbon  glass  resistance  and  germanium  resistance  temperature  sensors  are  used 
at  the  cold  end  and  the  sample  holder,  respectively.  A  gauge-type  electric  heater 
is  attached  to  the  sample  holder  to  simulate  heat  load.  Copper  or  brass  components 
are  joined  with  pure  indium,  which  has  high  thermal  conductivity  in  the  liquid  helium 
temperature  range.  Helium  flows  into  the  brass  reservoir  through  a  304  stainless 
steel  capillary  during  the  gas  condensing  process.  To  reduce  the  conduction  heat 
through  lead  wires  of  cold  sensors,  phospher  bronze  instead  of  pure  copper  wires 
are  used.  It  is  necessary  to  reduce  the  temperatuere  oscillation  which  is  induced 
by  the  displacer  motion.  Zimmerman  and  Sullivan [3]  have  succeeded  in  reducing  the 
temperature  oscillation  at  8.5K  using  a  brass  thermal  damper  containing  helium. 

The  reduction  ratio  (P)  of  a  temperature  oscillation  having  a  sinusoidal  wave  can 
be  expressed  as  follows. 


where  ATc  and  ATs  are  the  temperature  oscillation  at  the  cold  end  and  the  sample 
holder  respectively,  L  is  the  length  of  the  thermal  damper  (helium  reservoir  contain¬ 
ing  helium  gas),  Tq  is  the  period  of  oscillation,  and  a  is  the  thermal  diffusivity 
of  the  damper.  This  thermal  diffusivity  is  defined  as 

r  2  ,  1  _  X 

a  Icm  /sec  =  - 

P'C 

n 

where  X(W/cm-K)  is  thermal  conductivity,  c  (J/g-K)  is  specific  heat  and  p(g/cm  ) 
is  density.  Choosing  a  small  a  value  improves  the  thermal  damping  effect.  Although 
the  temperature  of  the  sample  holder  is  increased  by  heating,  a  good  damping  effect 
on  the  temperature  oscillation  can  be  obtained  when  low  thermal  conductivity  materials 
are  used.  For  these  reasons,  brass  is  preferable  as  the  damper  material  rather 
than  pure  copper.  Especially  if  the  helium  in  the  reservoir  is  liquified  in  opera¬ 
tion  below  5K,  the  use  of  brass  might  increase  this  damping  effect  significantly. 

The  refrigeration  capacity  of  the  particular  Gif f ord-McMahon  cryocooler  used 
is  10W  at  80K  and  1W  at  15K.  This  G-H  cryocooler  has  sufficient  cooling  capacity 
that  it  can  provide  acceptable  performance  when  it  is  used  in  combination  with  the 
VM  cooler.  According  to  Vuilleumier  cycle  analysis  using  the  isothermal  model. 
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Figure  2.  Schematic  diagram  of  cold  end  portion  of  VM  cryocooler. 
Parts  are  joined  using,  pure  indium. 
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the  compression  cycle  work  which  the  first  stage  of  the  G-M  cryocooler  must  accept 
is  less  than  1W  at  80K.  Analysis  conditions  are:  cycle  speed,  60  rpm;  base  pressure, 
O.IMPa;  and  pressure  ratio,  2.3.  In  addition,  there  are  several  thermal  losses 
such  as  regeneration  loss,  conduction  loss,  radiation  loss,  shuttle  loss,  etc. 

The  radiation  loss  is  especially  noticeable.  This  system  has  radiation  shields 
made  of  electro  tough  pitch  copper  ( C 1 1 00 )  that  are  1mm  thick  at  the  80K  level  and 
0.5mm  thick  at  the  15K  level.  Superinsulation  technique  is  also  used. 


3 .  Experiment 

The  experiment  was  carried  out  under  proper  thermal  isolation.  A  mechanical 
rotary  pump  was  used  for  initial  evacuation.  The  cryopump  effect  was  used  after 
the  seal-off  valve  was  closed.  The  residual  helium  pressure  was  kept  below  10  ^Pa 
(10-6  Torr) .  Thermal  radiation  that  heated  up  the  outer  and  inner  shields  was  at 
acceptable  levels.  For  the  outer  radiation  shield,  bottom  side  temperature  was 
87K  and  cooling  side  temperature  was  81K.  For  the  inner  radiation  shield,  these 
temperatures  were  14K  and  13K.  In  this  system,  the  ultimate  temperatures  of  the 
first  and  the  second  stage  of  Gif f ord-McMahon  cryocooler  were  72K  and  12. 5K,  respec¬ 
tively,  when  the  Vuilleumier  cryocooler  was  not  operating.  Therefore  the  heat  loads 
on  the  first  and  the  second  stages  were  estimated  at  7W  and  almost  0W,  respectively, 
by  using  the  cooling  capacity  data  which  was  taken  without  any  cooling  objects. 

In  the  same  way,  when  the  Vuilleumier  cryocooler  was  operated  under  the  conditions 
of  about  30rpm  and  mean  working  pressure  of  about  0.3MPa  (3atm) ,  the  heat  load  on 
each  cooling  station  was  estimated  at  10. 7W  at  81K  and  less  than  0.1W  at  13. 2K. 

The  system  can  be  operated  at  any  value  of  expansion  compression  phase  angle;  however, 
the  results  of  the  isothermal  model  calculation [4]  indicated  80°  as  the  optimum 
value,  and  was  the  value  used  in  this  paper. 

It  took  approximately  8  hours  for  this  particular  Gif f ord-McMahon  cryocooler 
to  reach  its  working  temperature  level  because  it  had  to  cool  the  masses  of  the 
copper  radiation  shield  and  copper  thermal  bridges.  Both  the  cooldown  time  and 
ultimate  temperature  of  this  particular  Vuilleumier  cryocooler  depend  upon  the  mean 
working  pressure  or  the  cycle  speed.  Results  and  conditions  of  the  Vuilleumier 
cryocooler  operation  in  the  cooldown  period  are  given  in  table  2,  and  the  temperature 
profile  is  described  in  Figure  3.  The  duration  the  cooldown  time  can  be  reduced 
by  increasing  the  working  pressure  or  cycle  speed.  In  the  case  of  the  ideal  gas, 
the  cycle  work  is  proportional  to  the  mean  pressure  and  cycle  speed.  If  the  cooldown 
time  is  inversely  proportional  to  the  cycle  work  of  the  expansion  space,  cooldown 
time  for  case  1  will  become  12  hours.  In  this  calculation  cooldown  time  of  the 
Gif f ord-McMahon  cooler’s  first  stage  (8  hours)  is  not  affected  by  the  Vuilluemier 
cooler's  mean  working  pressure  or  cycle  speed.  Considering  the  heat  load  of  the 
helium  reservoir,  cooldown  time  of  15  hours  is  acceptable.  In  case  1,  the  ultimate 
temperature  was  5.3K,  which  was  higher  than  the  critical  temperature  (5.201K). 

In  case  2,  the  temperature  reached  was  below  the  critical  point. 

Figure  4  shows  the  measured  value  of  cold  end  temperature,  pressure  and  dis¬ 
placement  value  of  Vuilleumier  cryocooler.  The  working  pressure,  which  changed 
in  a  sinusoidal  fanhion,  was  mesured  by  using  a  pressure  transducer  at  room  temper¬ 
ature.  The  displacement  volume,  which  also  changed  sinusoidaly,  was  measured  by 
using  a  linear  displacement  convertor.  In  both  cases  [A]  and  [B]  of  Figure  4  the 
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Table  2.  Cooldown  time  and  conditions  of  operation. 


Conditions 

Cooldown 

Mean 

Pressure 

Cycle 

Speed 

He 

Reservoir* 

Working  State 
of  G-M  Cooler 

VM  Cooler 

Pm 

(MPa) 

(rpm) 

(MPa) 

1st 

(80K) 

2nd 

(13K) 

Cooldown 

Time 

Ultimate 
Temp .** 

Case  1 

0.^9 

37 

0.5 

8  hours 

2.5  hours 

15  hours 

5.3-5.5K 

Case  2 

0.28 

19 

8  hours 

2.5  hours 

22  hours 

5.2-5.5K 

*  Initial  charged  pressure  at  room  temperature. 

**  With  variation  as  shown  in  Figure  3. 

helium  reservoir  (Figure  2)  was  not  attached  to  the  cold  end.  We  can  find  the  inter¬ 
esting  point  in  the  temperature  wave  in  [B]  and  [C] .  However  the  stroke  in  which 
that  small  perturbation,  or  "crick"  occurred  was  different.  In  case  [B] ,  a  constant 
temperature  region  appears  during  the  gas  expansion  stroke.  When  the  data  were 
taken,  mean  temperature  was  slowly  increasing  by  heating  of  2.4mW.  The  last  state 
was  the  same  as  [A],  In  case  [C] ,  the  helium  reservoir  was  loaded,  the  crick  appears 
during  the  gas  compression  stroke,  and  seems  especially  to  occur  when  the  pressure 
goes  over  the  critical  pressure  (2.245  atm).  This  pressure-temperature  relation 
is  described  on  the  T-S  diagram  shown  in  Figure  5.  This  T-S  diagram  was  drawn  using 
a  computer  program  of  McCarty's  helium  properties  [5] .  The  symbols  of  [A],  [B] , 
and  [C]  are  the  same  as  those  in  Figure  4.  In  the  case  of  [C]  it  is  supposed  that 
the  particular  crick  is  caused  by  the  entrance  to  the  supercritical  region.  In 
the  case  of  [B]  it  is  supposed  that  particular  crick  is  caused  by  the  latent  heat 
of  phase  transition.  The  initial  and  the  final  part  of  crick  region  is  shown  in 
Figure  5  by  the  symbol  of  (•) .  Comparing  [A]  and  [G]  shows  that  increasing  cycle 
speed  increases  refrigeration.  The  same  discussion  could  be  carried  out  from  the 
comparison  of  [E]  and  [F] .  The  ultimate  temperature  of  4.3K  was  obtained  in  case 
[E]  . 


Figure  6  shows  the  cooling  capacity  of  this  Vuilleumier  cryocooler  with  helium 
reservoir.  The  data  from  [C]  and  [D]  in  Figure  5  are  included  in  Figure  6.  When 
the  mean  working  pressure  was  about  2atm,  the  transition  occurred  between  the  cooling 
capacity  of  4mW  and  5mW.  In  this  region  the  amplitude  of  the  temperature  change 
was  unstable.  In  the  region  of  over  5mW,  there  is  no  liquid  in  the  expansion  space, 
and  therefore  the  temperature  changes  sinusoidally.  A  cooling  capacity  of  about 
3mW  with  a  temperature  swing  of  4.7  to  4.9K  was  obtained.  In  the  operation  of  over- 
critical  pressure,  the  temperature  obtained  was  not  below  the  critical  point.  In 
this  particular  Vuilleumier  cryocooler,  low  pressure  operation  gives  more  cooling 
capacity  than  high  pressure  operation.  The  reason  is  that  the  performance  of  the 
regenerator  is  limited  by  heat  capacity.  In  such  a  low  temperature  region  the  regen¬ 
erator  is  short  of  heat  capacity,  and  this  regenerator  loss  should  be  larger  than 
the  P-V  work  of  the  gas. 
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Figure  3.  Cooldown  of  VM  cryocooler. 

CASE  1;  mean  pressure  of  4.8  atm,  37  rpm,  helium  reservoir  of  4.9  atm 
CASE  2;  mean  pressure  of  2.8  atm,  19  rpm,  without  helium  reservoir 


(K)  (atm) 


[C]  with  helium  reservoir 
cycle  speed  of  28  rpm 
electric  heat  load  of  4.5  mW 


[Bl  without  helium  reservoi r 
cycle  speed  of  19  rpm 
electric  heat  load  of  2.4  mW 
(during  transition  period) 


[A]  without  helium  reservoir 
cycle  speed  of  24  rpm 
electric  heat  load  of  3.7  mW 


Figure  4.  Experimental  results. 
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TEMPERATURE  (K) 


I 


I 


Figure  5.  Cooling  cycle  of  the  second  expansion  volume  of  the  VM  cryocooler  on 
the  T-S  diagram  of  helium. 

[A] ,  without  helium  reservoir,  24rpm,  3.7mW. 

[B]  .  without  helium  reservoir,  19rpm,  2.4mW. 

[C]  .  with  helium  reservoir,  28rpm,  4.5mW. 

[D]  .  with  helium  reservoir  of  2.6atm,  28rpm,  3.7mW. 

[E]  .  with  helium  reservoir  of  1.2atm,  28rpm,  no  heat  load. 

[F]  .  with  helium  reservoir,  4.7rpm,  no  heat  load. 

[G]  .  without  helium  reservoir,  19rpm,  3.3mW. 
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COOLING  CAPACITY  (mW) 


=  4.9  atm 
=3.9  atm 

=  2.0  atm 


Figure  6.  Cooling  capacity  of  the  VM  cryocooler. 

Pm  is  mean  pressure  and  operating  cycle  speed  is  28  rpm. 
The  hatching  area  shows  the  temperature  variation. 


This  experiment  did  not  involve  research  into  the  thermal  damping  effects  of 
the  helium  reservoir  shown  in  Figure  2.  Therefore  the  temperature  of  the  sample 
holder  was  not  measured  at  all,  even  if  the  helium  was  conducted  to  the  reservoir. 
Figure  7  shows  the  damping  effect  of  helium  reservoir  using  a  different  set  of 
Vuilleumier  cryocooler  and  damper.  The  temperature  of  both  the  cold  end  and  the 
sample  holder  was  about  6. IK.  Amplitude  of  the  temperature  oscillation  at  the  cold 
end  was  about  400mK  and  is  shown  on  Figure  7  by  the  closed  circles.  The  amplitude 
of  the  temperature  oscillation  at  the  sample  holder  is  shown  in  two  lines,  one  having 
the  same  frequency  as  the  cryocooler  and  the  other  showing  the  maximum  swing  caused 
by  the  unstable  motion  of  this  cooler.  Using  high  pressure  helium  gas,  a  good  damping 
effect  was  obtained.  When  the  pressure  of  the  helium  reservoir  was  7atm,  the  tem¬ 
perature  oscillated  at  2Hz  with  an  amplitude  of  1.5mK  and  the  maximum  amplitude 
change  was  5mK.  Therefore  the  reduction  ratio  is  equal  to  0.013  and  the  thermal 
conductivity  of  the  damper  is  estimated  at  about  0.036  (W/cm-K)  at  8K. 


4.  Conclusion 

We  have  succeeded  in  operating  a  two-staged  Vuilleumier  cryocooler  below  4.5K. 
The  cryocooler  was  coupled  with  a  commercially  available  two-staged  Gif f ord-McMahon 
cryocooler.  A  cooling  capacity  of  4mW  was  obtained  at  a  temperature  below  5K. 

In  spite  of  the  condition  that  only  a  phenolic  regenerative  displacer  was  used  in 
this  experiment,  this  cryocooler  reached  liquid  helium  temperature  with  a  fractional 
cooling  capacity.  Sufficient  heat  transfer  was  realized  in  the  annular  gap  regener¬ 
ator  by  using  a  long  displacer  (shown  in  table  1)  and  low  cycle  speed.  In  this 
study,  we  found  the  phenolic  displacer  can  be  used  as  a  regenerator,  although  it 
is  necessary  to  improve  the  regenerative  heat  capacity  to  obtain  large  cooling 
capacity. 
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PRESSURE  (atm) 

(a)  (b) 


Figure  7.  Damping  effect  of  helium  reservoir. 

(a);  Amplitude  of  temperature  oscillation  of  each  stage. 

O  shows  the  amplitude  of  oscillation  of  Ts  at  2  Hz  which  is 
equal  to  the  cycle  speed  of  the  cooler  operation. 

□  shows  slow  changes  in  temperature  because  of  unstable  motion 
of  the  cooler.  This  amplitude  is  the  maximum  change. 

•  shows  the  amplitude  of  oscillation  of  Tc .  The  maximum  and 
the  minimum  pressure  is  2.1  atm  and  1.5  atm  in  a  cycle  respec¬ 
tively. 
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Performance  results  of  the  QUANTUMCOOLER  closed-cycle 
liquid  helium  dip  cryocooler  demonstrate  1/4  watt  of  cooling 
power  at  liquid  helium  temperature.  The  dip  dewar  access  port 
allows  easy  introduction  of  devices  into  the  liquid  helium  bath 
without  breaking  any  vacuum  seals.  In  this  manner  devices  to 
be  cooled  can  be  changed  in  a  few  minutes.  It  is  ideally 
suited  for  cooling  superconducting  devices,  samples,  infra-red 
detectors  and  microwave  amplifiers.  Reliability  and  cooling 
power  data  from  5000  hours  of  operation  is  presented.  No 
deterioration  of  the  flow  rate  in  the  Joule-Thomson  circuit  has 
been  detected  during  the  more  than  3000  hours  of  continuous 
operation  at  liquid  helium  temperatures. 

Key  words:  cryocooler;  helium  dewar;  Joule-Thomson  valve;  liquid 
helium. 


1.  Introduction 

We  are  describing  here  in  some  detail  a  complete  liquid  helium  dewar  system 
containing  its  own  closed  cycle  liquifier.  It  was  developed  to  fulfill  a  number  of 
specific  design  criteria.  It  is  felt  that  with  careful  design  a  cooling  power  of 
1/4  W  at  4.2  K  is  sufficient  for  a  large  class  of  applications.  A  two-stage 
Gifford-McMahon  (G-M)  refrigerator  followed  by  a  Joule-Thomson  (J-T)  expander  was 
chosen  to  provide  helium  liquifaction.  A  bath  of  liquid  helium  is  essential  for 
excellent  temperature  stability.  It  also  provides  greatly  increased  effective 
cooling  power  for  intermittent  heat  loads  such  as  sample  cooling.  However,  the 
liquid  helium  space  should  be  easily  accessible  to  allow  for  quick  immersion  and 
removal  of  equipment.  The  liquifier  proper  should  be  a  self  contained  unit  to  be 
used  in  a  number  of  different  dewar  configurations.  Some  possible  applications  are 
cooling  of  infrared  and  microwave  detectors;  cooling  of  superconducting  magnets  of 
modest  size;  cooling  of  superconducting  electronics;  experimental  measuring  dewar 
for  resistivity,  T  ,  tunnelling  and  similar  measurements;  helium  transfer  system  to 
replenish  large  capacity  but  low  heat  load  dev;ars.  In  all  these  situations  closed 
systems  are  desirable,  making  helium  recovery  mandatory. 
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A  dip  dcwar  version,  QUANTUMCOOLER  4.2  (TM),  was  designed  and  built  by  Quantum 
Technology.  After  2000  hours  of  test  runs  at  liquid  helium  temperatures  it  was 
delivered  to  SFU's  Low  Temperature  Lab  and  started  on  16  May  1986.  The  liquifier 
has  been  running  continuously  ever  since  and  has  now  logged  over  3000  additional 
hours  of  continuous  operation  at  liquid  helium  temperature  without  any  sign  of  flow 
rate  deterioration  in  the  J— T  loop.  The  dip  dewar  is  used  for  resistivity  and 
tunnelling  measurements  on  thin  film  structures. 


2.  Principle  of  construction 

One  of  the  main  features  is  the  complete  separation  between  the  liquifier 
system  and  the  accessible  liquid  helium  space.  The  closed  loop  liquifier  produces 
its  own  small  quantity  of  liquid  in  a  heat  exchanger  after. the. J-T  expander.  This 
liquid  is  not  accessible,  it  is  part  of  the  closed  loop.  Instead  of  being 
surrounded  by  a  vacuum,  the  liquifier  sits  in  a  specially  designed  well  of  a  dewar 
which  contains  the  actual  accessible  liquid  helium  bath.  This  liquid  is  obtained 
through  condensation  of  helium  gas  in  thermal  contact  with  the  closed  loop 
liquifier.  In  this  way,  two  important  advantages  are  achieved.  Small  leaks  in  the 
liquifier  are  of  no  great  concern,  since  it  is  surrounded  by  another  helium  space 
not  a  vacuum.  This  principle  was  already  used  to  great  advantage  in  the  Collins 
liquifier.  The  accessible  helium,  being  separate  from  the  J-T  loop,  does  not  have 
to  be  particularly  pure.  Contaminations  will  freeze  out  in  the  dewar  space  and  can 
simply  be  removed  by  turning  the  liquifier  off,  letting  them  evaporate. 

The  addition  of  a  J-T  loop  to  a  G-M  cryocooler  to  achieve  operation  at  liquid 
helium  temperature  is  not  new.  A  large  number  of  papers  have  been  written  on  such 
systems  [1]  .  The  dewar  construction  is  shown  in  figure  1.  A  prototype  was  already 
discussed  in  an  earlier  paper  [2].  A  similar  dewar  was  independently  proposed  by 
Longsworth  as  a  solution  to  the  interfacing  problem  between  refrigerators  and 
cryostats  [3], 

The  QUANTUMCOOLER  (TM)  design  is  compatible  with  almost  any  two-stage  Gifford- 
McMahon  refrigerator.  A  water  cooled  Air  Products  DISPLEX  (TM)  202  was  used  in  this 
model.  The  G-M  refrigerator  operates  with  an  inlet  pressure  of  0.65  MPa  (95  psia) 
and  an  outlet  pressure  of  2.2  MPa  (320  psia).  Gas  returning  from  the  J-T  loop  at  a 
pressure  between  0.005  and  0.2  MPa  (0.7  and  30  psia)  is  compressed  by  a  J-T 
compressor  up  to  the  inlet  pressure  of  the  G-M  compressor.  Thus  the  J-T  and  G-M 
compressors  are  in  effect  working  in  series  to  provide  an  overall  compression  ratio 
adjustable  between  11  and  440.  The  schematic  is  shown  in  figure  2.  The  J-T  loop, 
'clog-proof’  J-T  expander,  J-T  compressor,  helium  purifiers  and  helium  recovery 
compressor  are  Quantum  Technology  Corp.  products. 

3.  Dewar 

The  dewar  space  consists  of  two  interconnected  spaces:  the  liquifier  well  and 

^Numbers  in  brackets  refer  to  the  literature  references  listed  at  the  end  of  this 
report . 
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Figure  1  Schematic  of  dewar  (not  to  scale) 

A:  G-M  cryocooler.  B:  J-T  loop.  C:  heat  exchangers.  D:  heat  shield.  E:  J-T  valve. 
F:  condenser.  G:  thermal  links.  H:  dip  tube.  J:  recovery.  K:  ball  valve. 


the  dip  access  tube.  A  special  construction  allows  for  efficient  heat  transfer 
between  the  80  K  and  15  K  cold  stages  of  the  refrigerator  and  the  dewar  wall.  The 
bottom  of  the  dewar  space  is  made  entirely  of  copper.  A  heat  shield  anchored  at 
80  K  and  sheets  of  super insulat ion  are  placed  in  the  permanentely  sealed  vacuum 
space.  Temperature  monitors  are  attached  to  the  various  isothermal  blocks.  The 
dip  tube  with  7/8  inch  clearance  (22.2  mm)  is  closed  at  the  top  with  a  ball  valve 
with  a  sliding  0-ring  seal  above  it.  This  gives  easy  access  for  the  equipment 
being  lowered  into  the  helium  bath. 
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The  helium  in  the  dewar  space  is  part  of  a  separate  closed  system.  The 
pressure  is  usually  maintained  above  atmospheric  pressure  to  prevent  accidental  air 
contamination.  The  overpressure  also  assists  in  the  condensation  of  the  helium  gas. 

A  small  helium  recovery  compressor  stores  the  unused  helium  gas  in  a  115  liter  tank 
rated  at  1.2  MPa  (175  psia).  In  this  way  1/2  liter  of  liquid  helium  can  be  stored  as 
gas  and  reused  conveniently. 


Figure  2  Schematic  of  gas  flow 

A:  J-T  compressor.  B:  G-M  compressor.  C:  dewar.  D:  recovery  compressor.  E:  storage. 


4.  Compressors 

The  G-M  compressor  from  Air  Products  was  not  modified.  The  Quantum  Technology 
J-T  and  the  recovery  compressors  are  based  on  hermetically  sealed  oil  lubricated 
units  chosen  for  their  reliability  and  proven  performance.  Helium  places  heavy 
demands  on  any  compressor  due  to  the  large  temperature  rise  during  compression. 
Effective  cooling  is  important  for  compressor  reliability  as  well  as  for  preventing 
cracking  of  the  lubricant  and  contamination  of  the  helium  gas.  Special  cooling  and 
filtration  was  used  in  our  units.  The  compressors  are  protected  against  lubrication 
failure,  cooling  failure  or  electrical  overload  by  automatic  power  cutout  devices. 
The  total  power  consumption  of  the  compressors  is  2  kW.  The  J-T  compressor  is 
equipped  with  digital  readouts  to  monitor  the  J-T  loop  flow  and  the  return  gas 
pressure. 
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5.  Helium  purity 


The  dip  tube  space  is  tolerant  of  relatively  impure  helium.  Over  one  liter  of 
air  as  impurity  is  required  before  mechanical  blockage  can  occur.  Thus  the  helium 
in  this  space  must  be  maintained  at  99.9%  pure  or  better.  The  published  helium 
purity  requirements  for  the  G-M  cryocooler  is  only  99.995%.  This  is  because  G-M 
cryocoolers  are  relatively  insensitive  to  impurities  until  a  sufficient  accumulation 
of  solid  contamination  causes  an  increase  in  the  friction  of  the  sliding  displacer. 

J-T  coolers  are  much^more  demanding.  The  vapor  pressure  of  solid  air  at  4  K  is 
well  below  10"  Pa  (10~  atm).  This  means  that  any  contaminants  in  the  system 
will  eventually  accumulate  at  the  low  temperature  end.  Furthermore,  the 
conventional  J-T  valve  has  such  a  tiny  orifice  that  it  is  easily  plugged.  In  a 
recent  paper,  Lester  and  Benedict  [4]  estigate^that  the  volume  of  solid  required  to 
plug  a  conventional  J-T  valve^is  about  10  ^  cm.  If  the  impurity  is  a  frozen  ga§3 
this  corresponds  to  about  10  standard  crn  of  gas.  Assuming  a  gas  charge  of  10 
standard  cm  ,  the  system  must  initially  be  charged  with  helium  of  a  purity  of 
99.999  999%  (8  nines).  The  impurities  are  then  soon  trapped  at  the  cold  end. 
However,  if  the  cryocooler  is  to  operate,  as  ours  has,  ^or  5000  hours  with  a  flow 
rate  of  100  standard  cni  /sec  a  total  of  10’  standard  cm"3  of  gas  has  gone  through  the 
J-T  loop.  This  would  require  that,  in  operation,  the  gas  entering  the  J-T  loop 
would  have  to  be  better  than  99.999  999  999  9%  (12  nines)  pure.  As  Lester  and 
Benedict  point  out  this  is  impractical  because  outgassing  from  surfaces  alone 
produces  more  impurities.  In  practice,  a  J-T  cooler  of  that  type  will  only  operate 
for  a  few  minutes  before  plugging,  not  for  5000  hours. 

We  have  devoted  several  years  of  research  to  this  problem.  Our  solution  is  a 
combination  of  careful  purification  of  the  helium  when  charging  the  system,  the  use 
of  room  temperature  and  cold  filters  to  remove  impurities  in  the  gas  as  well  as  a 
proprietary  'clog-proof'  Joule-Thomson  valve. 

One  major  problem  encountered  during  the  research  was  the  lack  of 
instrumentation  which  could  measure  suitably  small  impurity  levels  in  helium.  This 
meant  that  every  time  we  wanted  to  test  the  helium  purity  the  cryocooler  had  to  be 
operated  for  days  or  weeks,  while  carefully  monitoring  the  flow  to  see  if  it 
dropped.  To  overcome  this  problem,  Quantum  Technology  developed  an  instrument,  the 
QUANTUMDETECT  (TM) ,  to  quickly  detect  and  measure  the  amount  of  impurity  in  a  helium 
gas  flow.  It  operates  by  freezing  out  impurities  at  a  low  temperature.  The  sensor 
is  mounted  on  a  dip  tube  suitable  for  use  in  the  QUANTUMC00LER  or  in  a  dewar  of 
liquid  helium.  The  full  scale  reading  is  30  milligrams  of  impurity  and  the 
sersitivity  is  3  milligrams.  This  instrument  enabled  us  to  measure  and  identify  (by 
their  sublimation  temperatures)  impurities  in  our  system.  This  was  an  important  aid 
in  the  development  of  the  purification  system  and  in  reliability  testing  of  the 
cryocooler . 

A  specially  designed  liquid  nitrogen  cooled  helium  purifier,  the  QUANTUMPURE 
(TM) ,  is  used  when  charging  the  cryocooler  with  readily  available  99.999%  ultra  high 
purity  helium.  This  is  the  only  time  when  liquid  nitrogen  is  required. 
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Tests  of  the  'clog-proof'  J-T  valve  under  simulated  conditions  clearly 
demonstrate  that  it  will  not  clog.  Naturally,  once  sufficient  impurities  freeze  in 
the  J-T  loop  the  loop  will  become  plugged.  However,  the  plug  does  not  occur  in  the 
J-T  valve  and  its  formation  requires  many  orders  of  magnitude  more  contaminants  than 
for  a  conventional  J-T  valve  Hence  the  name  'clog-proof'  valve. 

Carefully  designed  cold  filters  and  heat  exchangers  trap  impurities  which  enter 
the  J-T  loop  in  operation.  During  reliability  testing,  we  deliberately  introduced 
measured  volumes  of  air  into  the  J-T  loop.  We  found  that  100  standard  cnr  caused  a 
noticable  decrease  in  the  flow  through  the  J-T  loop,  but  did  not  plug  it.  This  is 
10U,000  times  more  impurities  than  the  estimate  by  Lester  and  Benedict  for  a 
conventional  J-T  valve  (without  filtration).  We  can  estimate  the  purity  of  the  gas 
entering  our  J-T  loop  in  operation  as  follows.  ^Since  no  decrease  in  flow  occurred 
during  3000  hours  of  operation,  which  forced  1C<  standard  cni  of  helium  through  the 
J-T  loop,  less  than  100  cmJ  of  impurities  could  have  accumulated.  Thus  the  purity 
of  helium  at  the  room  temperature  entrance  to  the  J-T  loop  must  exceed  99.999  99% 

(7  nines)  when  the  system  is  in  operation. 


6.  Operation 
6.1  Start-up 

The  Quantumcooler  4.2  is  very  easy  to  operate.  Cooldown  is  achieved  by  turning 
on  the  power  switches  on  the  G-M,  J-T  and  recovery  control  units.  No  attention  is 
required  during  cooldown,  in  operation  or  during  warmup.  Power  failures  can  do  no 
harm.  The  cooldown  times  are  as  follows:  17  hours  from  room  temperature  to  15  K  and 
2  hours  from  15  K  (G-M  compressor  running)  to  4.3  K.  The  relatively  long  initial 
cooldown  is  due  to  the  somewhat  poor  thermal  contact  between  heat  shield  and  80  K 
stage  and  could  easily  be  improved. 


6.2  Temperature  control  and  stability 

The  equilibrium  temperature  of  the  dip  dewar  is  determined  by  the  pressure  at 
the  outlet  of  the  J-T  expander.  Since  both  liquid  and  gaseous  helium  are  present, 
the  temperature  is  determined  by  the  vapor  pressure  of  helium.  The  pressure  at  the 
room  temperature  end  of  the  J-T  gas  return  line  is  adjustable  by  means  of  a 
regulator  on  the  J-T  compressor.  This  allows  the  operator  to  vary  the  equilibrium 
temperature  between  the  critical  point  of  helium  (5.2  K)  and  the  lowest  temperature 
for  continuous  operation  (2.7  K).  The  lower  temperature  limit  is  determined  by 
limitations  of  the  J-T  compressor.  There  is  a  small  pressure  difference  between  the 
J-T  expander  and  the  J-T  compressor,  due  to  the  pressure  drop  in  the  heat 
exchangers.  This  has  only  a  small  effect  (a  few  tenths  of  a  degree)  on  the 
equilibrium  temperature. 

The  pressure  in  the  dip  dewar  space  is  independently  controllable  by  the 
operator.  Normally  it  is  set  to  a  pressure  above  the  J-T  return  pressure  to  allow  a 
pool  of  helium  to  be  liquified.  During  the  liquifaction  process  the  temperature  of 
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the  liquid  is  determined  by  the  pressure  of  the  gas  in  the  dip  tube  space.  However, 
once  the  equilibrium  liquid  level  is  reached,  only  a  thin  layer  of  liquid  at  the  top 
is  at  that  temperature.  The  remainder  is  cooled  to  a  colder  temperature  determined 
by  the  J-T  return  pressure.  This  stratification  of  the  liquid  helium  is  stable  due 
to  the  low  thermal  conductivity  and  rapid  variation  of  the  density  of  the  liquid 
with  temperature.  We  do,  in  fact,  routinely  maintain  a  bath  temperature  of  2.7  K  at 
a  pressure  of  0.13  MPa  (19  psia).  Only  a  thin  layer  at  the  top  of  the  bath  is  at 
4.5  K  which  is  the  boiling  point  at  that  pressure. 

The  temperature  stability  in  the  liquid  bath  is  excellent.  The  thermal  time 
constant  is  several  hours  due  to  the  high  specific  heat  of  liquid  helium.  This 
completely  damps  out  any  possible  short  term  temperature  fluctuations.  Long  term 
temperature  fluctuations  are  only  about  0,03  K  in  1000  hours  without  any  electronic 
regulation . 

The  1/2  liter  pool  of  liquid  helium  may  be  intentionally  boiled  for  two 
purposes.  In  one  case  the  G-M  and  J-T  systems  are  switched  off  and  helium  is 
allowed  to  boil  off  and  is  returned  (via  the  helium  recovery  compressor)  to  the 
recovery  tank.  This  allows  over  four  hours  of  operation  at  liquid  helium 
temperature  without  any  mechanical  noise  or  vibration.  In  the  second  case,  a 
reduced  pressure  is  applied  to  the  dip  tube  space  to  achieve  lower  temperatures. 
Using  the  QUANTUMC00LER  (TM)  recovery  compressor  a  temperature  as  low  as  2.2  K  can 
be  reached.  The  limit  is  given  by  the  fixed  compression  ratio  of  the  recovery 
compressor.  Using  an  external  vacuum  pump  temperatures  far  below  2  K  can  be 
maintained  for  three  hours  before  all  the  helium  is  boiled  off.  The  temperature 
distribution  is  now  very  homogeneous.  The  only  disadvantage  is  the  loss  of 
protection  against  accidental  air  intake  into  the  dip  dewar  space  inherent  in  all 
pumped  liquid  helium  reservoirs. 


6.3  Cooling  power 

The  cooling  power  of  the  QUANTUMC00LER  (TM)  is  nominally  1/4  watt  at  liquid 
helium  temperature.  Naturally,  the  exact  cooling  power  depends  on  the  flow  through 
the  J-T  circuit  and  the  temperature  of  operation.  As  can  be  seen  from  figure  3  the 
temperature  of  operation  remains  relatively  constant  independent  of  the  heat  applied 
until  a  limit  is  reached.  This  is  when  the  applied  heat  exceeds  the  cooling  power 
and  the  J-T  loop  starts  to  warm  up.  The  warming  in  the  J-T  loop  causes  a  decrease 
in  gas  density  which  causes  a  decrease  in  flow  rate  which  causes  a  decrease  in 
cooling  power.  This  positive  feedback  results  in  a  sharp  rise  in  temperature  and 
hysteresis  in  the  temperature-heat  curves.  When  operation  at  the  lowest  possible 
temperature  is  desired  the  flow  through  the  J-T  loop  (and  hence  the  cooling  power) 
is  deliberately  decreased  because  of  the  limited  capacity  of  the  J-T  compressor. 

The  bath  of  liquid  helium  makes  these  temperature-heat  curves  difficult  to 
measure  because  the  bath  can  support  large  heat  loads  for  hours  simply  by  boiling 
off  some  helium.  The  rate  of  boiling  is  determined  by  the  difference  between  the 
applied  heat  and  the  cooling  power.  As  a  result  it  takes  hours  or  days  to  reach 
equilibrium  when  the  applied  heat  is  close  to  the  cooling  power. 
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Figure  3  Cooling  power  for  different  settings  of  flow  rate  and  back  pressure 


6.4  Dip  tube  access 

Gaining  access  to  the  liquid  helium  bath  is  straightforward.  The  only 
precaution  one  has  to  take  is  to  make  sure  that  no  large  quantities  of  air  are 
introduced  into  the  dip  dewar.  Maintaining  positive  pressure  in  the  dewar  space,  at 
least  while  the  access  valve  is  open,  is  essential.  As  a  safety  feature,  a 
combination  of  timer  and  pressure  sensor  will  turn  off  the  G-M  and  J--T  compressors 
if  the  valve  has  been  left  open  to  the  atmosphere  too  long. 

The  equipment  to  be  introduced  into  the  helium  bath  must  not  evaporate  all  the 
helium.  Very  light  objects  can  be  inserted  and  dipped  into  the  liquid  helium  bath 
immediately,  cooling  from  room  temperature  to  4.2  K  in  a  few  seconds.  With  heavy 
objects,  it  is  prudent  to  hold  them  at  the  70  K  stage  for  precooling  because  the  5  W 
cooling  power  available  there  can  remove  most  of  the  heat  content  without  needlessly 
boiling  off  any  liquid  helium. 
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7.  Conclusions 


The  closed-cycle  liquid  helium  dip  cryocooler  presented  here  has  been  in 
operation  for  over  5000  hours  and  is  still  running.  In  normal  operation  only  two 
controls  are  used.  One  determines  the  return  pressure  in  the  J-T  loop  and  hence  the 
temperature.  The  other  controls  the  flow  rate  in  the  J-T  loop  and  hence  the  cooling 
power.  No  adjustments  are  required  during  cooldown  or  warmup.  Careful  attention  to 
the  design  and  fabrication  have  resulted  in  a  reliable  trouble-free  cryocooler 
system.  The  long  running  time  is  attributed  to  the  special  purification  and 
filtration  of  the  helium  as  well  as  to  the  novel  'clog-proof'  J-T  valve. 


We  are  grateful  foi  the  valuable  advice  from  Ken  Myrtle  and  the  technical  help 
and  ingenuity  of  Russel  Barton.  Financial  support  by  the  Science  Council  of  British 
Columbia  as  well  as  NSERC  is  gratefully  acknowledged.  DISPLEX  is  a  trademark  of  Air 
Products  and  Chemicals  Inc.  QUANTUMCOOLER ,  QUANTUMPURE  and  QUANTUMDETECT  are 
trademarks  of  Quantum  Technology  Corp. 


8.  References 

[1]  see:  Cryocooler  Conferences,  U.S.  Dept,  of  Commerce,  NBS  Special  Publications 
#508  (1978),  #607  (1981)  and  #698  (1984).  A  good  source  is  also  the  series: 
Advances  in  Cryogenic  Engineering  (Plenum  Press). 

[2]  Gygax,  S.,  Cheap  helium  liquifiers,  Physica  126B,  134-137  (1984) 

[3]  Longsworth,  R.  C.,  Interfacing  small  closed-cycle  refrigerators  to  liquid  helium 
cryostats.  Cryogenics  24^,  175-178  (1984). 

[4]  Lester,  J.  M. ,  and  Benedict,  B. ,  Joule-Thomson  valves  for  long  term  service  in 
space  cryocoolers,  Proc.  Third  Cryocooler  Conf.,  NBS  Special  Publication  #698, 
257-266  (1984). 


197 


Preceding  Page  Blank 


RECONDENSING  REFRIGERATOR  FOR  SUPERCONDUCTING  NMR-CT 


T.  Koizumi,  K.  Kuroki,  Y.  Tomita, 
Y.  Kanazawa,  and  M.  Suzuki 


Cryogenic  Design  Section 
Precis  ion. Products  Group 
Sumitomo  Heavy  Industries,  Ltd. 
Tanash i -C i ty,  Tokyo  188,  Japan 


This  paper  mainly  describes  a  compact  closed-cycle  helium 
refrigerator  (3.5W  at  4.3K)  and  a  recondensing  system  using  the 
refrigerator  of  the  evaporated  helium  gas  of  superconducting  NMR- 
CT  at  Medical  Center  of  Chiba  University  in. Japan.  The  cycle  of 
this  refrigerator  consists  of  a  two-stage  Sumitomo’s  modified 
Gi f ford-McMahon  cycle  refrigerator  and  a  Joule-Thomson  loop.  For 
the  recondensing  system,  direct-mounted-type  refrigerator  unit 
has  been  selected.  After  removal  of  magnet  current  lead  from 
S.C.M.  cryostat  of  the  NMR-CT,  the  recondenser  connected  to  the 
end  of  transfer  tube  of  the  refrigerator  unit  is  inserted  through 
the  magnet  current  lead  entry.  The  refrigerator  provides  its 
helium  mist  coolant  to  the  recondenser  located  in  the  gas  phase  of 
the  liquid  helium  vessel  of  the  S.C.M.  cryostat  and  refrigerator's 
helium  mist  coolant  in  the  recondenser  suppreses  gas  phase  pres¬ 
sure  inside  the  liquid  helium  vessel.  It  Indicates  recondensation 
of  evaporated  helium  gas  inside  the  liquid  helium  vessel. 

Now  we  have  been  successfully  accumulating  running  data  of 
this  recondensing  system  and  no  electromagnetic  brake  against 
the  refrigerator  operation  from  the  S.C.M.  cryostat  has  been 
observed  and  also  no  NMR  image  distortion  has  been  caused  by  the 
refrigerator  operating  near  the  S.C.M.  cryostat. 

Key  words:  Compact  heat  exchanger;  cryogenic  ref r igerator ; 
helium  recondenser;  NMR-CT;  superconducting  magnet 


1.  Introduction 

Nuclear  magnetic  resonance  (NMR)  has  now  become  an  exceptionally  powerful 
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investigative  technique  in  the  Life  science  and  the  material  science.  In  the  field 
of  medicine,  NMR-CT  is  used  especially  for  imaging  of  humans  to  examine  medical 
d i aqnos i s . 

All  NMR  use  magnets,  while  a  few  instruments  use  permanent  magnets  and  elec- 
trcmaanets,  most  instruments  use  superconducting  magnets  because  the  large  bore 
high  field,  high  homogeneity,  and  high  stabilily  are  required  to  the  magnets.  It 
promises  to  provide  the  first  targe  scale  commercial  market  for  cryogenic  compo¬ 
nent  because  as  the  key  component  of  5.C.M.  NMR-CT,  the  superconducting  magnet  is 
essentially  needed.  To  maintain  the  superconducting  magnet  in  NMR-CT  at  liquid 
helium  temperature,  liquid  helium  of  0.4  l/h  and  liquid  nitrogen. of  1.0  l/h  are 
usually  consumed  (1)',  so  such  cryogen  transfer  is  needed  at  regular  intervals. 

We  have  developed  a  recondensing  refrigerator  system  of  the  evaporated  helium 
gas  of  the  5.C.M.  NMR-CT.  Without  liquid  helium  refill,  the  system  has  made  it 
possible  to  operate  S.C.M.  NMR-CT  continuously.  This  paper  mainly  describes  the 
results  of  the  performance  of  the  recondensing  refrigerator  system. 


2.  Recondensing  system 

There  are  some  practical  cryogenic  refrigeration  system  for  S.C.M.  NMR-CT. 

The  S.C.M.  cryostat  in  which  the  radiation  shields  are  cooled  by  axillary  refriger- 
tors  such  as  two  slage  G-M  refrigerator,  can  do  away  with  the  need  for  liquid 
nitrogen  and  can  reduce  liquid  helium  consumption  to  less  than  half  but  not  to  zero. 

Our  purpose  is  to  provide  a  refrigeration  system  to  need  not  refill  liquid 
helium  by  recondensing  the  evaporating  helium  gas  within  the  cryostat. 


3.  Layout  of  system  design 

Layout  of  the  refrigeration  system  for  the  S.C.M.  NMR-CT  is  shown  in  fig.  1. 
The  ref r i gerat ion  system  consists  of  refrigerator  unit,  compressor  unit  and  gas 
he l i um  line. 

The  refrigerator  unit  has  the  transfer  tube  arid  the  reconderiser  is  connected 
to  the  end  of  transfer  tube.  Also,  this  refrigerator  unit  is  suspended  from  the 
ceiling  with  the  lift  and  can  be  moved  up  and  down  using  the  lift. 

The  compressor  unit  is  installed  in  adjacent  room  and  combined  to  the  refrig¬ 
erator  unit  with  the  interconnecting  gas  helium  line.  The  refrigerator  unil  on  the 
lift  is  moved  to  just  above  the  S.C.M.  cryostat.  And  after  removal  of  magnet 
current  lead,  this  refrigerator  unit  is  precisely  moved  down  with  the  lift.  The 
recondenser  is  inserted  through  the  magnet  current  lead  entry  arid  located  in  the 
gas  phase  of  the  liquid  helium  vessel  of  the  S.C.M.  cryostat. 


^Numbers  i n  brackets  refer  to  the  literature  references  listed  at  the  end  of 
this  report. 
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4.  Compact  helium  refrigerator 

Flow  diagram  of  compact  helium  refrigerator  for  the  5.C.M.  NMR-CT  is  shown  in 
fig.  2.  The  refrigerator  unit  is  the  combination  of  a  two  stage  Sumitomo's  Gifford- 
McMahon  cycle  refrigerator  and  a  Joule-Thomson  loop.  This  Sumitomo's  Gifford- 
McMahon  refrigerator  is  the  modification  of  so. cal  led  Gi f ford-McMahon  refrigerator. 
Sumitomo's  Gi f ford-McMahon  refrigerator  (SRD-208)  have  been  widely  used  as  a 
cryopump  ref r igerator . 

The  Sumitomo's  SRD-208  has  a  hybrid  mechanism  of  displacer  by  simultaneous 
use  of  drive  motor  and  highpressure  helium  gas,  and  meets  such  a  requirement  of 
a  small,  compact,  noiseless  and  reliable  refrigerator. 

The  Joule-Thomson  loop  itself  consists  of  three  heat  exchangers  and  Joule- 
Thomson  valve.  The  heat  exchangers  are  laminated  metal-plastics  heat  exchangers 
(2)  of  light  weight  and  high  efficiency,  developed  for  the  on-board  refrigerators 
in  Japanese  National  Railways  Superconducting  Magnetic  Levitated  Train  Project. 

The  recondenser  is  a  vertical  condenser  type  where  condensation  takes  place 
on  the  outer  surface.  To  enhance  condensation  heat  transfer  surface,  a_  vertical 
shallow-fluted  tube  is  used. 

The  compressor  unit  is  constructed  with  two  hermetic  type  compressors,  oil 
separator,  adsorber,  storage  tank,  and  control  safety  devices. 

Capacity  of  the  refrigerator  is  3.5W  at  4.3K  and  electrical  power  is  about 
7.5KW.  Noise  level  of  refrigerator  unit  and  compressor  unit  are  about  51 (dB) 
and  54 ( dB ) ,  respectively.  A  photograph  of  the  refrigerator  is  shown  in  fig.  3. 


5.  Prel imi nary  test 

Preliminary  tests  conducted  are  as  follows; 

(a)  Refrigerator  reliability  test 

(b)  Recondensing  test 

(c)  Refrigerator  operation  test  under  magnetic  field 

(d)  Influence  of  refrigerator  to  5.C.M.  NMR-CT  image 

Test  results  are  mentioned  briefly. 

(a)  Refrigerator  reliability  test 

We  have  already  developed  several  proiotype  refrigerators  of 
3.5W  at  4.3K  refrigeration  capacity  and  we  have  been  running 
these  refrigerators  more  than  15000  hours  successfully  ever 
s  i  rice. 

(b)  Recondensing  test 

Fig.  4  shows  the  recondensing  test  apparatus.  In  this  test, 
heat  load  is  given  by  electric  heater  immersed  into  the  liquid 
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helium.  Test  results  are  shown  in  fig.  5  and  fig.  6.  Fig.  5 
shows  the  relation  between  equilibrium  pressure  versus  heater 
input.  In  this  test,  the  distance  between  recondenser  and 
liquid  helium  level  is  kept  constant,  100mm,  and  only  J-T 
flow  is  changed  as  a  parameter. 

Fig.  6  shows  test  results  at  constant  J-T  flow  rate. 

Parameter  is  only  distance  of  recondenser  and  liquid  helium 
level.  The  higher  the  distance. is,  the  higher  equilibrium 
pressure  of  the  vessel. is  observed.  This  means  slight 
liquid  helium  temperature  rise  in  this  vessel. 


(c)  Refrigerator  operation  test  under  magnetic  field 

By  assuming  that  only  motor  of  the  refrigerator  will  be 
affected  by  magnetic  field,  we  have  tested  magnetic  effect 
to  the  ref r i gerator ,  and  it  is  confirmed  it  can  be  operated 
unt  i  l  1000  gauss. 


(d)  Influence  of  refrigerator  to  NMR-CT  image 

We  have  measured  phantom  image  distortion  according  to  the 
change  of  location  of  the  refrigerator.  The  results  are  as 
follows; 

When  this  refrigerator  is  located  at  30  gauss  line*  no  image 
distortion  is  observed.  But  at  100  gauss  line,  a  slight 
distortion  is  observed,  so  at  100  gauss  line  location,  shim¬ 
ming  procedure  of  S.C.M.  cryostat  is  to  be  needed. 


6.  Installation  and  performance 

We  installed  the  compact  helium  refrigerator  +o  the  S.C.M.  NMR-CT  at  Medical 
Center  of  Chiba  University  in  March,  1986.  Fig.  7  is  a  photograph  of  the  re¬ 
condensing  system  of  the  S.C.M.  NMR-CT  at  Chiba  University.  The  relation  of  the 
liquid  helium  level  and  the  pressure  of  liquid  helium  vessel  and  the  running 
time  is  shown  in  fig.  8.  After  this  initial  running,  the  gas  helium  vent  line  of 
the  S.C.M.  cryostat  was. closed,  the  pressure  of  the  vessel  began  to  rise. 

After  a  few  days,  we  have  controlled  t-he  J-T  valve  in  order  to  adjust  operation 
condition.  Finally  we  have  established  stable  operating  condition.  However 
long  large  slow  variation  of  equilibrium  pressure  (0. 1 10-0. 1 14MPa)  will  be 
observed.  We  think  this  variation  will  be  caused  by  several  conditions,  such  as 
environmental  and  other  unknown  conditions.  Also  fig.  8  shows  that  the  liquid 
helium  level  was  almost  kept  constant,  that  means  helium  loss  became  zero. 


7.  Conclusions 

The  recondensing  system  of  evaporated  helium  gas  has  made  it  possible  to 
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operate  the  5.C.M.  NMR-CT  without  the  Liquid  helium  refill.  The  electromagnetic 
effect  of  the  magnetic  fieLds  of  5.C.M.  cryostat  to  the  refrigerator  operation  has 
not  been  observed  and  also  NMR- image  distortion  to  be  induced  by  refrigerator 
operation  has  not  been  observed  owing  to  shimming  procedure.  During  operation, 
there  were  no  indications  of  contaminant  freeze  out  in  this  refrigerator  system. 
This  successful  operation  data  and  performance  of  the  recondensing  refrigerator 
has  been  confirmed  its  versatile  adaptability  to  5.C.M.  NMR-CT  system. 


The  authors  are  greatly  indebted  to  Professors  N.  Arimizu  and  5.  Uematsu  for 
giving  us  a  chance  of  this  experiment  and  variable  instruction.  Also  the  authors 
wish  to  express  their  thanks  to  Picker  International,  T.F.P.  ( Toray-Fu j i -P icker 
International  Inc.)  for  their  cooperation  and  Oxford  Magnetic  Instrument,  F.O.T. 
(Furukawa  Oxford  Technology  Ltd.)  for  their  kind  advice  and  technical  assist¬ 
ance. 
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THE  DESIGN,  FABRICATION,  AND  TESTING  OF  A  NOVEL 
TITANIUM- ALUMINUM  HEAT  EXCHANGER 


R.C.  Sweet  and  R.L.  Bronnes 


PHILIPS  LABORATORIES 
North  American  Philips  Corporation 
Briarcliff  Manor,  New  York  10510 


Special  techniques  for  constructing  a  novel  titanium- 
aluminum  heat  exchanger  for  use  as  the  expansion  chamber  in  a 
Stirling  cycle  cryogenic  refrigerator  are  described.  The 
relatively  high  thermal  conductivity  of  aluminum,  the  poor  con¬ 
ductivity  and  high  strength  of  titanium,  and  the  light  weight 
features  of  both  materials  are  used  to  advantage  in  a  unique 
heat  exchanger  configuration.  To  retain  the  helium  working 
gas,  the  titanium-aluminum  surfaces  have  to  be  hermetically 
sealed,  and  the  structure  has  to  withstand  a  large  number  of 
temperature  cycles.  Since  both  metals  are  highly  reactive, 
conventional  sealing  techniques  (brazing)  tend  to  load  the 
joint  interface  with  undesirable  constituents.  To  attain  the 
required  hermeticity,  a  novel  assembly  technique  was  therefore 
developed,  whereby  the  aluminum  component  is  vacuum  melted 
within  a  titanium  receptacle.  The  fabrication  of  a  particular 
heat  exchanger  configuration,  as  well  as  test  results  on  the 
structure  and  on  the  aluminum-titanium  interface  are  presented. 

Key  words:  Aluminum-Titanium  joining,  Cryogenic  heat 
exchangers,  Sti rl ing-cycl e  refrigerator  exchanger  components. 
Testing  aluminum-Titanium  joints. 


2 .  Introduction 


In  order  to  reduce  the  weight  of  a  Stirling  cycle  cryogenic  refrigerator  and 
to  improve  the  vibration  characteristics  of  its  cold  end  (or  expansion  chamber),  a 
novel  cold-side  heat  exchanger  was  developed.  The  new  design  utilizes  the  high 
thermal  conductivity  of  aluminum,  and  the  comparatively  low  thermal  conductivity 
and  high  mechanical  strength  of  titanium.  To  meet  design  and  performance 
specifications,  especially  the  need  to  retain  the  helium  working  gas,  the  aluminum 
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had  to  be  hermetically  bonded  to  the  titanium  [l]1.  Following  its  fabrication, 
the  heat  exchanger  is  tungsten  inert  gas  (TIG)  welded  to  the  mating  portion  of  the 
refrigerator,  which  contains  helium  at  a  pressure  as  high  as  1000  psi.  The  heat 
exchanger,  a  prototype  of  which  is  shown  in  Fig.  1,  must  survive  temperature 
cycling  between  29Z°K  and  77°K  without  failure. 


It  would  not  be  possible  to  construct  a  hermetic  and  structurally  sound  heat 
exchanger  if  aluminum  had  to  be  joined  to  titanium  by  any  of  the  conventional 
joining  methods.  A  major  difficulty  in  selecting  any  such  method  is  that  the 
coefficient  of  thermal  expansion  (or  contraction)  of  aluminum  is  approximately 
twig,e  that  of  titanium.  Welding  aluminum  to  titanium  is  not  feasible,  and  the  use 
of  mechanical  fasteners  is  technologically  unacceptable. 


We  solved  the  problem  of  joining  these  highly  reactive  metals  by  vacuum 
melting  aluminum  in  titanium  cups  to  form  composite  structures.  These  structures 
were  then  sectioned  and  machined  into  heat  exchangers.  Since  the  pressure  vessel 
of  the  refrigerator,  i.e.  the  part  mating  with  the  heat  exchanger,  was  made  of  the 
T i -5A1-2 . 5Sn  alloy,  the  cups  were  made  of  the  same  alloy  to  simplify  the  TIG 
welding  during  final  assembly.  For  the  aluminum  part  of  the  exchanger  we  selected 
1100  alloy,  because  it  is  a  good  heat  conductor  is  low  in  contaminants  and  it  is 
readily  available.  The  melting  was  done  in  a  vacuum  environment  in  order  to 
minimize  oxidation  of  these  highly  reactive  metals.  The  cups  were  6.4  cm  high, 
4.06  cm  in  diameter  with  a  3.2  mm  thick  wall  section,  and  weighed  approximately  105 
grams.  The  bottoms  of  the  cups  were  made  from  0.81  mm  thick  sheet  which  were  TIG 
welded  to  the  wall  section.  The  closely  fitting  aluminum  inserts  measured  5.4  cm 
high  and  3.42  cm  in  diameter,  and  weighted  approximately  134  grams. 


The  cups  and  inserts  were  chemically  cleaned  to  remove  surface  contaminants 
which  could  prevent  the  aluminum  from  wetting  and  bonding  to  the  titanium.  The 
parts  were  assembled  and  heated  in  a  vacuum  furnace  (10-6  Torr  indicated  pressure) 
for  12  minutes  at  958°K  to  melt  the  aluminum.  Directional  solidification  from  the 
bottom,  upward,  was  used  to  confine  final  shrinkage  cavities  to  the  top  portion  of 
the  aluminum.  A  cup,  an  insert,  and  a  composite  structure  are  shown  in  Fig.  2. 
The  work-up  of  the  final  structure  provided  that  the  porous  tops  of  the  composite 
structures  were  discarded,  and  the  dense  lower  portions  were  machined  into  heat 
exchangers. 


A  final  step  in  the  developmental  program  was  to  automatically  cycle  the  heat 
exchangers  between  292°K  and  77°K  while  maintaining  6.9  MPa  of  helium  to  test  the 
bond  strength  of  the  titanium-aluminum  interface  as  well  as  the  reliability  of  the 
titanium-to-titanium  TIG  weld.  Each  cycle  required  26  minutes,  during  which  time 
temperatures  and  pressures  were  continuously  monitored  and  recorded.  Heat  ex¬ 
changers  tested  in  this  manner  for  as  many  as  5000  cycles  did  not  fail. 


1  Numbers  in  brackets  refer  to  the  literature  references  listed  at  the  end  of  this 
report. 


210 


Optical  metal  log raphy  was  selected  as  the  principal  method  of  examining  the 
critical  aluminum-titanium  interface  for  voids  which  would  Impede  the  required  heat 
transfer,  and  for  excessive  amounts  of  the  brittle  titanium-aluminum  intermetal  1 ic 
compounds  which  would  weaken  the  bond. 


2.  Sample  Preparation 


Two  longitudinal  cuts,  90  degrees  apart,  were  made  on  each  of  the  composite 
structures  b.y  means  of  a  water-cooled  cut-off  wheel  to  provide  the  maximum  length 
of  the  titanium-aluminum  interface  for  examination,  Fig.  3.  Each  quarter  section 
was  then  cut  into  three  metal  1 ographi c  samples  by  means  of  a  Buehler  ISOMET  diamond 
saw.  The  metal  1 ographi c  samples  were  mcunted  in  plastic  to  facilitate  handling 
during  surface  preparati on. 


Although  the  conventional  etching  reagents  worked  well  on  the  polished 
aluminum  and  titanium  surfaces,  the  interfaces  were  difficult  to  etch.  However,  we 
did  obtain  good  results  when  the  polished  surfaces  were  swab-etched  with  0.25 
volume  percent  aqueous  hydrofluoric  acid  for  several  seconds. 


3.  Results  and  Discussion 


The  first  part  of  the  metal lographic  examination  was  to  determine  whether  the 
aluminum  wet  and  bonded  to  the  titanium  over  the  entire  contact  surface  to  achieve 
the  required  hermeticity.  Since  we  did  not  find  any  voids  in  the  aluminum-titanium 
interface,  it  was  evident  that  the  chemical  etching  step  removed  surface 
contaminants,  the  vacuum  environment  in  the  furnace  prevented  oxidation  during  the 
heating  cycle,  and  that  the  aluminum  wet  and  bonded  to  the  titanium. 


The  second  part  of  the  examination  was  to  determine  the  quality  of  the  bond 
between  the  two  metals.  Molten  aluminum  will  alloy  with  the  surface  of  the 
titanium,  forming  a  layer  of  hard,  brittle,  intermetal  1 ic  compounds  [2].  Since  the 
thermal  expansion/contraction  coefficient  of  aluminum  is  about  twice  that  of 
titanium,  the  interface  would  be  highly  stressed  as  the  assembly  cools  and  the 
aluminum  contracts.  The  titanium-aluminum  interface  is  representatively  shown  in 
Fig.  4  and  5.  There  is  no  evidence  of  separation,  nor  is  there  ari  excessive  amount 
of  i ntermetal  1  i c  compound.  The  most  striking  illustration  of  the  strength  of  the 
bond  between  the  two  metals  is  shown  in  Fig.  6.  The  two  arrows  indicate  cracks 
which  developed  in  the  0.032  inch  thick  base  as  the  aluminum  contracted  during 
cooling.  There  was  no  evidence  that  the  aluminum  separated  form  the  titanium  even 
though  the  deflection  measured  1.5  mm.  The  dark  line  between  the  aluminum  and 
titanium  is  an  artifact  caused  by  the  different  polishing  rates  of  the  two  metals. 
The  aluminum-iron-silicon  impurities  are  visible  in  the  aluminum  matrix. 


The  third  part  of  the  metal lographic  study  was  to  examine  the  microstructure  of  the 
aluminum-titanium  interface  for  incipient  damage  after  5000  cycles  between  292°K 
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and  77°K.  We  could  not  find  any  damage  in  the  interface,  nor  could  we  find  any 
difference  from  the  microstructure  shown  in  Fig.  4  and  5. 


4.  Summary 


We  have  described  a  novel  method  for  vacuum  melting  aluminum  in  titanium  cups 
to  form  composite  structures  which  have  a  minimal  thickness  of  the  brittle 
intermetal  1 ic  compounds  in  the  interface.  We  have  shown  that  these  structures  can 
be  machined  into  heat  exchangers  which  when  pressurized  with  6.9  MPa  or  more  of 
helium,  will  withstand  better  than  5000  cycles  between  292°K  and  77°K  with  no 
evidence  of  failure.  The  technique  is  being  used  to  prepare  heat  exchangers  for 
use  in  a  new  design  of  Stirling  refrigerator. 
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FIGURE  1  MACHINED  Al/Ti  COMPOSITE 
STRUCTURE 


FIGURE  2  COMPONENTS  AND  CAST 
STRUCTURE 
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FIGURE  3  QUARTERED  SECTION  OF 
COMPOSITE 


FIGURE  4  INTERFACE  OF  Aim  JOINT 


FIGURE  6  CORNER  SECTION  CAST 

STRUCTURE  (THE  BASE  PORTION 
IS  DISCARDED  IN  FABRICATION) 
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TEMPERATURE  SENSITIVE  VARIABLE  AREA  FLOW 
REGULATOR  FOR  JOULE-THOMSON  NOZZLES* 


K.  Hedegard,  G.  Walker,  S.  Zylstra 
General  Pneumatics  Corporation 
Western  Research  Center 
Scottsdale,  AZ  85260 
(602)  998-1856 

Gas  liquefiers  utilize  isenthalpic  ( Joule-Thomson ) 
expansion  of  cooled,  compressed  gas  to  generate 
refrigeration.  Effective  usage  of  the  compressed  gas 
requires  a  variable  mass  flow  rate;  high  initial  flow  with 
progressive  reduction  to  the  operating  condition,  and 
intermittent  flow  according  to  load  demand  thereafter.  A 
common  problem  with  J-T  nozzles  is  blockage  of  the  flow 
orifice  by  condensed  contaminants  in  the  expanding  fluid. 

A  novel  concept  for  a  Joule-Thomson  nozzle  tolerant  of 
higher  levels  of  fluid  contamination  with  the  desired 
variable  mass  flow  rate  was  investigated.  Prototype 
miniature  cryostats  were  designed,  fabricated  and  tested  to 
verify  the  concept. 

Cryostat  structural  elements  composed  of  materials 
having  different  coefficients  of  thermal  expansion  were 
combined  to  achieve  a  variable  flow  rate  according  to  load 
demand.  The  problem  of  orifice  blockage  by  condensed 
contaminants  was  resolved  by  design  for  expansion  of  the 
compressed  gas  in  a  tapered  annulus  with  annular  labyrinth 
flow  spoilers  acting  as  catchment  reservoirs.  The 
experimental  prototype  cryostats  were  equipped  with  a 
micrometer  flow  adjustment  capable  of  precise  flow  control 
over  a  wide  range,  permitting  the  same  cryostat  to  be  used 
in  a  variety  of  applications  or  in  the  same  application  for 
a  wide  variety  of  flow  regimes. 

Key  Words:  Joule-Thomson  expansion,  differential  thermal 

expansion,  tapered  annulus,  labyrinth  spoilers 
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1.  lot  roduc  lion 


Miniature  Joule-Thomson  (J-T)  Cryostats  are  widely  used  today  in  a  variety 
of  military  and  civil  gas  liquefaction  applications.  Refrigeration  is  produced 
through  the  constant  enthalpy  expansion  of  a  compressed  gas  through  a 
Joule-Thomson  nozzle.  Optimum  usage  of  the  compressed  gas  requires  a  variable 
mass  flow  rate;  high  initial  flow  with  progressive  reduction  as  the  operating 
temperature  is  achieved,  and  intermittent  flow  according  to  load  demand  from 
that  point  on.  Currently  available  cryostats  provide  the  desired  variable  mass 
flow  rate  with  very  accurate  control,  although  for  reliable  operation  require 
the  use  of  high  purity  gas  to  prevent  the  build  up  of  condensed  contaminants 
which  block  the  flow  orifice. 

A  novel  .  concept  for  a  J-T  cryostat  featuring  temperature  sensitive  flow 
regulation,  and  a  flow  orifice  tolerant  of  higher  gas  contaminant  levels,  is 
presently  under  development  at  General  Pneumatics  Corporation's  Western  Research 
Center.  The  progression  of  this  development  effort  is  the  subject  of  this 
pape  r . 


2.  Joule-Thomson  Expansion 

Joule-Thomson,  or  isenthalpic,  expansion  is  an  irreversible  thermodynamic 
process  resulting  in  a  change  in  gas  temperature  due  to  a  change  in  gas  pressure 
at  constant  enthalpy.  The  flow  of  high  pressure  gas  is  restricted  by  the  small 
diameter  orifice  of  the  J-T  nozzle.  Flow  pressure  is  degraded  through 
substantial  fluid  friction  within  the  narrow  confines  of  the  flow  orifice,  so 
the  down  stream  pressure  is  low.  No  work  has  been  done,  and  no  heat  has  been 
transferred,  so  the  enthalphy  is  the  same  after  expansion  as  it  was  before.  If 
the  gas  before  expansion,  is  below  the  inversion  temperature,  a  decrease  in 
temperature  will  be  experienced  during  expansion.  Furthermore,  if  the  initial 
fluid  temperature  is  sufficiently  low,  the  gas  will  undergo  a  phase  change 
during  expansion  with  the  resulting  flow  comprised  of  two  distinct  fluids, 
saturated  liquid  and  saturated  vapor. 


3.  Background 

The  evolution  of  miniature  J-T  liquefiers  began  with  the  development  of  the 
fixed  orifice  cryostat  in  the  late  1950's  [1-4].  This  type  of  cryostat 
operates  satisfactorily,  although  uses  an  excessive  amount  of  compressed  gas  due 
to  the  non-reguiated  flow.  Operational  reliability  is  very  dependent  on  gas 
purity  since  contaminants  such  as  solid  particulates,  water  vapor,  carbon 
dioxide,  etc.  will  condense  out  during  expansion  and  accumulate  within  the  J-T 
orifice,  eventually  causing  complete  blockage. 

Significant  improvements  in  flow  rate  control  were  achieved  in  the  1960's 
with  the  advent  of  the  demand  flow  (J-T)  cryostat  [5-7).  Control  of  the  flow 
rate  is  accomplished  through  restriction  of  the  orifice  flow  area  by  the 
insertion  of  a  needle  activated  by  a  vapor  pressure  thermometer  and/or  gas 
filled  metal  bellows  arrangement. 
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This  system  provides  the  desired  variable  mass  flow  rate  necessary  for 
optimum  usage  of  the  compressed  gas,  in  addition  to  improved  temperature 
stability  ( the rmophon  ic  variation),  and  reduced  gas  flow  noise  (microphonics). 
The  needle  valve/flow  orifice  arrangement  is  much  less  susceptible  to  complete 
blockage  than  the  fixed  orifice  nozzle,  although  still  requires  high  purity  gas 
for  reliable  operation. 


4.  Temperature  Sensitive  Variable  Area  Flow 
Regulator  for  Joule-Thomson  Nozzles 

A  novel  concept  for  a  J-T  nozzle  with  the  desired  variable  mass  flow  rate, 
and  a  high  tolerance  to  fluid  contamination,  was  conceived  by  Dr.  Graham  Walker 
[8].  This  novel  concept  features  temperature  sensitive  flow  regulation  through 
the  interaction  of  structural  components  having  substantially  different 
coefficients  of  thermal  expansion.  Tolerance  to  higher  levels  of  fluid 
contaminat ion  is  achieved  through  expansion  of  the  fluid  within  a  converging 
annular  flow  orifice.  This  orifice  is  equipped  with  labyrinth  flow  spoilers  to 
aid  the  frictional  degradation  of  the  fluid  flow  and  to  act  as  catchment 
reservoirs  for  the  condensed  contaminants.  A  locking  micrometer  adjustment  is 
provided  to  allow  presetting  of  the  initial  flow  over  a  wide  range,  or  extremely 
accurate  adjustment  of  the  steady  state  flow  while  in  operation. 


5.  Cryostat  Configuration  and  Design  Considerations 


MICROMETER  ADJUSTMENT 

_ _ A _ 


ANNULAR  J-T 
FLOW  ORIFICE 


' 

7 ^ 

\\\\\\\\‘^^ -  - 

3 

V 


TEMPERATURE  SENSITIVE 
STRUCTURAL  COMPONENTS 


Figure  1:  Areas  of  Development  Concentration 


The  prototype  cryostat  developed  for  concept  verification  is  composed  of 
three  main  sections  shown  in  figure  1:  the  temperature  sensitive  structural 
components,  the  annular  J-T  flow  orifice,  and  the  micrometer  flow  adjustment. 
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Figure  2:  Temperature  Sensitive  Structural  Components 


Figure  2  is  a  partial  section  view  of  the  cryostat  showing  the  temperature 
sensitive  structural  components  and  the  Giaque-Hampson  finned  tube  contra-flow 
heat  exchange;-.  The  structural  components  consist  of  materials  having 
substantially  different  coefficients  of  thermal  expansion.  The  core  (1)  is  made 
of  a  carbon  fiber  epoxy  composite  which  exhibits  a  very  low  coefficient  of 
thermal  expansion.  The  core  is  enclosed  by  a  sheath  (2)  made  of  aluminum,  which 
has  a  very  high  coefficient  of  thermal  expansion  combined  wirh  a  high  thermal 
conductivity.  Figure  3  below  shows  the  coefficients  of  thermal  expansion  for 
these  materials.  The  Giaque-Hampson  heat  exchanger  (3),  used  to  precool  the 
incoming  compressed  gas,  is  helically  wound  around  the  sheath  with  close 
adjacent  contact  maintained  between  individual  coils  and  the  outside  diameter  of 
the  sheath.  The  relative  position  of  the  core  and  sheath  are  fixed  on  the 
micrometer  adjustment  end  so  that  the  temperature  induced  contractive  movement 
between  the  components  takes  place  at  the  flow  orifice  end. 


TEMPERATURE,  K 

Figure  3:  Coefficients  of  Thermal  Expansion  of  Invar, 

Aluminum,  and  Carbon  Fiber  Epoxy  Composite  Material 
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The  differential  contractive  movement  between  the  component  materials  is 
termed  the  flow  variability  range.  The  resulting  flow  variability  range  is 
dependent  upon  the  length  of  the  core  and  sheath  and  the  total  temperature 
change  they  undergo  fiom  ambient  temperature  to  the  gas  liquefaction 
tempe  rat  ure . 

Diametral  contractive  movement  of  the  sheath  and  core  also  occurs,  although 
is  of  concern  only  in  the  area  of  the  sheath  containing  the  annular  J-T  flow 
orifice. 


Figure  A  is  a  partial  section  view  of  the  cryostat  showing  the  converging 
annular  J-T  flow  orifice.  The  annular  flow  passageway  is  formed  by  axially 
locating  the  tapered  tip  (4)  within  the  tapered  seat  (5).  Labyrinth  flow 

spoilers  are  machined  in  the  tapered  tip  to  aid  flow  degradation  and  to  act  as 
catchment  reservoirs  for  condensed  contaminants.  A  high  pressure  tube  adaptor 
(6)  is  provided  to  direct  the  gas  flow  from  the  heat  exchanger  tube  to  the 
annular  flow  orifice.  This  adaptor  also  serves  the  function  of  dampening  the 
pulsating  pressure  wave  associated  with  use  of  a  high  pressure  miniature 
compressor.  The  tip  is  made  of  invar  36,  a  material  with  a  very  low  coefficient 
of  thermal  expansion  (see  Figure  3),  and  high  durability  to  withstand  the 

erosional  effects  of  the  high  velocity  compressed  gas.  The  seat  and  tube 

adaptor  are  made  of  aluminum  to  facilitate  joining  with  the  sheath. 

In  a  conventional  J-T  nozzle,  flow  pressure  is  degraded  through  fluid 
friction  within  the  small  diameter  flow  orifice.  The  small  surface  area  of  the 
orifice  periphery  is  subject  to  the  build-up  of  gas  contaminants  which  freeze 
and  condense  when  the  gas  expands.  Expansion  of  the  gas  through  a  comparatively 
large  diameter  annular  passageway  substantially  increases  this  peripheral 
surface  area  while  maintaining  approximately  the  same  flow  area.  This  increased 
peripheral  surface  area  is  the  primary  reason  this  J-T  nozzle  is  less 
susceptible  to  blockage  due  to  the  build  up  of  condensed  contaminants.  In 
addition,  the  labyrinth  flow  spoilers  act  as  catchment  reservoirs  for  the 


221 


condensed  contaminants,  thus  increasing  reliability.  They  also  serve  the 
secondary  function  of  promoting  flow  degradation  through  the  generation  of 
turbulence  walls.  It  is  anticipated  that  with  further  development  these 
turbulence  walls  could  conceivably  permit  even  greater  reliability  by  allowing 
an  increase  in  the  diametral  separation  of  the  tip  and  seat  with  no  change  in 
the  mass  flow  rate,  although  at  this  stage  of  development  this  phenomena  has  not 
been  well  studied. 

The  included  angle  of  the  taper  is  dependant  upon  the  flow  variability 
range  and  the  desired  quantity  of  flow.  For  a  given  variability  range,  an 
increase  in  the  included  angle  will  cause  a  large  flow  rate  change  per  axial 
movement,  while  a  decrease  in  the  included  angle  will  cause  a  smaller  flow  rate 
change  per  axial  movement.  Therefore,  it  is  necessary  to  match  the  nozzle 
included  angle  to  the  cryostat  flow  variability  range  to  achieve  a  specific 
cooldown  and/or  steady  state  flow  rate. 

Integration  of  the  two  sections  that  have  been  discussed  thus  far  will 
produce  a  unit  capable  of  temperature  sensitive  flow  regulation  with  expansion 
through  an  annular  J-T  nozzle.  This  non-ad justable  configuration  is  well  suited 
for  applications  where  a  specific  cooling  capacity  is  required,  and  variation  of 
cooling  capacity  is  unnecessary. 

The  addition  of  a  micrometer  flow  adjustment  greatly  increases  the 
versatility  of  the  cryostat  by  allowing  variation  of  the  flow  over  a  wide  range. 
The  adjustment  mechanism  permits  the  same  cryostat  to  be  used  in  a  variety  of 
applications,  or  in  the  same  application  over  a  wide  variety  of  flow  regimes. 


The  micrometer  flow  adjustment  has  undergone  several  generations  of  design 
in  an  effort  to  develop  a  single  adjustment  mechanism  suitable  for  use  in  ail 
anticipated  miniature  J-T  cryostat  applications. 

Figure  5  is  a  cross  section  view  of  the  first  locking  micrometer  flow 
adjustment  that  was  designed,  fabricated,  and  tested.  Adjustment  is  achieved 
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through  differential  thread  movement,  where  the  linear  advancement  is  the 
difference  in  the  lead  between  two  threads  of  close  pitch.  This  mechanism 
provided  extremely  accurate  flow  adjustment,  although  was  limited  in  range  due 
to  the  limited  length  of  thread  engagement  possible  within  the  restricted  size 
parameters  suitable  for  use  with  a  miniatu-^  J-T  cryostat. 

Extremely  accurate  adjustment  is  required  to  form  the  narrow  annular 
expansion  passageway  between  the  tapered  tip  and  tapered  seat,  and  the  highest 
degree  of  positional  accuracy  is  required  when  a  large  included  angle  is  used  in 
the  annular  expansion  orifice.  As  a  result,  an  adjustment  mechanism  suitable 
for  use  with  all  orifice  configurations  must  be  capable  of  meeting  the  stringent 
positional  requirements  of  the  largest  anticipated  included  angle  configuration. 
On  the  other  hand,  the  range  of  adjustment  required  depends  upon  the  length  of 
the  temperature  sensitive  structural  components  ar.d  t,he  resulting  flow 
variability  range.  So  the  single  adjustment  mechanism  must  also  be  capable  of 
traversing  the  extended  adjustment  range  associated  with  a  cryostat  of  maximum 
anticipated  length. 


Figure  6  is  a  cross  section  view  of  the  second  generation  adjustment  design 
which  was  used  successfully  on  the  concept  verification  prototype.  This 
adjustment  mechanism  translates  rotary  motion  into  linear  motion  through  an 
adjustor  (7)  that  is  held  in  a  fixed  axial  position,  though  is  allowed  to  rotate 
in  either  direction,  and  is  coupled  to  the  core  sleeve  (8)  by  way  of  a  fine 
pitch  threaded  section.  A  locking  cap  (9),  operating  as  a  jam  nut,  retains  the 
core  sleeve  position  once  the  flow  adjustment  is  made.  Integration  of  the 
micrometer  flow  adjustment  with  the  cold  end  of  the  cryostat  is  achieved  through 
attachment  of  the  core  to  the  core  sleeve  and  the  sheath  to  the  micrometer  body. 
This  single  thread  locking  micrometer  adjustment  provided  adequate  positional 
accuracy  and  retention  over  an  adjustment  range  suitable  for  use  with  the 
prototype  cryostat.  Succeeding  generations  of  design  have  resulted  in  a  single 
adjustment  mechanism  currently  under  development  that  allows  increased 
positioning  accuracy  and  retention,  with  an  extended  range  of  fiow  adjustment, 
suitable  for  use  with  any  flow  regime  and  resulting  variability  range 
anticipated  in  a  miniature  J-T  cryostat. 
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Figure  7:  Temperature  Sensitive  Variable  Area  Flow  Regulated 
Cryostat  with  Annular  J-T  Expansion  Nozzle 


Figure  7  is  a  fully  integrated  cross  section  view  of  the  prototype  cryostat 
used  for  concept  verification.  A  total  of  three  prototype  cryostats  were 
fabricated  and  tested,  the  only  difference  being  in  the  number  of  labyrinth 
spoilers  used  on  the  tapered  tip,,  Throughout  t  lie  extensive  testing  series  no 
significant  difference  in  performance  was  noted  as  the  result  of  the  number  of 
flow  spoilers  along  the  tapered  tip,  except  at  very  low  flow  rates  with  the 
tapered  tip  separated  from  the  tapered  seat  by  a  small  axial  distance.  This  was 
one  of  the  most  surprising  and  unexpected  aspects  of  the  study.  The  provision 
of  flow  spoilers  utilizes  the  same  design  principles  of  labyrinth  seals  used 
extensively  in  turbomachinery  to  contain  high  pressure  fluid  by  means  of  high 
energy  flow  dissipation.  Appreciable  difference  in  flow  characteristics  were 
anticipated  with  different  numbers  of  flow  spoilers. 


Figure  8:  Typical  Test  Results  of  Temperature  Sensitive 
Variable  Area  J-T  Expansion  Nozzles 


Figure  8  shows  topical  results  of  the  test  program  in  respect  to 
temperature/time  correlations  and  volume  flow  rate/time  history  correlations  of 
the  prototype  cryostats  having  three  and  four  flow  spoilers  in  the  expansion 
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annulus.  There  is  no  significance  in  the  different  volume  flow  rates  of  the  two 
levels  shown  on  the  volume  flow  rate/time  history  graph.  The  difference  arises 
from  the  fact  that  the  startup  flow  rates  ware  different  in  the  two  cases. 
These  different  startup  flow  rates  were  selected  from  a  large  number  of 
measurements,  and  were  chosen  simply  to  separate  the  curves  for  clarity. 

The  minimum  temperature  achieved  on  the  temperature/time  graph  is  above  the 
nitrogen  boiling  point;  this  variation  may  be  attributed  to  inherent  heat  leaks 
associated  with  the  dewar  fabricated  in-house  for  the  testing  series.  As  noted, 
the  cryostats  achieved  cooldown  within  one  minute  of  startup,  with  the  desired 
progressive  reduction  in  flow  as  the  operating  temperature  was  reached. 

The  resultant  flow  variability  range  and  annular  orifice  geometry  resulted 
in  approximately  fifteen  litres/minute  flow  reduction  regardless  of  the  startup 
flow  rate.  Varying  the  position  of  the  tapered  tip  within  the  tapered  seat  with 
the  micrometer  flow  adjustment  allowed  wide  variation  of  the  startup  and  steady 
state  flow  rates. 


Figure  9:  Volume  Flow  Rate  as  a  Function  of  Time  (Showing 

Fixed  Orifice  Blockage  Due  to  Contamination  Build  Up) 


Verification  of  the  annular  J-T  nozzles  tolerance  to  increased  levels  of 
fluid  contamination  was  achieved  through  comparative  testing  against  a 
commercially  available  fixed  orifice  J- T  cryostat.  Figure  9  is  a  graph  showing 
the  comparison  of  volume  flow  rates  as  a  function  of  time  during  a  comparative 
testing  sequence. 
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No  provision  was  made  for  filtration  of  the  high  pressure  gas  in  the 
prototype  cryostats,  and  relatively  low  purity  nitrogen  was  used  as  the  working 
fluid,  so  test  results  reflect  a  worst  case  condition.  The  micrometer  flow 
adjustment  was  used  to  match  the  prototype  cryostat  steady  state  flow  rate  to 
that  of  the  fixed  orifice  cryostat  at  equal  gas  pressure  levels. 

The  test  sequence  graphically  shown  took  place  approximately  ninety  minutes 
after  initiation  of  the  test  series,  and  the  six  minute  time  span  represents  the 
least  amount  of  time  the  fixed  orifice  cryostat  operated  until  complete  blockage 
occurred.  At  the  beginning  of  the  test  sequence  the  fixed  orifice  cryostat 
operated  approximately  sixty  minutes  before  suffering  complete  blockage.  After 
blockage  would  occur,  the  cryostat  was  allowed  to  warm  up  to  ambient  temperature 
before  a  new  test  sequence  would  begin. 

At  no  time  during  the  many  hours  of  testing  did  the  prototype  annular 
cryostat  suffer  complete  blockage;  in  some  instances  a  reduction  in  flow  would 
occur,  but  as  soon  as  the  temperature  would  begin  to  rise  the  flow  would 
increase  to  a  point  above  the  steady  state  rate,  then  return  to  its  previous 
level. 


7,  Conclusion 

The  novel  concept  for  a  temperature  sensitive  variable  area  flow  regulator 
for  Joule- Thomson  nozzles  was  verified  through  the  design  and  testing  of  three 
prototype  cryostats.  The  study  showed  the  excellent  flow  regulation 
characteristics  as  a  result  of  the  temperature  sensitive  structural  components. 
The  possibility  for  easy  adjustment  and  wide  variation  in  initial  or  final  fluid 
flows  in  the  expansion  nozzle  using  the  micrometer  flow  adjustment  was  verified 
also.  And  most  importantly,  the  ability  of  the  expansion  unit  to  operate  for 
many  hours  with  no  flow  interruption  by  contaminant  blockage  when  using  the  same 
contaminated  nitrogen  gas  that  would  result  in  blockage  of  a  fixed  orifice  J-T 
expansion  unit  within  six  to  sixty  minutes  of  operation. 
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SYSTEM  DESIGN  REQUIREMENTS  FOR  INFRA-RED 
DETECTOR  CRYOCOOLERS 
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Infra-red  sensor  systems  incorporating  cryocoolers  are 
required  to  be  qualified  to  the  appropriate  environmental 
specification.  Evaluation  of  system  component  performance  and 
the  effect  of  relevant  interfaces  will  allow  overall  system 
performance  to  be  predicted  and  some  optimisation  to  be  made. 

The  Stirling  Cycle  cryocooler  developed  by  British 
Aerospace  Air  Weapons  Division,  and  its  interactions  with  Infra¬ 
red  reconnaissance  system  sensors  are  described.  Results  from 
thermal  mapping,  vibration  and  detector  sensitivity  tests  are 
included.  The  electronic  control  and  Built-In  test  equipment 
(BITE)  are  described  and  the  possible  implications  of 
maintainability  requiremetns  discussed. 

Key  words:  Cryocooler;  detector  cooling;  Infra-red  systems. 


1 .  Introduction 


The  use  of  cryocoolers  in  military  systems  requires  a  demonstration  of 
adequate  performance  when  subjected  to  anticipated  levels  of  vibration  and 
acceleration  and  over  the  required  ambient  temperatur?  range.  The  cryocooler/ 
sensor  interfaces  can  significantly  affect  operating  conditions  and  cooler 
performance  and  therefore  estimates  of  the  various  interactions  are  required 
before  overall  performance  levels  can  be  predicted. 

British  Aerospace  has  developed  a  cryocooler  for  use  in  military  infra-red 
systems,  based  on  earlier  work  done  at  Oxford  University.  It  is  currently  used  in 
the  British  Aerospace  range  of  Linescan  infra-red  reconnaissance  equipment.  The 
Linescan  qualification  programme  has  shown  the  significant  effects  interface 
characteristics  can  have  on  cooler  performance,  particularly  in  terms  of  external 
vibration  and  performance  variation  with  ambient  temperature.  The  effect  of  cooler 
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performance  variations  on  overall  sensor  performance  has  also  been  assessed.  The 
results  illustrate  the  value  of  some  system  modelling  at  an  early  design  stage 
to  allow  both  performance  sensitivity  and  optimisation  studies  to  be  carried  out. 

2.  Specification 

2.1.  Performance 

The  cryocooler  is  required  to  cool  the  sensitive  material  of  a  Mullard  R185 
Infra  Red  detector  to  operating  temperatures,  throughout  the  full  environmental 
envelope  of  the  overall  system.  Cool  down  time  will  not  exceed  10  minutes.  The 
external  diameter  of  the  cold  finger  inside  the  detector  bore  is  limited  by  the 
detector  type  to  6.7  mm  maximum.  The  thermal  interface  between  the  cold  finger 
and  the  detector  substrate  is  constrained  within  this  diameter  and  is  required 
to  accomodate  the  differential  thermal  contraction  between  the  encapsulation  and 
stainless  steel  cold  finger . 


2.2.  Life 

Operating  life  is  required  to  be  in  excess  of  4,000  hours  and  the  tot.al_^ife 
shall  be  not  less  than  10  years.  An  overall  leak  rate  of  better  than  5  x  10 
torr  litres/sec  is  required. 


2.3.  Power  Consumption 

The  power  required  by  the  cryocooler  system  is  to  be  less  than  80VA  from 
a  200V,  400Hz  3  phase  supply.  Power  to  the  cryocooler  itself  is  typically  40VA. 

2.4.  Maintenance  Philosophy 

The  cryocooler  system  forms  groups  of  modules  within  Line  Replaceable  Units 
(L.R.U.'s) .  Line  Replaceable  Units  are  replaceable  at  first  line,  modules  at 
second  line.  L.R.U.'s  are  required  to  be  fully  interchangable ,  without 
adjustment  and  the  associated  Built-In  Test  Equipment  (BITE)  is  required  to 
locate  faults  to  the  relevant  L.R.U.  at  first  line. 

These  requirements  can  have  significant  effects  on  system  installation, 
packaging,  or  design. 


3.  Hardware 
3.1.  Cryocooler 

The  B.Ae.  Cryocooler  produced  to  satisfy  the  above  specif i.cation  is  shown 
in  f igure  1 . 

It  is  a  Split  Stirling  Cycle  design  with  a  compressor,  or  pressure  modulator 
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and  a  displacer  joined  by  a  transfer  pipe.  Both  major  assemblies  have  linear 
drive  motors  with  fixed  permanent  magnets  and  spiral  spring  suspension  to  ensure 
accurate  drive  rod  alignment.  A  design  of  such  relative  complexity  was  chosen 
because  of  its  ability  to  withstand  severe  environmental  conditions  and  in 
particular,  high  vibration  levels. 

Non  contact  clearance  seals  are  used  on  both  the  compressor  piston  and  the 
displacer  drive  rod,  to  ensure  a  long  operational  life.  The  clearances  are 
maintained,  by  the  spring  suspension  systems.  Linear  variable  displacement 
transformers  (L.V.D.T.'s)  are  fitted  to  both  major  assemblies  to  provide  position 
feedback  information  to  the  control  system. 

Nominal  stroke  lengths  are  8.0mm  for  the  compressor  piston  and  4.0mm  for  the 
displacer  regenerator  contained  within  the  cold  finger  of  the  displacer  assembly. 
Drive  frequency  is  52  Hz. 

A  particular  installation  of  the  cryocooler  can  position  the  compressor  and 
displacer  independan tly  in  any  axis,  with  a  transfer  pipe  length  of  up  to  500  mm. 

3.2.  Control  System 

The  electronic  control  system  is  requi.red  to  drive  the  motor  coils  of  the 
two  major  assemblies  at  the  chosen  drive  frequency,  with  their  displacements 
separated  by  the  optimum  phase  angle.  Servo  position  control  loops  around  the 
two  motors,  using  position  information  from  the  L.V.D.T.  outputs  ensure  that  the 
required  motion  is  generated  to  anaccuracy  of  better  than  0.1  mm,  even  under 
extreme  conditions  of  external  vibration  and  acceleration.  The  schematic  circuit 
design  is  shown  in  figure  2. 

The  reference  waveforms  for  both  drive  motors  are  synthesised,  with  the 
appropriate  phasing,  from  the  two  PROM's  and  D  to  A  convertors  shown  in  the 
reference  generator  section.  Phasing  is  determined  by  the  individual  PROM  content 

The  two  servo  position  loops  consist  of  main  drive  amplifiers,  the  relevant 
motor  drive  coil  and  an  L.V.D.T.  The  9.6  KHz  L.V.D.T.  input  signals  are  also 
synthesised  using  the  PROM  and  D  to  A  convertor  shown.  Power  to  the  control 
system  is  derived  from  a  400  Hz,  200V,  3  phase  supply. 

Built  in  test  equipment  (BITE)  is  included  in  the  control  system,  but  is  not 
shown  in  figure  2,  to  provide  cryocooler  and  detector  status  information  to 
aircraft  systems.  Three  BITE  output  signals  are  provided; 

a)  Power  supply  phase  dropout 

b)  Electronics  fault  indication 

c)  Cryocooler  fault  indication 
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The  system  installation  or  maintenance  philosophy  can  require  a  system  fault 
to  be  located  to  the  cryocooler  or  control  system  level.  It  is  therefore 
necessary  for  the  BITE  system  to  also  monitor  several  extra  parameters,  including 
regulated  power  supply  outputs,  detector  temperature  sensor  signcils,  L.V.D.T. 
signals  and  drive  coil  voltages  and  currents.  The  associated  hardware  can  form 
an  appreciable  part  of  the  total  control  system. 

A  feedback  signal  of  detector  substrate  temperature  is  used,  by  the  control 
system,  to  vary  compressor  stroke  length  and  thereby  heat  lift.  It  is  provided 
to  reduce  the  variation  of  substrate  temperature  with  ambient  conditions  and 
to  prevent  overcooling  i.e.  a  substrate  temperature  of  below  75  K. 

4.  Integration 
4.1.  General 


Although  cryocooler  performance  can  be  specified  in  isolation,  the  various 
system  interactions  of  a  cooler  and  detector  in  a  sensor  assembly  can  result  in 
significant  performance  variation.  It  is  necessary  to  quantrfy  the  various 
influences  on  cooler  performance,  in  terms  of  heat  lift  and  to  then  establish 
the  effect  of  this  variation  on  overall  sensor  performance.  A  typical 
installation  system  flow  diagram  is  shown  in  figure  3. 

4.2.  Detector  Heat  Load 

The  variation  of  detector  heat  load  with  both  substrate  and  ambient 
temperatures  must  be  known  or  modelled  before  comparison  with  engine  performance 
data  can  indicate  the  operational  substrate  temperature  range. 

A  typical  linearised  heat  load  model  (for  the  Mullard  R185  detector)  is; 

HI,  =  (Tft  -  Ts)T  +  W  (T^  -  Tg)  +  X  (T's  -  80)  +  ^  (1) 


Where : 


HL  =  heat  load  (mW) 

T^  =  ambient  temperature  (abs) 

Tg  =  substrate  temperature  (abs) 

T  “  constant 
W  =  constant 
X  =  constant 

^  =  detector  bias  current  heat  load  at  80K . 
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The  expression  represents  the  sum  of  conductive,  radiative  and  electrical 
heat  loads.  The  resulting  head  load  values  are  shown  in  figure  4. 

The  increase  in  heat  load  with  substrate  temperature  is  caused  by  detector 
element  resistivity  changes.  It  has  been  assumed  that  the  detector  bias  field 
is  generated  by  a  constant  current  supply.  The  bias  field  voltage  will  therefore 
vary  with  element  resistance  i.e.  substrate  temperature.  The  effect  of  this 
variation  on  detector  performance  should  be  assessed  before  acceptable  substrate 
temperature  ranges  are  specified.  Relative  performance  variations  for  particular 
substrates  are  snown  in  figure  6. 

4.3.  Cryocooler  Performance 

Cooler  performance  in  terms  of  nett  heat  lift,  is  usually  quantified  by 
a  series  of  thermal  mapping  tests,  due  to  the  difficulty  of  accurately  modelling 
the  high  parasitic  losses  such  as  shuttle  heat  transfer  and  cold  finger  heat 
leakage.  The  results  can  be  expressed  in  the  following  form,  for  a  given  charge 
pressure ; 


H  =  [cX  +  (  (Tg 


80) B)  +  ((293 


CH 


>X)]ex 


(2) 


Where : 


H  =  nett  heat  lift  from  T  to  T 

S  CH 

0<  =  nett  heat  lift  from  80K  to  293K 
Tg  =  substrate  temperature 
T  =  compressor  temperature 

B  =  constant.  (Performance  sensitivity  to  substrate  temp.) 

X  =  constant.  (Performance  sensitivity  to  cylinder  head  temp.) 
0  =  function  of  compressor  pressure  ratio 
X  =  constant. 

Typical  values  for  the  British  Aerospace  6.7mm  cooler-  are: 


(mW) 

(mW) 

IK) 

(K) 


B  =  20  mW/K 
X  =  2 . 8  mW/K 
X  =  2  .  3 
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Typical  performance  values  are  shown  in  figure  4. 

Equations  (1)  and  (2)  can  be  used  to  predict  the  operational  substrate 
temperature  range,  and  the  effect  of  changes  to  other  system  parameters  discussed 
below . 

System  maintainability  requirements  usually  result  in  the  cold  finger/ 
detector  clearance  volune  not  being  evacuated  and  therefore  convection  losses  can 
reduce  performance  levels  in  a  detector  to  below  those  predicted  from  tests  done 
with  vacuum  insullation.  It  is  therefore  desirable  to  validate  at  least  some 
points  of  the  mapping  exercise  with  a  cooler/detector  combination. 

4.4.  Cooler  Installation 

Cooler  performance,  as  described  by  equation  (2) ,  varies  with  compressor 
temperature  by,  typically,  2.8mW/K.  The  relationship  between  cylinder  head 
temperature  and  ambient  conditions  will  be  determined  by  both  the  design  of  the 
installation,  £nd  the  power  dissipated  by  the  compressor.  The  British  Aerospace 
6.7mm  cooler  dissipates  approximately  35  watts  in  the  compressor  and  up  to  3 
watts  in  the  displacer. 

Figure  4  allows  the  effects  cf  variations  in  thermal  performance  of  the 
mounting  interface  of  substrate  temperature  to  be  assessed.  A  10  K  reduction 
in  cylinder  head  temperature  will  result  in  a  fall  in  substrate  temperature 
of  approximately  1.5  K.  It  is  therefore  possible  to  assess  the  benefits  of 
alternative  mounting  arrangements  or  the  extra  complexity  of  forced  air  cooling 
in  terms  of  system  performance. 

Typical  installations  without  forced  air  cooling  will  have  a  temperature 
difference  of  about  20  -  30  K  between  the  mounting  structure  and  the  compressor 
cylinder  head.  This  assumes  that  there  are  no  significant  heat  sources  located 
close  to  the  compressor  or  its  heat  sink  zone. 

4.5.  Vibration 

Military  vibration  specification  levels  are  usually  applied  to  the  entire 
Line  Replacable  Unit  (L.R.U.)  and  therefore  levels  experienced  by  the  individual 
modules  within  the  assembly  will  depend  on  the  gains  of  the  mounting  structure. 
Several  installations  with  gains  significantly  above  1  have  been  tested  and 
therefore  the  cooler  is  required  to  withstand  higher  levels  of  vibration  than 
originally  specified. 

The  British  Aerospace  cooler  has  been  tested  to  MIL  STD  810B  Method  514 
(Curve  J)  in  all  three  axes.  Full  performance  was  maintained,  throughout.  The 
relevant  vibration  levels  are  shown  in  figure  5. 

In  addition,  at  set  frequencies,  threshold  levels  of  vibration  for 
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satisfactory  operation  were  established,  above  which  the  BITE  of  the  control  system 
detected  overstroking  and  shut  down.  These  levels  are  also  shown  in  figure  5  and 
are  between  10  -  20g .  The  cooler  has  also  been  vibrated;  and  survived,  levels  in 
excess  of  70g . 

If  structural  gains  are  found  to  be  unacceptably  high  the  use  of  anti¬ 
vibration  mounts  will  result  in  a  thermal  barrier  being  introduced  into  the  system. 
Thermal  modelling  must  then  be  carried  out  to  assess  the  likely  effect  on  substrate 
temperature  range,  using  equations  (1)  and  (2) . 

4.6.  Control  System  Performance 

The  control  system  performance,  in  terms  of  tolerance  to  changes  in 
compressor  or  displacer  transfer  functions,  will  influence  both  overall 
performance  sensitivity  to  ambient  temperature  and  the  interchangability  of  the 
cooler  and  control  system. 

4.6.1.  Ambient  Temperature  Variation 

The  cooler  performance  variation  with  compressor  temperature  shown  in  figure 
4  is,  in  part  cuased  by  reductions  in  stroke  length  with  increasing  temperature 
and  charge  pressure.  A  typical  compressor  stroke  length  sensitivity  of  0.075% 
per  C  gives  a  7,5%  variation  over  an  environmentalotemperature  range  of  100  C.This 
is  estimated  to  account  for  up  to  50%  of  che  2 . 8mW/  C  variability  shown  in  figure  4. 

4.6.2.  Interchangability 

The  maintenance  philosophy  of  a  particular  installation  may  require  full 
interchangability  between  coolers  and  control  systems,  if  they  are  defined  as 
separate  modules.  It  is  then  necessary  to  quantify  the  full  tolerance  bands  of 
LVDT  sensitivity,  mechanical  assembly,  control  system  reference  waveform  settings 
and  BITE  overstroke  detection  levels.  The  resulting  tolerance  tiering  will  reduce 
an  individual  cooler's  stroke  lengths.  The  performance  levels  shown  in  figure  4 
are  obtained  from  coolers  set  up  to  meet  full  interchangability  requirements. 

4.7.  Substrate  Temperature  Variations 

The  variation  of  substrate  temperature  with  ambient  and  compressor  temperatures 
is  described  above.  The  effect  of  this  variation  on  detector  performance  will 
influence  the  overall  effectiveness  of  the  sensor.  The  performance  of  certain 
detector  materials  in  the  8  -  13  p  band  is  believed  to  vary  with  both  substrate 
temperature  and  cut-off  wavelength  (  as  shown  in  figure  6.  Curves  A  and  B 

indicate  acceptable  substrate  temperature  operating  ranges  of  75-lOOK  and  75-85K 
respectively.  For  a  given  encapsulation,  the  latcer  requires  a  significantly  higher 
level  of  cooler  performance. 


5.  Summary 

The  use  of  cryoeoolers  in  military  sensor  systems  requires  the  various 
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system  interactions  to  be  understood  and  quantified.  The  British  Aerospace 
cooler  has  now  successfully  completed  two  sets  of  flight  trials  in  high 
performance  military  aircraft  as  part  of  Linescan  systems  and  information  gained 
during  the  respective  qualification  programmes  has  allowed  the  various  system 
requirements  to  be  assessed. 

An  example  of  Linescan  flight  trial  imagery,  using  a  cryocooler  cooled 
detector  is  shown  in  figure  7. 


2  37 


240 


PARAMETRIC  TESTING  OF  A  LONG  LIFE 
LINEARLY  DRIVEN  STIRLING  CRYOGENIC  REFRIGERATOR 
AFTER  20,000  HOURS  OF  OPERATION 


F.R.  Stolfi 


PHILIPS  LABORATORIES 
North  American  Philips  Corporation 
Briarcliff  Manor,  New  York  10510 


A  novel  Stirling  cycle  cryogenic  refrigerator,  built 
for  long-life  spaceborne  missions,  has  surpassed  20,000 
hours  of  operation.  The  refrigerator  incorporates 
electro-magnetic  bearings,  clearance  (i.e.  non-contacting) 
seals  and  electronically  controlled  linear  motions.  This 
last  feature,  which  is  accomplished  with  the  aid  of  two 
linear  motors,  position  transducers  and  a  highly  accurate 
electronic  feedback  system,  permits  parametric  evaluation 
of  the  Stirling  cycle  during  operation.  Such  dynamic 
evaluation  was  not  possible  with  previous  systems.  This 
paper  discusses  the  results  of  parametric  tests  performed 
after  the  system  was  operated  successfully  for  over 
20,000  hours,  never  having  to  be  disassembled  for 
maintenance  or  inspection.  The  results  are  compared  with 
those  obtained  from  earlier  tests  reported  previously. 


Key  words:  Spaceborne  cryogenic  refrigerator;  Stirling 
cycle;  parametric  testing;  life  testing;  electronic 
feedback  control;  magnetic  bearings. 


1 .  Introduction 


Philips  Laboratories  designed,  fabricated,  and  tested  a  unique  Stirling 
refrigerator  prototype  which  can  operate  for  many  years  without  the  need  for 
periodic  maintenance  and  without  performance  degradation,  and  has  proven  the  design 
with  more  tiian  20,000  hours  of  operation.  The  refrigerator  overcomes  one  or  the 
principal  limitations  to  the  widespread  application  of  cryogenic  refrigeration 
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systems,  namely  their  relatively  short  maintenance-free  life.  Philips  Laboratories 
has  thus  produced  a  system  which  is  compatible  with  spaceborne  applications.  This 
was  accomplished  by  suspending  the  moving  parts  of  the  refrigerator 
electro-maqnetical ly,  which  eliminated  contact  and  the  associated  wear  and  which 
permitted  the  use  of  clearance  (rather  than  contact)  seals.  The  electro-magnetic 
suspension  was  further  enhanced  by  an  electronically  controlled  direct  (linear) 
drive.  This  last  feature,  which  involves  the  use  of  two  linear  motors,  position 
transducers  and  a  highly  accurate  electronic  feedback  control  system,  produces  the 
system  capability  which  forms  the  basis  for  the  tests  described  here.  These  tests 
are  essentially  a  repeat  of  tests  that  were  performed  on  the  refrigerator  after 
it  had  operated  for  1,000  hours  and  have  been  previously  reported  [1].  T he  test 
results  are  meant  to  provide  designers  with  an  understanding  of  the  basic  opera¬ 
tion  of  the  Stirling  cycle  and  give  potential  users  some  indication  of  the  capa¬ 
bilities  of  this  refrigerator  under  off  design  conditions.  These  repeated  tests, 
after  an  additional  20,000  hours  of  operation  (21,000  hours  total)  and  more  than 
3  years  of  elapsed  time  give  an  indication  of  how  little  the  refrigerator  has  aged 
in  terms  of  performance  even  under  off-design  conditions. 


Since  the  purpose  of  a  cryogenic  refrigerator  is  to  produce  cold  at  very  low 
temperatures  with  high  efficiency,  its  performance  criteria  are  readily  defined. 
Input  power,  cold  production  (output  power)  and  operating  temperature  are  very 
important  characteristics.  And,  the  magnitude  of  these  characteristics  (e.g. 
the  input  power  required  to  produce  a  certain  amount  of  cold)  depends  on  the 
refrigerator  geometry  (e.g.  the  size  of  the  components)  and  on  its  operating 
parameters.  Thus,  a  measure  of  any  existing  cryogenic  refrigerator's  capabil¬ 
ities  is  the  way  in  which  these  criteria  -  input  power,  cold  production  and 
temperature  -  vary  with  given  operational  parameters. 


2 .  The  Cycle 

In  this  design,  the  reciprocation  of  the  piston  and  displacer  is  sinusoidal, 
with  the  displacer  motion  leading  that  of  the  piston  by  about  70°.  The  p-v 
(pressure  vs.  volume)  diagram  for  an  ideal  (isothermal)  cycle  is  shown  in 
figure  lb,  the  approximate  position  of  the  piston  and  displacer  at  the  trans¬ 
itions  being  noted  in  figure  la.  The  variations  in  the  volume  of  the  expansion 
space  and  the  volume  of  the  compression  space  due  to  the  motions  are  shown 
in  figure  lc. 


For  the  ideal  cycle,  the  cold  production  Q  (in  Watts)  is  proportional  to  the 
operating  frequency  (in  radians/second),  the  amplitude  of  the  displacer  (in 
meters),  the  amplitude  of  the  piston  (in  meters),  the  mean  pressure  (in 
Newtons/square  meter),  the  surface  area  of  the  displacer  (in  square  meters)  and  the 
sine  of  phase  angle  between  piston  and  displacer  motions*  Similarly,  the 
mechanical  power  P  which  must  be  provided  to  the  cycle  (in  Watts)  is  proportional 
to  the  operating  frequency  (in  radians/second),  the  amplitude  of  the  displacer  (in 
meters),  the  amplitude  of  the  piston  (in  meters),  the  mean  pressure  (in 
Newtons/square  meter), the  surface  area  of  the  piston  (in  square  meters),  and  the 
sine  of  phase  angle  between  piston  and  displacer  motions  [1]. 
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Figure  1.  Phases,  p-v  diagram  and  volume  variations  for  ideal 
Stirl ing  cycle. 


For  the  ideal  Stirling  cycle,  the  thermodynamic  efficiency  is, 


where,  Te  =  temp,  of  expansion  space  (cold  finger)  (#K) 

Tc  =  temp,  compression  space  (ambient  heat  exchanger)  (°K) 

and  equals  that  of  the  Carnot  cycle. 


The  actual  efficiency  of  a  refrigerator  is  less  than  Carnot  because  losses  in 
the  cycle  cause  the  input  power  to  increase  or  the  cold  production  to  decrease. 
Factors  which  directly  effect  the  input  power  include  mechanical  loss  (friction)  in 
the  drive,  flow  losses,  and  adiabatic  losses  (i.e.  where  the  refrigeration  process 
differs  from  the  isothermal  ideal).  Factors  which  reduce  the  cold  production 
include  flow,  insulation  and  conduction  losses,  as  well  as  losses  due  to  the 
non-ideal  nature  of  the  regenerator  and  heat  exchangers. 

The  regenerator,  often  called  the  heart  of  a  Stirling  refrigerator,  stores 
thermal  energy  during  one  half  cycle  to  release  it  during  the  other  half  and  there¬ 
by  increase  efficiercy.  A  temperature  gradient  is  established  along  the  regenera¬ 
tor  in  the  direction  of  flow,  which  allows  the  gas  to  be  cyclically  cooled  down 
and  heated.  In  an  ideal  regenerator  (perfect  heat  transfer),  the  process  is 
perfectly  reversible.  Also  the  pressure  drop  across  an  ideal  regenerator  is  zero. 

In  an  ideal  heat  exchanger,  the  temperature  of  the  gas  is  constant,  exactly  equal 
to  the  temperature  of  the  heat  exchanger  walls,  regardless  of  the  amount  of  heat 
being  transferred.  All  real  regenerators  and  heat  exchangers  differ  from  the 
ideal  to  some  extent. 


3.  Description  of  the  refrigerator 


Q  .  I*?e  desig"  philosophy  for  this  refrigerator  was  impelled  by  the  importance  of 
ending  maintenance-free  lifetime.  The  design  was  motivated  by  the  common 

0f  ei1?t1n9  ' refrigerators.  In  general,  the  useful'  life  ofTconven- 
LStlrlin?  Tefrigerator  limited  by  two  major  factors:  wear  and  outgassinq. 
1S  pres®nt  in  most  mechanical  devices  which  have  moving  parts.  Bearings  and* 
£n?pn!^iieaIS  out|.m?chanical  rubbing  and  the  associated  friction  generate 
f  ly  harmful  particles.  The  other  problem  is  the  outgassing  products 
(  purities)  of  organic  materials  such  as  lubricants  and  seals  in  the  refrigera¬ 
tor  working  spaces.  These  impurities  are  "gettered"  (attracted)  by  the  low9 
tempereture  regions  in  the  machine  and  eventually  clog  critical  passages.  Since 
thIhJUrTaC!  W65r  3n?  the  presence  of  impurities  result  in  thermal  degradation, 
bothSlmP  eSt  and  perhaps  the  only  rea1istic  approach  to  longevity  is  to  eliminate 


Ihe  Phllips  refrigerator  is  designed  to  produce  5  Watts  of  refrigeration  at 
bb  K  for  5  years  or  longer.  Four  major  features  of  the  unit  led  to  the  lonq  life 
achieved:  a  purely  linear  drive  with  linear  motors  and  an  electronic  control 
system,  electro-magnetic  bearings,  clearance  seals,  and  an  all  metal -ceramic 
working-gas  envelope.  The  synergistic  combination  of  these  four  features  has 
eliminated  wear  and  impurities.  The  details  of  the  refrigerator  desiqn  are 
described  in  reference  [2] . 
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A  cross  sectional  view  of  the  linear  drive  and  the  linear  motors  is  shown 
in  figure  2.  The  drive  produces  the  required  linear  piston  and  displacer  motions 
directly,  i.e.  without  the  use  of  a  crankshaft  or  linkages.  The  motors  are  of  the 
moving-magnet  type,  which  have  the  advantage  that  no  flexing  power  leads  are 
required.  The  directly  coupled  drive  eliminates  the  mechanical  drive  losses 
associated  with  conventional  refrigeration  devices.  Direct  coupling  requires  an 
axial  control  system  to  maintain  the  proper  piston  and  displacer  amplitudes  and  the 
phase  relationship  dictated  by  the  Stirling  cycle.  The  capabilities  and 
versatility  of  this  control  are  important  aspects  of  this  novel  refrigerator  design 
and  form  the  system  basis  which  makes  this  type  of  testing  possible. 

This  feature  is  discussed  in  more  detail  in  paragraph  5.0, 


PISTON  IRON  MOTOR  COILS 


Figure  2.  Cross-sectional  view  of  linear  drive  showing 
displacer  and  piston  motors. 


A  photograph  of  the  refrigerator  is  shown  in  figure  3.  The  displacer  section 
is  at  the  left;  cold  is  produced  at  the  far  left  tip  (cold  ginger).  The  refriger¬ 
ator  is  a  single-stage  expansion  Stirling  design  (i.e.,  only  one  cryogenic 
temperature,  65°K,  is  produced)  and  has  a  constant  diameter  for  the  displacer  bore. 
The  piston  subassembly  together  with  a  passive  (spring/msss )  countermass  is  on  the 
right. 

The  moving  displacer  contains  the  regenerator,  a  moving-magnet  linear  motor, 
and  a  non-contacting  element  for  the  axial  position  transducer.  The  regenerator  is 
fabricated  from  layers  of  a  phosphor  bronze  wire  mesh  which  has  a  high  thermal 
capacity  and  remains  porous  to  the  reciprocating  flow  of  the  helium  gas  working 
fluid.  The  electro-magnetic  bearings  which  support  the  displacer  also  form  the 
clearance  seals,  forcing  the  gas  through  the  regenerator  and  through  the  ambient 
heat  exchanger.  The  heat  exchanger  is  maintained  at  ambient  temperature  by  a 
water  jacket;  its  surface  also  permits  the  attachment  of  a  heat  pipe  instead  of 
the  jacket.  A  vacuum  Dewar  (now  shown)  lined  with  super  insulation  (multi-layers 
of  foil  and  mesh)  thermally  insulates  the  cold  finger. 
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Figure  3.  Photograph  of  refrigerator. 


The  piston  is  directly  coupled  to  its  moving-magnet  linear  motor  and  to  a 
non-contacting  element  for  its  axial  position  transducer.  The  electro-magnetic 
bearing  near  the  compression  space  forms  a  clearance  seal  to  the  compression 
pressure;  the  bearing  at  the  rear  of  the  piston  is  used  for  support  but  forms 
no  seal . 


4.  Overview  of  the  Testing 

The  parameters  of  interest  are  characteristic  variables  of  the  Stirling 
cycle.  For  simplicity,  in  each  test  one  parameter  was  varied  while  the  others  were 
held  constant  at  the  nominal  values  shown  in  the  following  table. 


By  varying  only  one  parameter  at  a  time,  the  effect  of  the  one  parameter  on 
the  output  variables  can  be  easily  observed.  This  test  differed  slightly  with  the 
one  performed  at  1000  hours,  in  which  the  nominal  values  of  the  parameters  differed 
between  tests  and  were  chosen  so  that  the  parameter  which  was  varied  could  have  a 
wide  excursion.  It  is  felt  that  the  present  test  procedure  is  more  reasonable  from 
a  user  standpoint.  The  difference  in  the  tests  produced  small  differences  in  the 
measured  output  but  did  not  change  the  trends  in  the  data. 
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Table  1.  Nominal  operating  parameters 


Pi ston  Amplitude  = 

7.0  mm. 

Displacer  Amplitude 

3.0  mm. 

Piston/Displacer  Phase 

67  deg. 

Mean  Pressure  = 

Water  Inlet  Temperatures 

240  psi. 

Ambient  Heat  Exchanger 

lleC 

Piston  Case  = 

16°C 

Given  the  limited  scope  of  the  testing,  some  care  must  be  exercised  in  the 
interpretation  of  results.  "Optimal"  performance  with  only  one  variable  changing 
does  not  mean  that  a  better  operating  condition  does  not  exist.  The  operating 
parameters  are  not  independent  in  general.  This  fact  also  means  that  if  two 
parameters  are  varied,  the  net  result  on  performance  may  not  the  sum  of  the 
results  of  varying  each  one  independently. 


A  schematic  representation  of  the  refrigerator  test  setup  is  shown  in  figure 
4.  Three  pieces  of  laboratory  equipment  are  required  for  normal  operation:  two 
water  coolers  and  a  vacuum  station.  The  water  cooler  for  the  ambient  heat 
exchanger  removes  the  heat  of  compression  and  the  ohmic  loss  of  the  displacer 
motor.  The  water  cooler  for  the  piston  housing  removes  only  the  ohmic  loss  from 
the  piston  motor.  The  vacuum  station  produces  the  thermally  insulating  vacuum  in 
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Figure  4.  Schematic  representation  of  refrigerator  under  test. 
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the  Dewar.  The  refrigerator  was  Instrumented  with  transducers  to  measure 
temperature,  pressure,  radial  and  axial  position,  coolant  flow,  and  case 
acceleration  [3]. 


The  approach  for  each  test  followed  a  similar  procedure.  The  temperature  of 
the  cold  tip  was  first  reduced  to  the  nominal  65°K  with  no  heat  load  applied.  This 
required  supporting  the  piston  and  displacer  with  their  electro-magnetic  bearings, 
engaging  the  safety  interlock  system,  and  reciprocating  the  piston  and  the 
displacer. 


Once  the  desired  cold  temperature  (65°K)  was  reached,  a  resistive  heater 
(load)  on  the  cold  tip  was  turned  on,  a  given  parameter  was  varied  and  its  effect 
on  the  other  system  parameters  was  measured.  The  resistive  heater  was  adjusted  to 
maintain  the  cold  temperature  at  65°K.  The  signals  measured  were  either 
slow-varying  dc  (e.g.,  cold  temperature)  or  primarily  single-frequency  ac  (at  the 
operating  frequency)  with  a  large  amount  of  noise  and  higher  harmonics  (e.g., 
piston  motor  current).  To  measure  the  former,  a  dc  voltmeter  was  employed,  and  the 
measured  quantity  was  considered  stable  when  no  notable  change  was  observed  for 
about  5  min.  The  latter  was  measured  with  an  instrument  employing  a  standard 
signal  processing  technique,  namely,  heterodyning  with  the  input  reference 
oscillator  used  for  locking.  The  refrigerator  typically  required  one  hour  to 
settle  between  data  points.  In  this  paper,  db  is  defined  as  20  log  (quantity). 
Measured  data  points  are  noted;  data  for  the  original  test  (after  1000  hours)  is 
noted  by  open  squares  and,  data  for  the  present  test  (after  an  additional  20,000 
hours)  is  noted  by  solid  circles.  The  curves  in  the  figures  are  computer-generated 
using  either  a  linear  or  polynomial  least-squares  routine.  Curves  for  the  original 
data  are  solid  lines;  curves  for  the  new  data  are  dashed. 


Several  second  order  effects  could  have  caused  the  refrigerator  to  degrade 
over  life.  First,  permanent  magnets,  of  which  the  motors  are  constructed,  degrade 
over  time.  For  this  application.  Samarium-Cobalt  (SmCo.l  maqnets  were  chosen 
because  they  tend  to  degrade  very  little.  During  fabrication,  the  magnets  were 
"stabilized"  with  a  reverse  magnetic  field  and  elevated  temperature.  Thus,  magnet 
degradation  was  expected  to  be  small.  Also,  since  the  piston  and  displacer  motions 
are  exactly  controlled  by  a  control  system  with  a  large  loop  gain  (see  section  5 
below),  small  changes  in  the  motors  are  not  expected  to  greatly  change  the  cold 
production  or  the  cold  temperature.  (Changes  such  as  magnet  strength, which  effect 
motor  efficiency,  however,  may  raise  the  input  power  required  to  produce  a  given 
amount  of  cold.)  Second,  some  settling  may  have  occurred  in  the  mesh  that  forms  the 
regenerator.  Such  settling  may  increase  conduction  losses  and  flow  losses. 
Settling  may  also  reduce  flow  losses.  Thus,  the  effect  of  settling  on  performance 
is  not  clear.  Finally,  much  of  the  equipment  peripheral  to  the  refrigerator  has 
changed  over  the  last  three  years.  The  seals,  instrumentation  and  mechanical  pump 
in  the  vacuum  station  had  to  be  replaced,  leading  to  higher  vacuum  in  the  Dewar  and 
thus  lower  insulation  loss.  The  water  cooler  for  the  ambient  heat  exchanger  had  to 
be  replaced  and  water  has  to  be  periodically  added  to  the  cooler  to  make  up  for 
evaporation.  Thus,  both  the  flow  and  heat  conductivity  of  the  water  may  have 
changed  from  the  initial  test.  The  temperature  of  the  water  at  the  inlet  of  the 
heat  exchanger  is  the  same,  however,  since  this  is  set  by  a  control  on  the  cooler. 
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5.  Axial  control  system 


As  an  aid  to  understanding  how  parameters  can  be  varied  during  refrigerator 
use,  the  operation  and  accuracy  of  the  axial  control  system  will  be  discussed 
next.  A  block  diagram  of  the  control  system  is  shown  in  figure  5a.  The  piston 
amplitude,  displacer  amplitude,  frequency,  and  piston/displacer  phase  angle  are  set 
with  dc  voltages  which  are  adjusted  at  the  control  panel.  The  frequency  and  phase 
control  electronics  employ  local  feedback  loops  to  maintain  the  accuracy  of  the 
reference  signals  for  the  displacer  and  piston  closed  loop  position  servomechanisms 
in  spite  of  component  drifts.  The  reference  signal  to  the  piston  lags  the  signal 
to  the  displacer,  producing  the  desired  piston/displacer  phase  angle.  The  two 
closed  loop  position  servomechanisms  then  control  the  motions  of  the  piston  and 
displacer  with  a  high  degree  of  accuracy  and  low  harmonic  content. 


Although  the  closed-loop  position  servomechanisms  for  the  piston  and  displacer 
look  similar  in  Figure  5a,  they  vary  considerably  in  frequency  response  because  of 
the  extreme  differences  in  the  *  frequency  response  of  their  motor  and  system 
dynamics.  The  displacer,  as  the  measured  dynamics  of  figure  5b  indicates,  is 
nearly  a  pure  inertial  load.  (The  additional  rolloff  which  begins  at  400  Hz  is 
from  filtering  in  the  axial  position  sensor).  Principally,  the  force  produced  by 
the  motor  serves  only  to  accelerate  and  decelerate  the  mass.  Since  the  motion  is 
sinusoidal,  with  the  displacer  returning  to  its  axial  center  position  after  each 
half  cycle,  there  is  no  net  displacement  and  no  work  is  done.  The  mechanical  output 
power  is  reactive  (power  factor  of  0),  and  therefore,  the  electrical  input  power  to 
the  motor  is  only  the  ohmic  loss  dissipated  in  having  to  produce  the  required 
force.  Ignoring  the  inductive  reactance,  therefore, 


Pd  =  Id2  Rd  =  w4  x2  Rd  /  Kd2 


(2) 


where  Pd 
Id 
Rd 
w 
x 

Kd 


average  electrical  input  power  to  displacer  motor  (W) 

current  in  displacer  motor  (A) 

motor  armature  resistance  (ft) 

operating  frequency  (rad/sec) 

peak  displacement  amplitude  (m) 

motor  force  constant  (N/A)  (i.e.  Force  =  Kd  Id  ) 


The  piston,  on  the  other  hand,  is  designed  to  resonate  on  the  gas  spring  of 
compression  (the  effective  "spring"  of  gas  being  compressed  in  a  closed  cylinder) 
which  leads  to  highly  efficient  electromechanical  operation.  Its  motor  and  system 
dynamics,  as  shown  in  the  measured  dynamics  in  figure  5b,  has  a  spring-mass 
resonance  characteristic  (along  with  the  position  sensor  filtering).  The  reactive 
inertial  force  is  balanced  by  the  reactive  gas  spring  force,  and  the  motor  only 
produces  a  real  (as  opposed  to  reactive)  force  term  which  supplies  the  required 
mechanical  input  power  to  the  thermodynamics  (power  factor  of  1).  The  electrical 
input  power  to  this  motor  can  thus  be  separated  into  two  terms:  one  resulting  from 
supplying  the  real  mechanical  input  power  to  the  thermodynamics  and  one  relating  to 
the  balanced  reactive  inertial  power  and  gas  spring  power.  For  normal  operation, 
the  piston  is  in  resonance  and  the  net  reactive  power  is  zero;  however,  for  the 
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parametric  tests  discussed  here,  the  piston  does  come  out  of  resonance  slightly. 
It  should  be  noted  that  the  piston  operates  at  its  resonant  point  with  high 
accuracy  (small  error  in  the  control  loop)  because  of  the  high  open-loop  gain  at 
that  frequency  (see  Ref.  [4]). 


The  dynamics  of  a  gas  spring  are  different  from  those  of  a  mechanical  spring 
in  two  important  respects.  First,  the  damping  in  a  gas  spring  is  generally  higher 
than  in  a  mechanical  spring.  Thus,  power  is  dissipated  at  resonance  which  must  be 
supplied  by  the  linear  motor,  and  the  quality  factor  (the  spring  q)  of  the  system 
is  low.  Second,  because  of  gas  properties,  flow  losses  and  leakage  past  the 
compression  seal,  the  stiffness  of  the  gas  spring  is  a  function  of  frequency  and  is 
slightly  nonlinear  (i.e.  it  has  some  higher  harmonic  components).  These 
disadvantages  of  the  gas  spring  are  outweighed  by  the  advantage  of  having  a  spring 
for  resonance  with  no  mechanical  contact,  no  danger  of  fatigue  failure  and  no 
possibility  of  fracture. 


6.  Test  results 
3.1  Operating  frequency 

Figure  6  shows  the  variation  of  applied  load  power  (cold  proauction)  and 
figure  7,  the  variation  of  electrical  input  power  to  the  motors,  with  changes  in 
the  operating  frequency.  Several  effects  contribute  to  the  shape  of  these  curves. 
First,  it  should  De  realized  that  both  the  ideal  cold  production  and  the  ideal 
mechanical  input  power  to  the  Stirling  cycle  vary  linearly  with  operating  frequency 
(since  both  are  proportional  to  the  number  of  times  that  the  p-v  curve  is  traversed 
per  unit  time).  Secondly,  many  losses  such  as  those  due  to  flow  and  imperfect 
regeneration  are  functions  of  gas  velocity  and  therefore  of  operating  frequency. 
Some  losses,  such  as  that  caused  by  the  fluid  friction  of  the  flowing  gas  or  that 
resulting  from  the  temperature  oscillation  of  local  sections  of  the  regenerator 
package  over  a  cycle  (since  the  transfer  rate  between  the  gas  and  the  regenerator 
is  finite),  increase  with  increasing  frequency.  Others,  such  as  the  clearance  seal 
leakage  decrease  with  increasing  frequency.  Finally,  as  discussed,  the  nature  of 
the  displacer  and  piston  motor  and  system  dynamics  means  that  the  magnitude  and 
phase  of  the  input  power  for  each  are  functions  of  the  operating  frequency. 


For  the  small  range  of  frequencies  considered,  the  motor  and  system  dynamics 
produce  by  far  the  most  significant  effect.  The  displacer  power  increases  as  the 
fourth  power  of  the  operating  frequency,  as  noted  in  Equation  2  and  the  piston 
power  has  a  resonant  mass-spring  characteristic  (with  some  nonlinear  effects 
produced  by  the  gas  spring). 


The  variation  of  piston  and  displacer  motor  force  with  operating  frequency  are 
shown  in  figure  8  and  9,  respectively.  The  displacer  motor  force  varies 
approximately  as  the  square  of  the  operating  frequency  as  would  be  true  of  the 
purely  inertial  system,  and  the  piston  motor  force  exhibits  the  spring-mass 
characteristic  (minimum  force  at  resonance  with  a  slight  nonlinearity).  From  this, 
it  is  apparent  that  the  system  dynamics  dominate  the  response  and  any  change  in  the 
losses  with  frequency  is  not  as  significant.  There  was  little  change  between  the 
data  taken  after  1000  hours  and  that  taken  after  the  additional  20,000  hours.  The 
strong  dominance  of  the  piston  system  dynamics  on  this  test  and  the  fact  that  the 
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Figure  6.  Applied  load  power  vs 
operating  frequency. 
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Figure  8.  Piston  motor  force  vs. 

operating  frequency. 
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Figure  7.  Electrical  input  power 
to  motors  vs.  operating 
frequency. 


Figure  9.  Displacer  motor  force 

vs.  operating  frequency. 


piston  dynamics  has  changed  little  over  life,  is  responsible  for  this.  Also,  a 
comparison  between  table  1  and  Appendix  A  of  [1]  shows  that  the  nominal  operating 
parameters  for  the  two  tests  were  nearly  identical. 


The  displacer  motor  force,  in  figure  9,  is  measured  by  measuring  the  displacer 
motor  current  and  using  the  measured  force  constant  (Kd  in  Newtons  /  Amp)  from 
tests  of  the  displacer  motor  before  the  refrigerator  was  first  assembled  [4]. 
There  are  several  reasons  why  the  displacer  motor  force  in  the  test  after  20,000 
hours  may  be  greater  than  in  the  test  after  1000  hours.  The  force  constant  may  be 
reduced  (meaning  that  more  current  is  required  to  produce  the  same  force).  This 
can  occur  through  aging  of  the  permanent  magnets  or  because  the  magnet  strength  has 
oeen  reduced  by  the  saturating  magnetic  fields  generated  by  the  coil  in  this  motor 
[3].  The  displacer  motor  section  of  this  refrigerator,  under  the  ambient  heat 
exchanger,  also  experiences  the  highest  temperatures.)  Also,  settling  of  the 
regenerator  mesh  resulting  in  higher  flow  losses  would  increase  the  motor  force. 
Since  the  refrigerator  has  never  been  disassembled,  the  exact  reason  for  the  higher 
force  is  not  known.  It  should  be  noted  that  because  of  the  action  of  the  control 
system,  the  effect  of  changes  in  the  displacer  motor  are  small  in  terms  of  cold 
production. 


Some  caution  should  be  exercised  in  interpreting  this  data.  Since  this  is  a 
test  in  which  only  one  parameter  is  varied,  conclusions  can  not  be  drawn  about  what 
is  the  best  frequency  at  which  to  operate  the  refrigerator.  Both  the  mean  charge 
pressure  and  the  piston/displacer  phase  affect  the  resonant  frequency  of  the  gas 
spring  to  some  extent.  The  "optimum"  operating  frequency  must  take  all  such  effects 
into  account.  Such  multi-parameter  tests  are  beyond  the  scope  of  this  paper. 


6.2  Displacer  amplitude 

The  variations  of  applied  load  power  (cold  production)  and  electrical  input 
power  to  the  piston  and  displacer  motors  with  displacer  amplitude  are  shown  in 
figures  10  and  11,  respecti vely.  For  the  ideal  cycle,  the  applied  load  power  is 
proportional  to  displacer  amplitude  (discussion  in  section  5).  Several  losses, 
however,  are  functions  of  displacer  amplitude;  the  most  notable  of  these  associ¬ 
ated  with  the  regenerator,  referred  to  as  shuttle  loss.  As  the  displacer  moves, 
the  regenerator  passes  over  different  portions  of  the  housing.  As  a  result, 
there  is  a  mismatch  between  rhe  temperature  gradient  along  the  housing  wall  and 
the  temperature  gradient  along  the  regenerator,  and  the  mismatch  increases  for 
increasing  amplitudes  of  oscillation.  This  mismatch  results  in  heat  transfer 
between  che  displacer  and  the  housing  walls  and  thus  a  loss. 


Another  important  effect  in  this  test  and  in  the  one  which  follows  relates  to 
the  changes  in  the  refrigerator  dead  volume.  Dead  volume  is  the  designation  given 
to  those  regions  in  the  working  space  of  the  refrigerator  which  do  not  change  in 
volume  as  the  displacer  and  piston  move  (i.e.,  do  not  participate  in  the 
thermodynamic  cycle  (fig.  12)).  Dead  volume  includes  the  heat  exchanger  space, 
connecting  passages,  and  the  unfilled  space  in  the  regenerator.  Relevant  to  this 
test,  dead  volume  also  includes  those  regions  in  the  expansion  and  compression 
space  which  are  not  swept  by  the  peak  amplitude  of  the  displacer  motion. 
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Figure  10.  Applied  load  power  vs. 

displacer  amplitude. 


Figure  11.  Electrical  input  power 
to  motors  vs.  displacer 
amplitude. 
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Figure  12.  Schematic  of  dead  volume  (shaded). 

(Clearances  are  out  of  proportion 
for  clarity.) 
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A  discussion  of  dead  volume  is  given  in  Appendix  B  of  Reference  [3].  For  this 
paper,  several  comments  will  suffice.  In  general,  dead  volume  reduces  the  cold 
production  of  a  refrigerator.  Often,  the  dead  volume  also  reduces  the  required 
mechanical  input  power  so  that  the  refrigerator  efficiency  remains  roughly 
constant.  The  magnitude  of  the  effect  of  a  given  region  of  dead  volume  on  the  cold 
production  or  mechanical  input  power  depends  on  the  absolute  temperature  of  that 
region.  The  colder  the  region,  the  greater  the  effect. 

The  electrical  input  power  to  the  piston  motor  versus  displacer  amplitude  is 
shown  in  figure  13.  As  discussed  above,  the  input  power  to  the  piston  motor  has  two 
terms:  one  related  to  gas  spring  resonance  and  one  related  to  producing  the  thermo¬ 
dynamic  work.  Since  the  displacer  amplitude  has  little  effect  upon  the  gas  spring 
resonance,  the  electrical  input  power  to  the  piston  motor  is  only  that  which  is 
required  to  do  the  thermodynamic  work.  For  the  ideal  cycle,  the  mechanical  input 
power  required  by  the  thermodynamics  is  proportional  to  displacer  amplitude.  The 
piston  must  also  supply  the  work  required  to  overcome  the  shuttle  loss.  Further, 
from  the  above  discussions  about  dead  volume,  the  mechanical  input  power  should  also 
be  inversely  proportional  to  the  displacer  amplitude  (i.e.  the  mechanical  input 
powerpower  required  from  the  piston  should  decrease  as  the  displacer  amplitude  in¬ 
creases  because  the  dead  volume  decreases  and  this  effect  is  independent  of  the 
mechanical  input  power  required  to  produce  cold).  Thus,  variations  in  the  dis¬ 
placer  amplitude  produce  opposing  effects.  In  figure  13,  the  electrical  input 
power  to  the  piston  motor  varies  approximately  as  the  square  of  displacer  ampli¬ 
tude.  The  test  data  after  20,000  hours  shows  slightly  more  efficient  piston  opera¬ 
tion  than  that  after  1000  hours.  Since  the  nominal  operating  parameters  between 
the  two  tests  are  similar,  it  is  believed  that  the  improved  efficiency  comes  from 
the  changes  in  the  external  equipment  -  the  improved  vacuum  station  and  water 
cooler„ 

Consider  now  the  electrical  input  power  to  the  displacer  motor  versus  dis¬ 
placer  motor  versus  displacer  amplitude  in  figure  14.  Since  the  displacer  is  an 
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Figure  13.  Electrical  input  power 
to  piston  motor  vs, 
displacer  ampl itude. 


Figure  14.  Electrical  input  power 
to  displacer  motor  vs. 
displacer  amplitude. 
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inertial  load,  the  electrical  input  power  is  expectec  to  vary  as  the  square  of  the 
displacer  amplitude  (Equation  2),  as  observed. 


6.3  Piston  Amplitude 

The  change  in  applied  load  power  and  in  electrical  input  power  to  the  piston 
and  displacer  motors  with  piston  amplitude  is  shown  in  Figures  15  and  16, 
respectively.  For  the  ideal  cycle,  the  applied  load  power  and  electrical  input 

power  are  proportional  to  piston  amplitude.  This  characteristic  was  indeed 

observed.  Flow  losses  arid  the  effects  of  dead  volume  both  change  with  piston 

amplitude  tending  to  cancel.  The  flow  losses  increase  with  increasing  amplitude 
because  the  oeak  oscillating  pressure  and  volumetric  flow  rate  increase  as  more 
volume  is  displaced  by  the  piston.  The  dead  volume  decreases  by  the  amount  above 
the  piston  in  the  comoression  space  as  the  piston  amplitude  increases  ('fig.  12 
above).  As  discussed,  this  dead  volume  effect  is  negligible  because  the  volume  is 
at  the  temperature  of  the  ambient  heat  exchanger  (warm). 


Again,  comparing  the  data  taken  after  1000  and  20,000  hours,  it  should  be 
noted  that  the  variation  in  load  power  with  piston  amplitude  changed  slightly,  and 
that  the  input  power  required  to  produce  this  load  was  reduced  to  a  greater 
extent.  There  were  minor  differences  in  the  nominal  operating  points  between  the 
two  tests,  but  the  increased  efficiency  occurred,  presumably,  because  of 
improvements  in  the  external  equipment. 
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Figure  15.  Applied  load  power  vs. 
piston  ampl itude. 


Figure  15.  Electrical  input  power 
to  motors  vs.  piston 
amplitude. 
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6.4  Piston/ Displacer  Phase 


Figure  17  shows  the  variation  in  applied  load  power  and  figure  18,  the 
variation  of  electrical  input  power  to  the  piston  and  displacer  motors  as  a 
function  of  piston/displacer  phase.  For  the  ideal  cycle,  the  load  power  and 
electrical  input  power  should  vary  as  the  sine  of  the  phase.  This  Is  the 
approximate  shape  of  the  curves  in  the  figures.  The  piston/displacer  phase  also 


Figure  17.  Applied  load  power  vs. 

piston/displacer  phase 
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Figure  18.  Electrical  input  power 
to  motors  vs.  piston/ 
displacer  phase. 


influences  flow  losses  and  piston  gas  spring  resonance  to  a  lesser  degree.  These 
effects  are  more  easily  observed  in  the  variations  in  the  piston  and  displacer 
motor  force  shown  in  figures  19  and  20,  respectively.  From  the  figures,  it  should 
be  noted  that  the  variations  in  force  are  less  than  +  10%. 


Some  care  must  be  taken  in  comparing  the  data  taken  after  1000  and  20,000 
hours  of  operation.  The  variation  of  load  power  and  input  power  with 
piston/displacer  phase  are  somewhat  reduced.  However,  in  comparing  the  nominal 
values  in  table  1  above  and  Appendix  A  of  [1],  it  is  noticed  that  the  piston  stroke 
in  the  20,000  hour  data  is  much  less  than  that  in  the  1000  hour  data.  This 
presumably  caused  the  reduction.  In  general,  however,  the  efficiency  of  the 
refrigerator  increased,  which  can  be  observed  in  the  graph  of  total  efficiency 
(cold  production/input  power)  versus  phase  shown  in  figure  21.  The  peak  in 
efficiency  before  the  90°  piston/displacer  phase  predicted  by  the  ideal  theory 
occurs  because  of  the  effect  of  phase  on  flow  losses  and  on  the  resonance  of  the 
piston  gas  spring.  The  increase  in  displacer  motor  force  shown  in  figure  20  is 
presumably  due  to  the  effects  noted  in  the  frequency  parametric  test. 
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Figure  19 


.  Piston  motor  force  vs. 
piston/displacer  phase 


Figure  20.  Displacer  motor  force 
vs.  piston/displacer 
phase. 
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7,  Performance  versus  time 


The  refrigerator  continued  to  operate  after  this  parametric  data  was  taken. 

On  September  22,  1986,  the  refrigerator  exceeded  23,000  hours  of  operation  at  the 
nominal  operating  point  of  65°K  with  a  cold  production  of  5  Watts  and  continues  to 
operate  without  problems.  During  this  time,  the  refrigerator  was  stopped  and 
restarted  over  400  times.  The  cold  temp£rature  (along  with  several  other 
operational  parameters)  is  being  measured  with  a  digital  data  acquisition  system. 
Measurements  are  taken  every  15  minuter  using  a  sampling  frequency  of  1  kHz.  The 
samples  are  averaged  over  2  seconds  to  reduce  noise.  As  of  this  date,  no 
temperature  degradation  other  than  two  instances  noted  below,  has  been  observed  to 
the  accuracy  of  the  silicon  diode  sensors  (Q.1°K).  With  the  constant  cold 
production,  the  cold  temperature  Is  also  measured  to  be  stable  within  +  0.2  K 
(i.e.,  temperature  fluctuations  including  noise  induced  by  the  silico’n  diode 
thermometer  are  also  about  0.1°K).  During  this  period,  the  refrigerator  has  never 
had  to  be  disassembled  for  maintenance  or  inspection. 


The  electro-magnetic  bearings  along  with  their  radial  position  sensors  are 
left  on  continually  even  if  the  refrigerator  is  not  operating  or  is  undergoing 
tests.  As  of  September  22,  1986,  the  bearings  have  logged  over  33,000  hours  of 
operation. 


On  two  distinct  occasions,  the  refrigerator  operated  for  a  continuous  run  of 
over  1000  hours  (approximately  1  1/2  months).  In  each  case,  after  1100  hours,  the 
cold  temperature  slowly  rose  1  degree  (to  66°K)  and  leveled  off.  It  is  believed 
that  this  effect  is  due  to  whatever  small  impurities  may  be  contained  in  the 
refrigerator  eventually  becoming  attracted  to  the  regenerator.  In  each  case,  after 
the  refrigerator  was  allowed  to  warm  up,  operation  returned  to  normal. 


A  small  helium  leak  (approximately  1  psi  per  day)  has  developed  in  one  of  the 
housing  flanges.  A  technique  to  weld  the  flanges  shut,  which  is  proposed  for  the 
final  version  of  the  refrigerator  and  which  was  demonstrated  in  a  test  fixture,  was 
not  used  in  this  refrigerator.  The  helium  loss  is  presently  being  made  up  with  a 
hel ium  bottle. 


The  electronics  which  control  and  drive  the  refrigerator  use  only  commercial 
parts  (instead  of  space  qualified  parts)  and  no  redundancy  was  attempted.  Several 
times  during  the  life  test,  a  commercial  electronic  part  failed.  In  all  cases,  the 
safety  interlock  system  responded  correctly  and  safely  shut  down  the  machine.  The 
failed  part  was  replaced  and  the  life  test  continued.  The  final  version  of  this 
refrigerator  for  actual  spaceborne  employment  will  use  space  qualified,  redundant 
electronics. 
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8 .  Conclusions 


A  novel  feature  of  this  refrigerator,  namely,  full  electronic  control  of  the 
motion  of  Its  moving  parts,  was  utilized  to  characterize  the  capabilities  of  the 
refrigerator  under  parametric  changes.  The  characterization  is  useful  both  for 
designers  of  the  next  generation  of  the  refrigerator  and  for  potential  users. 
Designers  have  both  an  indication  of  the  accuracy  of  their  "optimal"  design  point 
and  a  determination  of  the  tolerance  of  the  design  point  to  changes  in  operational 
parameters.  Potential  users  have  an  indication  of  the  operation  of  the 
refrigerator  under  off-design  conditions  which  will  broaden  the  range  of  potential 
applications. 


In  comparing  the  data  for  tests  run  after  1000  hours  of  operation  and  after 
20,000  hours  of  operation,  it  is  noted  that  the  variation  of  output  (appl ied , load 
power)  has  changed  only  slightly.  This  is  a  result  of  the  accuracy  of  the  control 
system  which  maintains  operating  parameter  levels  in  spite  of  minor  changes  in  the 
internal  dynamics.  Over  life,  however,  the  refrigerator  displacer  motor  appears  to 
have  changed  slightly,  becoming  slightly  less  efficient.  This  is  observed  in  the 
slight  differences  in  the  variations  in  displacer  motor  force.  In  general, 
however,  the  refrigerator  appears  to  be  slightly  more  efficient,  as  noted  in  the 
variation  of  input  power  with  various  parameters  (except  frequency  where  the  effect 
is  presumably  masked  by  the  more  dominating  effect  of  system  dynamics).  It  is 
believed  that  this  is  most  probably  due  to  changes  in  the  equipment  external  to  the 
refrigerator  (the  improved  vacuum  station  and  water  cooler). 


Some  care  must  be  taken  in  the  interpretation  of  results.  In  each  test  only 
one  parameter  was  varied  and  its  effect  was  measured.  The  data  shows  the 
quantitative  influence  of  the  parameter  on  the  operation  of  the  refrigerator.  In 
general,  however,  the  effect  of  each  parameter  is  not  independent,  and  thus  the 
combination  of  two  test  results  will  not  show  the  combined  effect  of  varying  the 
two  parameters.  This  also  means  that  more  "optimal"  off-design  operating  points 
than  those  shown  in  this  paper  generally  exist.  These  off-design  points  are 
achieved  by  varying  more  than  one  parameter,  depending  on  the  operating  point 
desired.  Also,  it  should  be  recalled  in  comparing  the  two  sets  of  data,  that  the 
nominal  operating  point  between  the  two  tests  differed  slightly. 


In  spite  of  the  limited  scope  of  this  work,  the  versatility  of  this 
refrigerator  must  be  appreciated  both  as  a  tool  for  understanding  the  Stirling 
cycle  and  as  a  general  instrument  for  a  wide  variety  of  cryogenic  applications. 
The  capability  of  having  parameters  electronically  controlled  and  able  to  be 
changed  in  operation,  which  made  this  study  possible,  sets  this  design  apart  from 
refrigerators  built  in  the  past.  The  small  amount  that  performance  degraded  after 
an  additional  20,000  hours  of  operation,  even  to  off  design  conditions, 
demonstrates  this  refrigerator  to  be  a  reliable  long  life  machine. 


This  work  was  supported  by  the  NASA  Goddard  Space  Flight  Center  (contract  no. 
NAS5-25172) . 
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The  object  of  this  development  is  a  Stirling  cycle 
refrigerator  achieving  temperatures  in  the  4-5K  region  without 
the  use  of  Jou le-Thomson  loop.  Rare  earth  metal  compounds  were 
used  for  the  regenerator  matrix  and  metal  bellows  were  used 
for  the  compressor  and  the  displacer  for  the  purpose  of 
improving  the  cryogenic  performance. 

The  refrigeration  capacity  of  0.55  watts  below  5  K  was 
confirmed  in  the  first  step  tests  of  cooling  from  about  15  K. 
The  results  were  reported  at  1CEC  10(1984).  In  the  next  step, 
a  new  test  apparatus  which  can  test  the  performance  of  cooling 
down  from  about  80  K  was  constructed.  Measurements  of  the 
dynamic  change  of  temperature  and  pressure  were  carried 
out  with  the  phase  angle  and  the  displacement  of  the  bellows 
as  parameters.  According  to  the  test  results  obtained  up  to 
now, the  refrigeration  capacity  is  more  than  2  watts  below  5  K. 

Key  words:  Liquid  helium  ;  metal  bellows;  rare  earth  metal; 
refrigerator;  regenerator;  Stirling  cycle; 


1  .  Introduction 

This  paper  describes  the  development  of  a  4-5  K  cooling  Stirling  cycle 
refrigerator  without  the  use  of  Joule-Thomson  loop. 

The  special  merit  of  the  Stirling  cycle  refrigerator  is  that  the  mechanical 
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structure  is  simple  and  high  efficiency  can  be  expected.  At  present,  however, 
Stirling  cycle  refrigerator  requires  a  Joule-Thomson  loop  to  be  added  to 
the  regenerative  cycle  to  obtain  sufficient  refrigeration  power  at  liquid 
helium  temperatures. 

The  aim  of  this  research  is  to  prove  the  possibility  of  a  4-5  K  directly 
cooling  Stirling  cycle  refrigerator.  The  research  can  be  divided  into  the  next 
four  steps. 

Step  1  :  Cooling  down  from  about  15  K  to  4-5  K.  The  purpose  is  to 
investigate  refrigeration  performance  at  cryogenic  region.  In  this  step 
the  basic  characteristics  of  special  regenerators  were  investigated. 

Step  2  :  Cooling  down  from  30  K  to  4-5  K.  This  step  was  very  important, 
because  the  Stirling  cycle  refrigerator  technique  at  temperatures  higher  than 
30  K  is  already  generalized.  Two  stages  of  displacers  were  introduced 
to  achieve  this  goal.  After  this  step,  the  remaining  problem  was  how  to 
connect  a  newly  developed  refeigerator  to  already  developed  Stirling  cycle 
ref rigera  tors. 

Step  3  :  Cooling  down  from  about  80  K  to  4-5  K. 

Step  4  :  Cooling  down  from  room  temperature  to  4-5  K. 

Comparison  between  the  new  regenerator  using  rare  earth  metal  compounds  and 
the  ordinary  regenerator  using  small  lead  balls  was  made.  As  a  result  of  this 
test,  superiority  of  the  former  was  confirmed.  Furthermore  attainment  of 
temperatures  as  low  as  3.74  K  and  a  refrigeration  capacity  of  0.55  W  at 
the  4  K  level  has  been  confirmed.  (4) 

This  report  describes  the  test  results  obtained  in  step  3,  that  is, 
the  test  cooling  down  from  about  80  K  to  4-5  K. 


2 .  Test  apparatus 

Fig.l  shows  the  appearance  of  the  test  apparatus  for  the  4-5  K  cooling 
Stirling  cycle  refrigerator.  Fig. 2  shows  the  schematics  of  the  apparatus. 
The  main  features  of  this  test  apparatus  are  as  follows. 

(a)  This  test  apparatus  is  composed  of  two  separate  Stirling  cycle 
refrigerators,  i.e.  a  main  refrigerator  cooling  down  from  30  K  to  4-5  K  and 
a  sub-refrigerator  cooling  down  from  80  K  to  about  30  K. 

The  reason  for  this  division  into  two  temperature  ranges  is  that  it  has 
become  clear  that  the  working  pressure  is  a  very  important  parameter  to  achieve 
4-5  K  cooling  and  it  should  be  in  the  range  of  1.0  ~2.0atm.  If  the  entire 
refrigerator  is  designed  at  such  a  low  pressure  level,  the  volume  of 
the  refrigerator  will  become  fairly  large  and  the  efficiency  may  be  decreased. 
Both  the  main  and  sub-refrigerators  are  connected  by  a  heat  exchanger  to 
each  other,  i.e.  the  after-cooler  of  the  main  refrigerator  is  cooled  by 
the  cold  gas  helium  supplied  from  the  sub-refrigerator. 

Another  feature  of  this  apparatus  is  that  metal  bellows  are  used  instead 
of  pistons  and  cylinders  for  one  compressor  and  two  displacers.  The  merit 
of  using  metal  bellows  is  that  the  heat  leakage  due  to  the  shuttle  motion 
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Fig- 1  Appearance  of  the  test  apparatus  Fig. 2  Schematics  of  the 


of  the  piston  does  not  occur.  On  the  other  hand,  there  is  a  demerit  in  that 
the  dead  space  of  the  cold  region  increases  and  the  reliability  might  be 
decreased.  Nevertheless,  bellows  were  selected  for  the  purpose  of  realizing 
approximate  ideal  conditions. 

(b)  Regenerator 

The  regenerator  used  for  the  sub-refrigerator  is  composed  of  metal  meshes 
and  small  lead  balls,  which  are  not  different  from  those  used  in  ordinary 
regenerators.  The  main  refrigerator  regenerators  are  composed  of  two  blocks 
matching  the  temperature  regions.  For  the  higher  temperature  region  (30-10  K) 
small  lead  balls  are  used  (1st  regenerator),  and  for  the  lower  temperature 
region  (15-4  10  rare  earth  metal  compounds  are  used  (2nd  regenerator). 

In  the  2nd  regenerator,  rare  earth  metal  compounds  GdRh  and  GdErRh  are  used. 
These  materials  were  selected  because  of  their  low  temperature  specific 
performance.  Considering  the  properties  of  each  material,  GdErRh  was  used  for 
the  lowest  temperature  region  (less  than  10  K  ). 

The  regenerators  are  removable,  so  that  different  types  of  regenerators 
at  the  same  condition  may  be  compared. 

(c)  Compressor  and  displacers 

As  already  mentioned  the  compression  and  the  displacers  of  the  main 
refrigerator  are  composed  of  metal  bellows.  Each  spate  inside  the  bellows  is 
filled  up  with  blocks  in  order  to  minimize  the  dead  space. 

(d)  Heat  rejection 

The  heat  rejection  from  the  compression  area  of  the  sub-refrigerator  is 
made  by  means  of  liquid  nitrogen  which  is  supplied  from  an  outside  source. 
The  heat  rejection  from  the  main  refrigerator  is  made  by  means  of  the 
sub-refrigerator. 

(e)  Heat  load 

The  heat  load  on  the  main  refrigerator  at  the  cold  end  was  applied  by 
an  electrical  resistance  heater  attached  midway  between  the  second  displacer  and 
the  second  regenerator. 

(f)  Variable  parameters 

The  test  apparatus  is  designed  so  that  a  variety  of  parameters  may  be 
varied.  For  instance,  the  cyclic  speed.  the  stroke  and  the  phase  angle 
between  compression  and  displacer  motions  are  variable  on  the  main  refrigerator. 

The  variations  was  accomplished  by  using  a  oil  pressure  servo  actuator 
mechanisms  for  the  displacement  control  of  the  bellows.  Each  condition  can  be 
readily  set  by  adjusting  the  electrical  signal. 

The  sub-refrigerator  can  be  controlled  simply  by  regulating  the  frequency 
of  power  suply. 

(s)  Measurements 

Many  kinds  of  sensors  were  set  around  the  main  refrigerator  so  that  precise 
data  can  be  obtained.  For  instance,  the  transducers  for  temperature  and 
pressure  were  installed  at  the  entrance  to  each  bellows.  These  transducers  can 
measure  not  only  the  statical  change  but  also  the  dynamical  change  in  one  cycle 
of  motion. 
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3 .  Testing  method 


The  measurement  of  the  refrigerator  performance  was  executed  by  controlling 
the  electric  current  of  the  heater  at  each  setting  of  the  parameter  such  as 
the  pressure,  the  cycle  and  stroke  of  the  bellows  and  the  phase  angle  between 
the  compression  and  the  displacer  motion.  At  each  condition,  the  temperatures 
and  the  pressures  were  recorded  by  data  processing  computers. 


4 .  Tes t  resui ts 

Fig. 3  shows  the  typical  test  results  on  the  relation  between  refrigeration 
performance  and  the  temperature  at  the  cold  end.  The  maximum  refrigeration 
capacity  of  2.3  W  was  confirmed  when  the  cold  end  mean  temperature  was 
maintained  at  less  than  5  K.  As  shown  in  fig. 3,  the  refrigeration  performance 
depends  on  the  working  pressure,  i.e.  when  the  working  pressure  is  low,  the 
attainable  temperature  may  be  low,  but  the  temperature  increases  rapidly  in 
proportion  to  the  heat  load.  On  the  other  hand  when  the  pressure  is  high, 
the  attainable  temperature  is  high  and  the  refrigeration  capacity  is  large. 


Fig, 3  Test  result  of  refrigeration  load  and  mean  temperature 
at  cold  end  (cooling  down  alxout  80  K) 


26? 


Fig  4a , 4b  and  4c  show  the  cyclic  changes  of  the  cold  end  temperature  and 
the  pressure.  This  temperature  is  measured  by  a  Ge  sensor  inserted  into  the  gas 
flow  just  outside  of  the  bellows.  The  pressure  is  also  measured  at  almost 
the  same  place.  The  outputs  from  these  sensors  pass  through  signal  conditioners 
amplifier  and  then  to  a  micro  compu terbased  data  logging  system. 

Fig. 4a  shows  the  data  at  zero  heat  load,  and  fig. 4b  and  4c  show  the  data  at 
an  increased  heat  load.  As  shown  in  fig. 4a,  the  cold  end  temperature  decreases 
as  the  expansion  begins,  and  it  increases  as  the  compression  begins.  It  is 
notable  that  these  values  change  very  closely  following  the  saturated  curves  of 
helium. 

When  the  heat  load  increases,  these  values  gradually  deviate  from 
the  saturated  curves,  as  shown  in  fig. 4b  and  4c.  The  data  suggest  that  part 
of  the  gas  helium  is  liquefied  in  a  mist  like  state.  This  phenominon  is 
especially  prominent  in  the  0  W  data  (fig  4a).  With  increased  heat  load 
the  quality  of  the  mist  is  most  likely  deteriorated  as  can  be  seen  from  fig. 4b. 

At  the  condition  of  fig. 4c,  helium  does  not  seems  to  be  liquefied  at  any 
moment. 

Comparing  these  data,  it  is  notable  that  the  minimum  temperature  in  each 
cycle  is  not  so  different  from  each  other  (especially  between  fig. 4b  and  4c). 
Instead,  the  maximum  temperature  rises  as  the  heat  load  increases. 

Fig. 5  shows  a  P-V  diagram  of  the  same  data  as  shown  in  fig. 4c.  The  work 
done  to  the  compressor  as  calculated  from  this  P-V  diagram  was  approximately 
4  3.9  W,  and  the  works  done  by  the  displacers  were  2.1  W  (1st  displacer) 
and  2.7  W  (2nd  displacer),  respectively.  The  Carnot  efficiency  estimated 
experimentally  was  about  25%  for  the  main  refrigerator. 

Fig. 6  shows  the  measured  temperature  distribution  on  the  flow  diagram  of 
this  test  apparatus  which  also  is  the  same  data  shown  in  fig. 4c  and  fig. 5. 
As  shown  in  this  figure,  4-5  K  cooling  is  achieved  by  cooling  down  from 
about  87  K. 


5  .  Discussion 

The  possibility  of  4-5  K  cooling  Stirling  cycle  refrigerator  has  been 
proved  using  a  test  apparatus  for  cooling  down  from  about  80  K. 

One  of  the  features  of  cryogen  obtained  by  this  refrigerator  is  that 
the  amplitude  of  the  temperature  fluctuation  is  rather  large.  The  main  use  of 
these  refrigerators  is  to  recondense  the  helium  gas.  It  is  therefore  necessary 
to  confirm  if  such  temperature  fluctuation  would  pose  a  serious  problem  or  not. 

To  investigate  this  problem,  we  installed  a  small  LHe  tank  in  which  a  heat 
exchanger  for  recondensing  helium  gas  was  housed  between  the  2nd  displacer  and 
the  2nd  regenerator. 

As  the  result  of  this  test,  the  condensation  of  helium  gas  using  this  type 
of  refrigerator  was  confirmed  without  difficulty. 


This  study  has  been  performed  using  special  coordination 
funds  of  the  Science  and  Technology  Agency  of  the  Japanese 
Government.  The  authors  would  like  to  gratefully  acknowledge 
the  important  support  given  by  Mr.  Yoshihiro  Kyotani  of  the 
Japanese  National  Railways  and  Mr.  Tatsuo  Tani  of  Aisin  Seiki 
Co . ,  L td . 
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SPLIT-STIRLING  CYCLE  CRYOCOOLER 
OFF-DESIGN  PERFORMANCE  TESTS 


Forrest  R.  Cleveland 


Aerojet  ElectroSystems  Co. 
Azusa,  CA  91702 


This  paper  presents  the  results  of  a  series  of 
performance  tests  conducted  on  _a  commercially 
available  cyrocooler.  The  specific  unit  tested  was 
a  Magnavox  MX7043  one-watt,  split-Sti rling  cycle, 
linear-resonant  cryocooler.  The  purpose  of  the 
tests  was  to  determine  cooler  performance  over  a 
wide  range  of  test  conditions  for  which  the  cooler 
was  not  specifically  designed. 

The  cooler  is  made  for  ground  operation 
(1  atm)  over  a  limited  range  of  environmental 
temperatures  (-40  C  to  +55  C)  with  both  cooler 
components  at  nearly  the  same  temperature.  These 
tests  were  performed  in  a  vacuum  at  temperatures  as 
low  as  -100  C,  with  the  cooler  components  at  widely 
different  temperatures. 

Net  refrigeration  was  determined  as  a  function 
of  cooler  component  temperatures  (compressor, 
coldhead,  and  coldtip)  and  applied  voltage.  An 
algorithm  was  developed  to  describe  this 
relationship  over  the  ranges  of  the  test  variables. 

Also  determined  was  the  input  power  split 
between  the  compressor  and  coldhead.  The  input 
power  appears  as  waste  heat  at  both  components,  and 
must  be  removed  to  hold  component  temperatures 
constant.  The  fraction  of  input  power  appearing  at 
the  coldhead  was  found  to  be  a  linear  function  of 
the  temperature  difference  between  the  compressor 
and  coldhead. 


Key  words:  Cryocooler;  cryogenics;  performance; 
refrigerator;  Stirling  cycle;  testing. 
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1.  Introduction 


A  Magnavox  MX7043  cryocooler  is  to  be  used  by  Aerojet  Electro- 
Systems  ( AESC )  on  a  space  experiment.  In  order  to  accurately  predict 
the  behavior  of  the  experiment  with  a  thermal  math  model,  a  computer 
algorithm  describing  cooler  performance  is  required.  This  paper 
presents  that  algorithm,  together  with  supporting  algorithms  for 
cooler  impedance,  the  power  split  between  components,  and  long-term 
degradation. 

The  cooler  is  made  for  ground  operation  (1  atm)  over  a  limited 
range  of  environmental  temperatures  (-40  C  to  +55  C)  with  the  cooler 
components  at  nearly  the  same  temperature.  The  AESC  experiment  will 
be  conducted  in  space  over  a  much  broader  range  of  environmental 
temperatures  with  the  cooler  components  generally  at  widely  separated 
temperatures.  The  tests  reported  herein  are  the  first  performance 
tests  conducted  on  this  cooler  under  conditions  not  originally 
intended  by  the  designers  (vacuum  and  temperatures  lower  than  -40  C). 

The  cooler  consists  of  two  components  joined  by  a  transfer  tube: 
The  compressor  and  the  coldfinger  subassembly.  This  is  shown  in 
figure  1.  In  the  following  discussion,  "coldtip"  refers  to  the  point 
at  which  refrigeration  is  produced:  the  copper  tip  of  the  coldfinger. 
"Coldhead"  refers  to  the  warm  end  of  the  coldfinger  subassembly. 


2.  Test  setup  and  procedure 

All  test  variables  were  recorded  at  steady-state  conditions.  The 
on-orbit  operation  of  the  cooler,  however,  will  be  under  transient 
conditions  responsive  to  changes  in  the  experiment  environment.  It  is 
assumed  that  the  steady-state  performance  of  the  cooler,  with  specific 
values  of  the  test  variables,  is  identical  to  its  performance  under 
transient  conditions  with  the  same  instantaneous  values  of  the 
variables . 

All  testing  was  performed  in  a  laboratory  bell  jar,  and  a  vacuum 
of  at  least  3e-6  torr  was  maintained  throughout  all  tests.  Two 
separate  coldplates  were  serviced  by  liquid  nitrogen  ( LN2 )  and  warm 
air  for  temperature  control.  One  coldplate  was  dedicated  to  the 
compressor,  the  other  to  the  coldhead.  Both  cooler  components  were 
separated  from  their  coldplates  by  aluminum  collars.  The  purpose  of 
these  collars  was  to  act  as  heat  flow  meters  to  determine  the  input 
power  split  between  cooler  components.  The  collars  were  calibrated  by 
means  of  heaters.  The  test  setup  is  shown  in  figure  2. 

There  are  five  variables  of  interest  in  these  tests.  Four  are 
independently  set.  The  fifth  is  then  measured  as  a  function  of  the 
other  four.  The  five  variables  are:  compressor  temperature,  applied 
voltage,  coldhead  temperature,  coldtip  temperature,  and  net 
refrigeration.  Tests  were  conducted  with  compressor  temperatures  of 
313  K  (+40  C),  253  K  (-20  C),  and  193  K  (-80  C);  with  applied  voltages 
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of  24  v,  22  v,  20  v,  and  16  v  rms ;  with  various  coldhead  temperatures 
ranging  from  323  K  (+50  C)  to  173  K  (--100  C);  and  with  coldtip 
temperatures  of  110  K,  100  K,  and  90  K. 

With  so  many  variables  to  be  examined,  the  following  approach  was 
adopted.  First,  a  specific  compressor  temperature  was  selected  at 
which  to  gather  several  data  points.  This  was  maintained  by  the 
coldplate  servicing  the  compressor,  driven  by  a  computer-sensed 
temperature  feedback  circuit.  The  compressor  is  the  largest  thermal 
mass  component,  and  consequently  the  component  which  takes  longest  to 
reach  steady  state.  Second,  a  specific  voltage  was  applied  to  the 
cooler.  The  test  setup  did  not  permit  controlling  this  variable 
automatically.  This,  together  with  the  cooler  component  temperatures, 
determines  the  power  generation  in  each  cooler  component.  Third,  a 
specific  coldhead  temperature  was  selected.  This  was  maintained  by 
the  coldplate  servicing  the  coldhead  and  driven  by  an  independent 
computer-sensed  temperature  feedback  circuit.  Finally,  the  net 
refrigeration  was  measured  at  the  coldtip  temperatures  cited  above. 
This  was  accomplished  with  a  third  computer-sensed  temperature  feed¬ 
back  circuit  to  vary  the  power  generation  at  the  coldtip  in  order  to 
maintain  the  desired  coldtip  temperature. 

All  temperatures  were  measured  with  36-gage  coppe r-constantan 
(type  T)  thermocouples  (TCs).  A  calibration  was  performed  on  all  TCs 
prior  to  testing.  This  calibration  consisted  of  dipping  the  TC  beads 
into  an  LN2  bath.  Readings  ranged  from  79.13  K  to  79.66  K.  This  is 

1.77  K  to  2.30  K  high  at  LN2  temperatures.  No  corrections  were  made 
to  coldtip  temperatures  in  fitting  the  data.  The  algorithm,  then, 
underestimates  net  refrigeration. 


3.  Results 

A  total  of  352  measurements  were  made  representing  164  distinct 
test  points.  As  a  general  rule,  data  were  recorded  twice  for  each 
test  point  to  verify  stability.  The  lowest  coldtip  temperatures 
achievable  were  also  recorded,  though  these  test  points  were  not 
included  in  formulating  the  algorithm.  Only  a  subset  of  the  164  test 
points  was  selected  for  the  algorithm.  This  consisted  of  125  test 
points  which  excluded  all  zero  net  refrigeration  points  occurring 
below  a  90  K  coldtip  temperature.  This  made  the  algorithm  a 
mathematically  simpler  surface. 


3.1  Performance  algorithm 

The  following  algorithm  fits  the  subset  of  125  test  points  within 
reasonable  accuracy.  This  is  a  working  algorithm  to  describe  cooler 
performance  over  the  ranges  of  the  test  variables.  There  may  exist 
others  which  are  better  in  terms  of  closeness  of  fit,  but  there  are 
none  which  are  simpler  mathematically  and  give  as  close  a  fit. 
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The  data  for  which  this  algorithm  was  developed  are  shown  in 
figures  3  through  11.  Each  figure  is  for  a  specific  compressor 
temperature  and  applied  voltage.  The  figure  itself  is  a  three- 
dimensional  plot  of  net  refrigeration  (vertical  axis)  versus  coldtip 
and  coldhead  temperatures  (horizontal  axes).  What  each  figure  depicts 
is  a  performance  surface. 

Geometrically,  the  algorithm  for  early-life  ( non-degraded) 
performance  is  a  surface  which  is  best  described  by  the  term 
"parabolic  cylinder".  It  is  that  surface  generated  by  moving  a  line 
parallel  to  itself  along  a  parabola  as  a  base.  It  opens  downward  in 
the  direction  of  negative  net  refrigeration,  and  slopes  downward  in 
the  direction  of  low  coldtip  temperatures.  It  has  no  rotation  about 
the  net  refrigeration  axis. 


Qn  =  A  *  ( Tct  -  Tmin)  -  B  *  (Tch  -  Topt)2 


where  Qn 

A  &  B- 

V 

Temp  = 
Tct 

Tmin  = 
Tch 

Topt  = 


net  refrigeration,  w 
proportionality  "constants" 
functions  of  V  &  Temp  (see  below) 
applied  voltage,  v  rms 
compressor  temperature,  K 
coldtip  temperature,  K 
temperature  of  zero  refrigeration,  K 
function  of  V  &  Temp  (see  below) 
coldhead  temperature,  K 
temperature  of  maximum  refrigeration, 
200  K  (peak  of  parabolic  surface) 


(12  <  V  <  30) 
(193  <  Temp  <  313) 
(  80  <  Tct  <  120) 


(173  <  Tch  <  323) 
K 


Tmin  =  aO  *  (V  -  VO)2  +  al  *  (Temp  -  TO) 


where:  V0  =  24  v  rms 

TO  -  73  K 


aO  =  .37 
al  =  .16 


A  =  bO  *  (V  -  VI)2  -  bl  *  (Temp  -  Tl) 


where  Vl  =  7  v  rms 
Tl  =  1033  K 


bO  =  5.9  e-5 
bl  =  1.3  e-5 
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B 


c 0  -  cl 


(V 


* 


-  V2)2 


•where:  cO 


cl 


dO 

+ 

dl 

*  ( Temp 

V2 

20 

v  rms 

T2 

= 

304 

K 

d2 

+ 

d3 

*  ( Temp 

-  T2)2 

dO  =  3.4  e-5 
dl  =  3.3  e-9 

-  T2)2 


d2  -  1.7  e-7 
d3  =  7.6  e-11 


This  algorithm 
performance  very  far 
example,  it  gives  a 
applied  voltage  for 
incorrect.  The  algo 
rms .  As  a  second  ex 
refrigeration  for  ze 
The  algorithm  is  not 


is  not  intended  to  accurately  represent 
outside  the  range  of  the  test  variables.  For 
reduction  in  net  refrigeration  with  increased 
voltages  above  about  30  v  rms.  This  is  probably 
rithm  is  not  good  at  voltages  above  about  30  v 
ample,  the  algorithm  does  not  give  zero  .net 
ro  applied  voltage.  This  is  clearly  incorrect, 
good  at  voltages  below  about  12  v  rms. 


3.2  Supporting  algorithms 


Three  supporting  algorithms  are  required  for  a  complete 
description  of  cooler  operation.  The  first  concerns  cooler  impedance, 
which  relates  applied  voltage  to  input  power.  The  performance 
algorithm  above  involves  applied  voltage  as  one  of  the  variables.  It 
is  the  power  associated  with  this  voltage,  however,  which  determines 
the  cooler  temperature.  The  impedance  algorithm  allows  input  power  to 
be  calculated  from  applied  voltage  and  cooler  component  temperatures. 


The  second  supporting  algorithm  concerns  the  power  split  between 
compressor  and  coldhead.  How  the  input  power  is  split  between  these 
two  components  must  be  known  in  order  to  calculate  temperatures  for 
them.  The  power  split  algorithm  gives  the  fraction  of  input  power 
appearing  at  the  coldhead. 


The  third  supporting  algorithm  concerns  expected  performance 
degradation  with  operating  time.  This  is  important  for  calculations 
well  into  the  life  of  the  experiment.  Cooler  performance  must  be 
derated  with  operating  time.  The  degradation  algorithm  gives  the 
derating  factor. 


3.3  Impedance  algorithm 

Cooler  impedance  is  a  linear  function  of  coldtip  temperature  in 
the  range  90  to  110  K.  The  intercept  is  a  function  of  coldhead  and 
compressor  temperatures,  but  is  independent  of  applied  voltage.  The 
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slope  is  a  function  of  compressor  temperature  and  applied  voltage,  but 
is  independent  of  coldhead  temperature.  This  is  expressed  as  follows: 


R  =  v2/P  =  eO  +  el  *  Tct 


where  R 
P 

eO 

el 


=  impedance,  ohms 
=  input  power,  watts 
=  fl(Tch,  Temp) 

■  f2(Tcmp,V) 


The  intercept,  eO,  is  linear  with  coldhead  temperature.  It  can 
be  calculated  from  the  following  expression: 


eO  =  gO  +  gl  *  Tch 


where  gO  =  4.348  +  .01822  *  Temp 

gl  =  6.060  e-3  +  4.498  e-5  *  Temp 

The  slope,  el,  is  linear  with  applied  voltage.  It  can  be 
calculated  from  the  following  expression: 


el  =  hO  +  hi  *  V 


where  hO  =  .1069  -  8.008  e-6  *  (Temp  -  283)2 

hi  =  -  3.095  e-3  +  3.010  e-7  *  (Temp  -  275)2 

The  maximum  percentage  error  for  this  algorithm  is  8.0%;  the 
average  percentage  error  is  2.3%.  The  maximum  absolute  error  is 
1.26Q;  the  average  absolute  error  is  0.39Q. 


3.4  Power  split  algorithm 

The  fraction  of  input  power  appearing  at  the  coldhead  is  a  linear 
function  of  the  temperature  difference  between  compressor  and 
coldhead.  Both  intercept  and  slope  are  functions  of  compressor 
temperature  and  applied  voltage. 
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fch  =  jO  +  jl  *  (Temp  -  Teh) 


where  fch  =  fraction  of  input  power  appearing  at  coldhead 

jO  =  -.536  +  9.53e-3  *  Temp  -  1.39e-5  *  Temp2  -  .0172  *  V 

jl  =  (Temp  -  128  )  *  33  /  (  1345  -  113.2  *  V  +  4.274  *  V2) 

This  algorithm  fits  most  of  the  data  quite  well,  as  shown  in 
figures  12a  through  c.  It  misses  rather  badly  in  three  instances.  It 
predicts  high  for  24  v  rms  applied  voltage,  313  K  compressor 
temperature,  and  80  K  temperature  difference.  It  also  predicts  high 
for  20  v  rms  applied  voltage,  253  K  compressor  temperature,  and  70  K 
temperature  difference.  It  predicts  low  for  20  v  rms  applied  voltage, 
193  K  compressor  temperature,  and  20  K  temperature  difference. 


3.5  Degradation  algorithm 

Cooler  performance  is  expected  to  decline  with  increased 
operating  time.  This  is  shown  in  figure  13.  Data  were  taken- on  five 
UA7035  Philips  cryocoolers.  These  are  1/4-watt  spl i t-Sti rl ing  cycle 
units,  similar  to  the  1-watt  MX7043.  (Philips  manufactures  the 
MX7043;  Magnavox  markets  it  in  the  U.S.)  These  data  give  the 
following : 


q/qO  -  k.0  +  kl  *  t  +  k2  *  t2  +  k3  *  +  k4  *  t4 


where  q/qO  =  actual-to-initial  refrigeration  ratio 
t  =  time  of  operation,  hrs 


k0 

=  1.0 

kl 

=  -  7.7189 

e-6 

k2 

=  -  1.3921 

e-9 

k  3 

=  +  2.7729 

e-13 

k4 

=  -  6.3517 

e-1 7 

This  is  accurate  to  within  0.6%  of  the  average  of  the  five 
coolers,  and  implies  zero  net  refrigeration  at  11,618  hours,  or  one 
and  a  third  years. 


4 .  Conclusion 

A  performance  algorithm  for  an  MX7043  Cryocooler  has  been 
presented,  together  with  supporting  algorithms  for  cooler  impedance, 
power  split  between  components,  and  long  term  degradation. 
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Refrigeration  —  W 


Figure  7.  Cooler  performance  with  253  K  compressor  and  20  v  rms 


Figure  8.  Cooler  performance  with  253  K  compressor  and  16  v  rms 
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Figure  11.  Cooler  performa 
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Figure  13.  Cooler  degradation,  average  of  five  units 
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DEVELOPMENT  OF  THE  STIRLING  CYCLE  COOLERS  FOR  THE 
IMPROVED  STRATOSPHERIC  AND  MESOSPHERIC  SOUNDER 


S.T.Werrett  and  G.D.Peskett 


Oxford  University 
Department  of  Atmospheric  Physics 
Parks  Road 
Oxford  0X1  3PU 
United  Kingdom 


A  long  life  miniature  Stirling  cycle  cooler  has  been  devel¬ 
oped  for  the  Improved  Stratospheric  And  Mesospheric  Sounder  on 
the  NASA  Upper  Atmosphere  Research  Satellite.  The  cooler,  which 
was  described  at  the  Cryogenic  Engineering  Conference  in  1985, 
uses  a  spring  suspension  and  clearance  seals.  Testing  of  the 
prototypes  carried  out  since  then  has  included:  qualification 
level  vibration  testing;  thermal  vacuum  operation,  including 
performance  mapping;  measurement  of  the  effect  on  performance  of 
increasing  the  connecting  pipe  length;  optical  measurement  of 
the  residual  imbalance  of  a  pair  of  electronically  balanced  com¬ 
pressors;  continuation  of  the  life  test,  with  a  compressor  now 
having  run  for  11,500  hours.  The  flight  model  cooler  design  in¬ 
corporates  improvements  in  thermal  interfacing  and  assembly  meth¬ 
ods,  made  as  a  result  of  the  experience  gained  with  the  proto¬ 
types.  The  flight  coolers  are  described  and  preliminary  perfor¬ 
mance  data  for  the  first  one  presented.  These  data  show  that  the 
cooler  exceeds  the  ISAMS  requirement. 

Key  words:  Atmosphere;  clearance  seal;  cooler;  infra-red 
detectors;  radiometer;  spaceflight;  spring  suspension; 

Stirling  cycle. 


1.  Introduction 

The  Improved  Stratospheric  And  Mesospheric  Sounder  (ISAMS)  is  a  limb  sounding 
infra-red  radiometer  which  will  form  part  of  the  payload  of  the  NASA  Upper  Atmosphere 
Research  Satellite  (UARS).  Linear  split  Stirling  cycle  coolers  capable  of  extracting 
0.5  W  at  80  K  for  the  30  months  of  the  UARS  mission  have  been  developed  to  cool  the 
infra-red  detectors.  The  compressors  and  displacer-regenerators  both  employ  clear¬ 
ance  seals,  spring  suspension  and  linear  motors.  Both  mechanisms  are  operated  under 
servo  control  with  LVDTs  being  used  for  shaft  position  measurement.  In  ISAMS  two  co- 
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Figure  l.  Arrangement  of  the  prototype  cooler 


olers  are  employed  with  the  two  compressors  and  two  displacers  linearly  opposed  so  as 
to  minimise  unbalanced  momentum. 

The  design,  construction  and  performance  of  the  prototype  coolers  have  been  pre¬ 
viously  described  [1,2]*  .  A  diagram  of  their  arrangement  is  reproduced  in  figure  1. 


2.  Testing  of  the  prototypes 
2.1.  Approach 

The  development  of  a  mechanism  for  use  in  space  involves  demostration  of  its 
ability  to  survive  the  environments  encountered  before  reaching  orbit  as  well  as  the 
adequacy  of  its  performance  for  the  duration  of  the  mission.  The  test  programme  des¬ 
cribed  here  has  been  designed  to  satisfy  the  above  requirement  and  to  provide  infor- 


^Mumbers  in  brackets  refer  to  the  literature  references  listed  at  the  end  of  this 
report . 
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nvfion  on  the  performance  of  the  coolers  over  a  range  of  operating  conditions.  In 
parallel  wich  this  programme,  British  Aerospace  (BAe)  have  performed  an  evaluation  of 
the  cooler  on  behalf  of  the  European  Space  Agency  (ESA)  [3], 


2.2.  Vibration  testing 

After  its  performance  had  been  characterised,  one  of  the  six  prototype  coolers 
was  vibrated  to  the  levels  shown  in  table  1,  the  duration  of  the  test  being  i  minute 
in  the  axis  parallel  to  the  mechanism  shafts  and  90  seconds  in  a  transverse  direc¬ 
tion.  The  intention  was  to  run  the  device  after  vibration,  to  test  for  performance 
changes,  and  then  to  strip  it  down  and  examine  the  components.  However,  during  the 
test  it  became  clear  that  a  failure  had  occurred  in  the  compressor  motor  or  suspen¬ 
sion  so  that  running  the  whole  cooler  again  was  not  possible.  The 
displacer-regenerator  was  then  driven  alone,  no  change  in  its  characteristics  was 
discernable. 


Table  1.  Qualification  vibration  levels 


— 

frequency  /  Hz 

20  -  80 

80  -  350 

350  -  2000 

power  speciral 
densliy 

+3  dB  oci"1 

0.24  g2Hz_1 

-3  dB  oci"1 

The  strip  down  of  the  cooler  was  attended  by  quality  assurace  personnel  from 
BAe.  The  compressor  failure  was  .found  to  be  due  to  separation  of  the  motor  coil  from 
its  support.  The  remainder  of  the  compressor  and  displacer-regenerator  showed  no  ev¬ 
idence  of  damage.  A  small  amount  of  particulate  debris  was  collected  from  the  me¬ 
chanisms  . 

Examination  of  the  failed  /joint  in  the  quality  assurance  laboratory  at  BAe  reve¬ 
aled  contamination  of  the  joint  epoxy  with  silicone  rubber.  The  particulate  contami¬ 
nation  was  found  to  be  mostly  chips  of  aluminium,  titanium,  copper  and  brass.  The 
aluminium  and  titanium  were  thought  to  be  machining  debris  from  the  cooler  components 
and  the  brass,  which  is  not  used  in  the  cooler,  from  the  assembly  jigs.  The  copper 
particles  appeared  to  have  come  from  the  compressor  drive  coil  which  was  free  to  move 
after  the  joint  failure. 

A  drive  coil  of  the  same  type  as  the  one  which  failed  had  been  successfully 
tested  to  higher  levels  previously,  and  we  thus  had  no  reason  to  doubt  the  suitabili¬ 
ty  of  a  correctly  made  joint.  It  is  almost  certain  that  the  failure  was  caused  by 
the  silicone  rubber  contamination  (used  in  error  to  seal  the  encapsulation  jig). 
However,  since  the  strength  of  the  original  butt  joint  design  could  be  increased  ea¬ 
sily  by  introducing  an  overlap  between  windings  and  support,  this  has  been  done  in 
the  flight  models.  Cleaning  and  inspection  procedures  have  been  tightened. 
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Table  2. 


Life  test  pre-conditioning  vibration  levels 


frequency  /  Hz 

20  -  120 

120  -  600 

600  -  2000 

power  spectral 
density 

+9  dB  ocf1 

0.08  g2Hz-1 

-9  dB  oct“' 

2.3.  Life  testing 

At  the  time  of  writing  the  previous  paper  [1],  one  of  the  prototype  coolers  had 
been  vibration  tested,  to  the  level  shown  in  table  2,  and  subsequently  run  almost 
continuously  for  6000  hours  with  no  change  in  its  performance.  After  a  further  500 
hours  of  unchanged  operation,  the  displacer-regenerator  mechanism  failed.  The  fai¬ 
lure  was  found  to  be  due  to  a  short  circuit  having  developed  between  one  of  the  stat¬ 
ic  wires  leading  to  the  drive  coil  and  the  (grounded)  body  of  the  mechanism.  The 
short  circuit  caused  the  control  electronics  to  become  unstable  and  overdrive  the  me¬ 
chanism,  eventually  damaging  it.  The  leadwire  had  been  incorrectly  positioned  on  as¬ 
sembly,  its  insulation  being  trapped  and  eventually  cut  through.  (Due  to  shortage  of 
assembly  effort  this  mechanism  had  been  assembled  by  a  contractor). 

On  stripping  down  the  failed  mechanism  no  sign  was  seen  of  wear  or  fatigue,  in 
particular  the  displacer  appeared  unmarked  and  no  wear  debris  was  found. 

Another  displacer-regenerator  was  connected  to  the  life  test  compressor  and  the 
whole  cooler  was  then  vibrated  to  the  level  shown  in  table  2.  Following  this  vibra¬ 
tion,  the  life  test  was  restarted  and  has  since  run  for  5000  hours  with  no  change  in 
performance.  The  compressor  has  now  accumulated  11,500  hours  of  operation. 

2.4.  Thermal  performance  measurement 
2.4.1.  Test  set-up 

Two  of  the  prototype  coolers  were  mounted  as  linearly  opposed  mechanism  pairs  in 
a  vacuum  chamber,  as  shown  in  figure  2.  The  temperatures  of  the  compressor  and  dis¬ 
placer  mounts  could  be  independently  varied,  with  the  power  input  to  the  displacer 
mount  monitored,  permitting  measurement  of  the  power  transfer  from  compressor  to  dis¬ 
placer.  The  two  coolers  were  connected,  through  the  vacuum  chamber  wall,  to  a  pump¬ 
ing  and  filling  rig.  Instrumentation  consisted  of  temperature  sensors  on  the  mechan¬ 
isms  and  a  multiplexed  power  and  current  measuring  system  on  the  drive  motor  inputs. 


2.4.2.  Test  sequences 

Most  measurement  sequences  began  with  the  setting  of  initial  conditions  of  fill 
pressure,  frequency  of  operation  and  heat  sink  temperatures.  The  coolers  were  then 
run  and  the  load  line  (cold  end  temperature  vs  applied  heat  input)  measured. 
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Figure  2.  Thermal  vacuum  test  set  up 


Measurements  were  made  with  a  constant  net  power  input  of  20  W  to  the  compressors, 
where  net  power  is  given  by: 


Wnet  =  Wgross  -  ((Irrns)^*  Rcoi  1 ) 


Wgross  is  total  input  power  measured  with  an  electronic  Watt  meter;  Irms  is  true  rms 
input  current  measured  with  a  purpose  built  meter;  Rcoi 1  is  the  resistance  of  the 
compressor  drive  coil.  This  measure  of  net  power  is  used  since  it  removes  motor  ef¬ 
ficiency,  which  is  device  and  frequency  dependent,  from  the  performance  characteris¬ 
tics.  Previous  measurements  [2]  have  shown  that  power  deduced  t roin  the  PV  loop  meas¬ 
ured  immediately  above  the  compressor  piston  is  equal  to  net  motor  power. 
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load  power  /  W 

Figure  3.  Performance  vs  fill  pressure 


2.4.3.  Results 

Figures  3  and  4  show  a  selection  of  the  results  from  the  measurements,  made  with 
the  compressor  and  displacer  heat  sink  temperatures  equal.  In  figure  3,  the  effect 
of  increasing  the  mounting  face  temperatures  can  be  seen  to  increase  the  cold  end 
temperature  at  all  points  on  the  load  line.  The  effect  of  increasing  fill  pressure 
is  shown  in  figure  4:  performance  is  reduced  at  low  load  powers,  but  is  less 
affected  at  higher  ones.  Monitoring  of  temperature  distribution  on  the  compressor 
showed  that  heat  flow  paths  were  such  as  to  cause  a  temperature  rise  of  up  to  20 
degrees  at  the  cylinder  head.  Measurement  of  power  input  to  the  displacer- 
regenerator  mount  during  several  runs  showed  that  approximately  9  W  was  transferred 
from  the  compressor  to  the  displacer-regenerator.  Figure  5  shows  results  obtained 
when  one  mechanism  sink  temperature  was  held  constant  and  the  other  varied;  com¬ 
pressor  temperature  can  be  seen  to  have  the  greater  effect. 

For  the  above  measurements  the  length  of  the  connecting  pipe  was  approximately 
250  mm,  as  it  was  for  all  of  the  prototypes.  The  connecting  pipe  length  needed  in 
the  I SAMS  installation  was  known  to  be  greater  (it  is  now  fixed  at  600  mm),  so  per¬ 
formance  was  measured  with  two  longer  pipes.  The  results  are  shown  in  figure  6. 

2.4.4  Discussion  of  results 

The  reduction  of  efficiency  as  the  fill  pressure  is  increased  is  probably  due  to 
an  increase  in  the  heat  input  to  the  cold  end  at  the  low  temperatures,  possibly  as  a 
result  of  a  reduction  in  regenerator  efficiency.  This  effect  restricts  the  choice  of 


294 


displacer 


\ 

L 

O 

3 

O 

CL 

~0 

c 

o 

~o 

I — i 

o 

o 


pipe  lengih  /  mm 


Figure  6.  Effect  of  pipe  length  on  performance 


operating  parameters  for  the  flight  coolers.  It  will  generally  be  better  to  increase 
input  power  by  increasing  compressor  amplitude  rather  than  fill  pressure. 

The  effect  of  mount  temperature  on  performance  was  expected,  but  the  much  gre¬ 
ater  effect  of  the  compressor  mount  temperature  was  not  foreseen.  The  large  amount 
of  heat  transferred  to  the  displacer-regenerators  is  partly  a  consequence  of  the  high 
compressor  head  temperature. 

The  falling  off  in  performance  as  connecting  pipe  length  is  increased  is  pre¬ 
sumed  to  be  due  to  increased  losses,  although  previous  measurements  and  calculation 
have  shown  that  the  pressure  drop  losses  in  the  pipe  are  small.  The  loss  of  cooling 
power  should  be  considered  as  a  proportion  of  the  gross  cold  end  load  of  approximate¬ 
ly  1.2  W  rather  than  the  net  figure  shown  in  figure  6  (conductive  and  dynamic  heat 
leaks  accounting  for  the  rest). 


2.5.  Residual  vibration 

For  thermal  reasons  the  mechanism  mounts  were  not  very  stiff  mechanically. 
Measurement  of  residual  vibration  of  these  mounts  when  the  mechanisms  were  nominally 
balanced  was  used  to  provide  a  measure  of  the  effectiveness  of  the  servo  controlled 
balance  system.  BAe  were  able  to  measure  such  vibrations  by  means  of  a  speckle  in¬ 
terferometric  technique  [4].  Since  the  moving  mass  and  stroke  are  greater  in  the 
compressors  than  in  the  displacer-regenerators,  and  the  control  systems  are  the  same. 
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only  the  compressors  were  tested.  Measurements  were  made  with  known  imbalances  in 
order  to  calibrate  the  results,  at  nominal  balance  with  equal  fill  pressures  and  at 
nominal  balance  with  a  10 %  pressure  difference  (to  measure  the  effect  of  an  otherwise 
tolerable  leak). 

Results  of  the  measurements  are  given  in  table  3.  The  limit  of  resolution  of 
the  system  was  approximately  one  tenth  of  the  movement  seen  in  the  10%  imbalance 
case.  The  null  result  in  the  balanced  conditions  thus  implies  a  residual  error  of 
less  than  1%  in  balancing  the  two  compressors.  Such  an  imbalance  would  result  in 
peak  residual  momentum  of  0.0013  Ns. 


Table  3.  Residual  vibration  measurements. 


Conditions 
10%  imbalance 

balanced,  equal  fill  pressures 
balanced,  10%  pressure  difference 


Measured  peak  to  peak  movement 

25.3  micrometres 

less  than  2.5  micrometres 

less  than  2.5  micrometres 


3.  Flight  model  coolers 
3.1.  Design 

s 

During  the  prototype  phase  of  the  cooler  development  it  became  clear  that  im¬ 
provements  in  the  heat  sinking  and  ease  of  assembly  of  the  mechanisms  was  desirable. 
Design  changes  which  meet  these  objectives  whilst  having  little  impact  on  the  proven 
mechanical  arrangement  were  devised.  We  considered  the  implementation  of  these  to  be 
of  sufficiently  low  risk  to  permit  their  incorporation  into  the  ISAMS  flight  coolers. 

In  the  flight  design  the  thermal  contact  area  at  the  mounting  face  of  the  com¬ 
pressor  has  been  increased  and  the  impedance  of  the  path  to  the  head  greatly  reduced. 
Similar  changes  have  been  made  in  the  displacer-regenerator  design.  On  the  mechani¬ 
cal  side,  the  stronger  design  of  joint  between  the  compressor  drive  coil  and  its  sup¬ 
port  has  been  adopted,  the  displacer  assembly  has  been  made  self  aligning,  with  fea¬ 
tures  which  shrink  out  of  contact  on  cool  down,  and  adhesive  locking  of  internal  fas¬ 
teners  has  been  discontinued  in  favour  of  mechanical  methods.  The  connecting  pipe 
length  has  been  increased  to  the  600  mm  necessary  for  installation  in  ISAMS.  The  la¬ 
yout  of  the  flight  model  mechanisms  is  shown  in  figure  7,  with  a  photograph  of  the 
first  one  in  figure  8.  Five  flight  units  are  to  be  built. 


3.2.  Performance 

The  first  flight  cooler,  fitted  with  a  small  vacuum  jacket  over  the  cold  end, 
has  been  run  on  the  bench  to  confirm  satisfactory  operation.  Preliminary  testing  has 
been  with  no  heat  sinking  of  the  mechanisms  (other  than  free  air  convection).  Figure 
9  shows  a  load  line  for  the  flight  unit  and  figure  10  the  performance  as  a  function 
of  frequency  of  operation.  (The  running  frequency  in  ISAMS  will  be  programmable  ar¬ 
ound  40  Hz.)  The  performance  requirement  for  ISAMS,  that  each  cooler  produce  0.5  W  of 
cooling  at  80  K  for  less  than  27  W  of  gross  input  power  to  the  compressor,  is  exceed- 
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COLD  CONNECTION 
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Figure  7.  Arrangement  of  flight  model  cooler 
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penetrant  and  radiographic  examination  and  the  completed  coolers  will  be  proof  pres¬ 
sure  tested  to  6  MPa. 


4.  Conclusions 


The  failures  which  have  occurred  in  the  life  and  vibration  tests, 
pointing,  have  both  been  due  to  incorrect  assembly  rather  than  design 
tightening  up  of  assembly  procedures  is  expected  to  reduce  the  risk  of 
in  the  future.  In  all  other  respects  the  tests  have  been  successful 
us  confidence  in  the  basic  design  of  the  cooler. 


whilst  disap- 
weaknesses.  A 
such  problems 
and  have  given 


Operation  of  the  coolers  in  the  thermal-vacuum  chamber  has  produced  a  map  of 
performance  against  thermal  and  operational  parameters.  This  map  has  been  used  to 
specify  heat  sinking  requirements  in  ISAMS  and  to  define  what  freedom  we  have  in  cho¬ 
osing  running  conditions.  The  performance  achieved  by  the  first  flight  unit  is  more 
than  adequate  to  fulfill  the  ISAMS  requirement. 


Drawing  office  support  in  detailed  design  of  the  flight  coolers  has  been  sup¬ 
plied  by  R.Wolfenden,  B. Smith  and  F.Row  of  the  Rutherford  Appleton  Laboratory. 
Mechanism  assembly  has  been  carried  out  with  care  and  patience  by  M. Clark  and  S.Delph 
at  Oxford.  T. Bradshaw  provided  valuable  assistance  in  setting  up  the  thermal  vacuum 
tests.  Many  of  the  measurements  presented  here  have  been  made  by  C. Adams  and  Zhang 
Zhimin. 

This  development  programme  has  been  funded  by  the  United  Kingdom  Science  and  En¬ 
gineering  Research  Council. 
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FIRST  RESULTS  ON  A  PROTOTYPE  TWO  STAGE  MINIATURE 
STIRLING  CYCLE  COOLER  FOR  SPACEFLIGHT  APPLICATIONS 


T.  W.  Bradshaw 


Rutherford  Appleton  Laboratory 
Chilton,  Didcot,  Oxon,  0X11  OQX,  U.K. 


Work  is  underway  at  the  Rutherford  Appleton  Laboratory  on  a 
miniature  Stirling  cycle  cooler  for  the  temperature  region  below 
40  K.  The  cooler  has  all  the  design  features  associated  with 
the  80  K  Oxford  cooler  which  makes  it  suitable  for  long  life 
spaceflight  applications.  The  design  and  performance  of  the 
single  stage  Oxford  cooler  has  been  reported  in  two  papers  at 
the  1985  Cryogenic  Engineering  Conference.  The  mechanics  of 
the  prototype  cooler  presented  here  are  similar,  and  in  some 
cases  identical,  to  the  single  stage  cooler.  The  prototype 
cooler  has  a  two  stage  displacer  fed  by  two  compressors  working 
in  opposition.  The  cooler  has  no  rubbing  parts,  clearance  seals 
are  used  throughout  and  are  maintained  by  diaphragm  springs . 
Each  moving  element  has  its  own  linear  motor  and  position 
sensor,  allowing  for  servo  control.  The  cooling  power  as  a 
function  of  cold  end  temperature  is  presented,  the  cooler  giving 
approximately  100  mwatts  at  37  K  with  a  base  temperature  of 
around  30  K,  the  cooler  has  achieved  a  base  temperature  of  26  K. 
The  optimum  operating  phase  between  the  compressor  and  the 
displacer  of  58°  is  somewhat  lower  than  expected,  this  is 
discussed. 


Key  words:  Cryocooler;  cryogenic;  low  power  refrigeration;  multi 
stage;  regenerative  cooler;  split  Stirling;  Stirling  cycle. 


1.  Introduction 

The  Rutherford  Appleton  Laboratory  (RAL)  has  been  involved  for  several  years  in 
the  development  of  single  stage  Stirling  cycle  coolers  in  support  of  two  space 
projects,  these  are  ISAMS  (Improved  Stratospheric  and  Mesospheric  Sounder)  to  be 
flown  on  the  Upper  Atmosphere  Research  Satellite  and  ATSR  (Along  Track  Scanning 
Radiometer)  or.  the  European  Space  Agency  remote  sensing  satellite  ERS-1.  The  need 
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to  cool  the  detectors  for  ISAMS  to  around  80  K  led  to  the  development,  several  years 
ago,  of  a  small  prototype  single  stage  Stirling  cycle  cooler  by  the  Department  of 
Engineering  Science  at  Oxford  University  using  an  idea  for  the  linear  drive  and 
suspension  system  from  an  instrument  developed  by  the  Department  of  Atmospheric 
Physics.  RAL  later  became  involved  with  the  department  of  Atmospheric  Physics  in 
the  development  of  these  coolers  for  space  use.  It  was  soon  recognised  that  this 
cooler  had  wider  applicability,  and  a  decision  was  made  to  use  it  on  ATSR.  It  has 


Figure  1.  The  displacer  unit  of  the  two  stage  cooler 
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Figure  2 


The  outer  sleeve  of  the  displacer  (the  radiation  shield 
shown) . 
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been  noted  [1,2] 1  that  future  space  missions  will  require  closed  cycle  coolers 
capable  of  achieving  temperatures  well  below  80  K  and  which  may  be  used  as  a 
pre-cooler  for  a  further  cooling  stage.  Experiments  are  being  proposed  that 
require  low  power  focal  plane  cooling  with  lifetimes  that  rule  out  conventional 
cooling  techniques  involving  solid  or  liquid  cryogens .  It  was  clear  that  in  order 
to  meet  these  requirements  the  work  on  the  single  stage  cooler  would  have  to  be 
extended  to  cover  lower  temperatures.  To  this  end,  the  prototype  cooler  described 
here  was  built  to  act  as  a  test  bed,  and  to  give  experience  in  the  operation  and 
performance  of  these  devices. 

2.  Description  of  the  cooler 

The  design  of  the  cooler  utilises  all  the  long-life  design  features  associated 
with  the  single  stage  Oxford  miniature  Stirling  cycle  cooler  that  has  been  developed 
for  space  use.  The  details  of  its  design  and  performance  have  been  described  in 
detail  elsewhere  [3,4].  The  cooler  is  of  the  split  Stirling  type  with  the 
displacer  unit  remote  from  the  compressors,  connected  only  by  a  gas  feed  pipe. 
There  are  no  rubbing  parts  in  the  cooler,  clearance  seals  are  used  throughout, 
maintained  by  beryllium-copper  diaphragm  springs  operating  well  below  their  fatigue 
failure  level.  The  moving  parts  are  driven  by  loudspeaker  -  type  linear  drive 
motors.  Two  compressors  are  used,  feeding  one  displacer  unit,  these  are  run  on,  or 
near,  resonance  at  around  35  Hz  and  have  a  swept  volume  of  approximately  2614  mm3. 
A  benefit  of  using  two  compressors  is  the  ability  to  reduce  the  vibration  levels 
from  the  cooler.  The  moving  parts  in  the  compressors  are  servo-controlled  and  a 
high  degree  of  momentum  compensation  can  be  achieved  by  having  the  moving  elements 
in  the  compressor  running  in  opposition  to  each  other. 


The  displacer  unit  has  been  modified  from  the  single  stage  cooler,  by  having  a 
stepped  displacer  as  shown  in  figure  1.  This  introduces  an  expansion  space 
intermediate  in  temperature  between  the  cold  stage  and  room  temperature .  The 
diameters  of  the  upper  and  lower  displacers  are  9  and  12mm  respectively.  The  lower 
regenerator  is  of  250  mesh  phosphor  bronze  discs  while  the  upper  regenerator  is 
composed  of  two  different  materials:  the  bottom  two  thirds  are  of  250  mesh  phosphor 
bronze  discs,  and  the  remainder  of  450  micron  nominal  diameter  gold  plated  lead 
balls  in  single  layers  separated  by  gauze  discs.  This  is  a  trial  configuration,  the 
performance  of  the  cooler  with  different  regenerator  materials  is  undergoing 
assessment.  The  dimensions  of  both  regenerators  are  the  same:  7.2mm  in  diameter 
and  42  mm  long.  Having  the  regenerators  the  same  diameter  has  greatly  eased 
fabrication.  The  gauze  discs  were  held  within  a  thin  wall  titanium  alloy  (6%  Al,  4% 
V)  tube  inside  the  plastic  displacer  (Vespel  SP-3  [5]).  The  displacer  has  a  nominal 
stroke  of  3mm.  The  outer  sleeve  is  shown  in  figure  2.  This  was  constructed  from 
copper  and  titanium  alloy  (with  a  wall  thickness  approximately  0.1  mm).  The 
displacer  was  machined  to  have  a  radial  clearance  on  this  item  of  35  microns.  A 
thin  wall  copper  radiation  shield  (not  shown)  fits  on  to  the  intermediate  stage 
surrounding  the  cold  end. 


The  regenerators  are  separated  by  a  plastic  interface  piece  containing  a  gas 
feed  hole.  The  gas  enters  the  upper  expansion  space  via  six  gas  exit  holes  and  an 


1Numbers  in  brackets  refer  to  the  literature  references  at  the  end  of  this  report. 
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Figure  3.  The  cooling  power  vs.  temperature  (P—0.85  MPa,  f=30  Hz,  phase=58' 


annular  heat  exchanger.  The  intermediate  expansion  space  has  two  such  heat 
exchangers . 


The  temperature  is  measured  using  a  platinum  resistance  thermometer  on  the  cold 
end  and  a  reverse -biased  silicon  diode  on  the  intermediate  stage,  these  measure  to 
an  accuracy  of  about  0.1  K  and  1  K  respectively. 


3.  Preliminary  test  results 


3.1  Cooling  power 


The  cold  end  is  fitted  with  a  heater  to  enable  the  temperature  of  the  cold  end 
vs.  applied  heat  load  to  be  measured,  this  is  shown  in  figure  3.  At  temperatures 
below  50  K  there  is  a  marked  reduction  in  cooling  power  which  suggests  a  reduction 
in  regenerator  efficiency.  The  input  power  varied  from  60  watts  at  30  K  to  57  watts 
at  62  K.  The  intermediate  stage  temperature  varied  between  142  and  166  K  over  this 
interval.  A  base  temperature  of  26  K  was  achieved  with  380  mesh  phosphor  bronze 
discs  in  place  of  the  lead  regenerator  material. 


3.2  The  optimum  operating  phase 


An  investigation  is  being  made  with  the  department  of  Atmospheric  Physics  at  Oxford 
University  regarding  the  phase  relationship  between  the  motion  of  the  compressor, 
displacer  and  the  pressure  pulse  for  optimum  performance.  The  optimum  performance 
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Figure  4 .  The  phase  between  the  compressor  piston,  displacer  and  the  pressure 
as  measured  at  the  compressor  (P-0.9  MPa,  f=37  Hz,  phase=50°). 


in  terms  of  cold  end  base  temperature  (no  applied  load)  was  with  a  phase  (between 
the  motion  of  the  moving  elements  in  the  compressor  and  the  displacer)  of  about  58° 
at  a  frequency  of  30  Hz  (this  setting  did  not  give  the  best  intermediate  stage 
temperature  which  was  achieved  with  a  phase  angle  of  about  70°).  The  cold  end  base 
temperature  is  relatively  insensitive  to  phase,  around  the  optimum.  For  instance,  a 
5°  deviation  from  the  optimum  at  30  Hz  caused  a  1  K  increase  in  cold  end 
temperature.  This  sensitivity  rapidly  increases  outside  these  limits.  The  relative 
phase  between  the  compressor  piston  motion,  the  pressure  waveform  and  the  displacer 
motion  can  be  seen  in  figure  4.  This  is  a  tracing  of  an  oscilloscope  photograph 
showing  the  output  from  the  position  sensors  on  one  of  the  compressors,  the 
displacer  and  a  pressure  transducer  located  in  the  head  of  one  of  the  compressors 
(the  output  from  the  position  transducers  indicate  minimum  volume  in  the  compressor 
cylinder  or  expansion  space  for  positive  output) .  It  can  be  seen  that  the  pressure 
waveform  leads  the  motion  of  the  compressor  piston  by  about  35°  as  previously 
reported  for  the  single  stage  cooler  [4] .  The  displacer/regenerator  acts  as  a 
thermal  compressor,  producing  a  pressure  pulse  in  phase  with  its  motion.  An 
additional  component  in  this  phase  relationship  is  leakage  past  the  piston  of  the 
compressor.  These  two  effects  combine  to  produce  the  phase  lead  in  the  pressure 
pulse  with  respect  to  the  compressor  piston  motion.  The  optimum  phase  setting  for 
this  type  of  cooler  is  therefore  quite  different  than  expected  from  classical 
arguments.  The  phase  lag  between  the  pressure  waveform  in  the  compression  and 
expansion  spaces  in  a  single  stage  cooler  has  been  independently  measured  [6]  but 
does  not  fully  explain  this  behaviour. 
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4 .  Future  work 


The  testing  of  the  prototype  is  continuing,  with  measurements  being  made  on  the 
performance  of  the  cooler  with  various  types  of  regenerator  material.  The  phase 
relationship  between  the  pressure  pulse  and  the  motions  of  the  compressor  and  the 
displacer  is  under  investigation  with  the  department  of  Atmospheric  Physics  at 
Oxford  University.  This  effect  greatly  influences  the  performance  of  this  type  of 
cryocooler  and  a  detailed  explanation  is  required  for  design  purposes.  It  is  hoped 
to  extend  the  work  on  two  stage  coolers  to  lower  temperatures  with  the  addition  of  a 
further  cooling  stage,  either  with  the  development  of  a  three  stage  Stirling  cycle 
cooler,  or  by  using  the  cooler  to  pre-cool  a  Joule  Thomson  stage. 


The  development  program  is  funded  by  the  United  Kingdom  Science  and  Engineering 
Research  Council.  A  design  study  on  this  cooler  was  funded  by  the  European  Space 
Agency  under  contract  number  6342/85/nl/pb(sc) .  I  would  like  to  thank  S.T.  Werrett 
and  J.  Delderfield  for  useful  discussions  and  J.M.D.  Lister  for  his  careful  work  in 
taking  the  measurements . 
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A  DYNAMOMETER  FOR  TESTING  LINEAR  MOTORS 
FOR  MINIATURE  CRYOCOOLERS 

Wilfred  J.  Gully  and  Robert  L.  Berry 


Hughes  Aircraft  Company 
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Torrance,  CA  90509 


The  compressor  design  of  small  split-stirling  cryocoolers 
may  be  simplified  by  the  use  of  linear  motors.  In  an  effort 
to  optimize  the  design  of  such  motors,  a  special  dynamometer 
system  having  several  useful  configurations  was  constructed. 
In  one  configuration,  a  motor  could  be  driven  as  a  generator 
and  magnetic  circuit  information  could  be  obtained.  In 
another  configuration,  the  efficiency  of  the  motor  for 
converting  electical  energy  into  work  against  an  gas  load 
could  be  studied.  With  this  device  motor  versions  were 
evaluated  and  the  proper  operating  conditions  determined. 

The  details  of  this  dynamometer  will  be  described,  and  some 
general  results  illustrating  its  use  will  be  presented. 


Key  Words:  Cooler;  cryogenic;  dynamometer;  generator;  linear 
motor;  resonance. 


1.  Introduction 

In  order  to  create  reliable  and  efficient  minature  cryocoolers,  we  have  been  i 
developing  compressors  that  employ  linear  motors  operated  at  resonance.  [1,2] 
To  aid  in  compressor  motor  design,  we  have  built  a  linear  motor  dynamometer  to 
help  us  establish  dynamic  motor  parameters.  The  obvious  advantage  was  to  separate 
the  motor  development  from  the  cryogenic  system  and  not  rely  solely  on  cryogenic 
performance  as  a  measure  of  motor  effectiveness.  Our  device  can  both  extract  power 
from  a  motor  driven  at  resonance  to  determine  its  efficiency,  and  drive  the  motor 
in  reverse  as  a  generator  for  an  evaluation  of  its  electrical  properties.  We  shall 
discuss  its  design  and  operation,  and  illustrate  its  use  with  some  specific  examples. 


2.  Motor  Dynamometer  Mode  of  Operation 


This  dynamometer  differs  substantially  in  detail,  but  not  in  principal  from 
ordinary  rotary  motor  dynamometers.  The  two  new  factors  are  the  linear  motion 
and  the  resonant  operation.  The  linear  motion  is  an  important  aspect  because  it 


1.  Numbers  in  brackets  refer  to  the  literature  references  listed  at  the  end  of 
of  the  report. 
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reduces  wear  and  simplifies  the  compressor  design.  With  linear  motion  it  is  possible 
to  align  the  force  of  the  gas  on  the  piston  with  the  electrical  force  of  the  motor. 
In  this  way  forces  perpendicular  to  the  moving  surfaces  are  substantially  reduced 
which  enables  us  to  replace  rotary  ball  or  needle  bearings  with  simple  unlubricated 
bearing  surfaces.  For  the  dynamometer,  the  linear  motion  complicates  the  way  the 
load  can  be  applied  to  the  motor.  We  incorporated  a  piston  assembly  with  a  leak 
to  apply  this  load  force. 

The  second  new  factor  is  the  resonant  operation  of  the  motor.  This  is  important 
in  order  to  attain  high  conversion  efficiency  of  electrical  to  mechanical  energy. 
The  resonance  frequency  is  given  by: 


w  =  sqrt  (k/m) 


Where  the  spring  constant  k  is  given  by  a  combination  of  the  spring  of  the  gas 
in  the  cylinder  and  of  physical  springs  and  m  is  the  total  moving  mass  of  the 
armature  and  piston.  At  resonance,  the  phase  angle  between  the^foree  and  velocity 
is  zero  so  power  is  continuously  transferred  to  the  motor.  In  this  way  the  work 
is  done  without  an  oscillatory  excess  flow  of  energy  which  minimizes  the  ohmic 
losses  and  leads  to  the  high  efficiency.  The  second  new  feature  of  this  dynamometer 
therefore  had  to  be  the  ability  to  adjust  the  spring  constant  to  bring  the  unit 
into  resonance  at  the  desired  frequency. 


2.1.  Hardware 


A  schematic  of  the  apparatus  is  presented  in  Figure  1.  The  main  body  of  the 
device  provides  support  for  the  stator,  the  bearing  surfaces  for  the  armature, 
and  the  mounting  surfaces  for  the  auxiliary  hardware.  The  unit  has  several 
provisions  for  adjusting  the  force  on  the  motor.  The  force  must  have  a  magnitude 
and  a  phase  relative  to  the  motion  of  the  armature.  The  magnitude  is  determined 
in  large  part  by  the  pressure  in  the  cylinder  and  the  area  of  the  piston.  The 
piston  area  was  made  much  larger  than  that  of  an  actual  cryoengine  compressor  so 
the  device  could  work  around  ambient  pressure  and  have  the  proper  force.  The  dead 
volume  in  the  cylinder  could  be  adjusted  with  shims  to  change  the  compression  ratio 
and  consequently  the  spring  constant  of  the  gas  for  a  given  stroke.  An  adjustable 
leak  from  the  cylinder  to  the  atmosphere  added  a  hysteretic  component  to  the  force 
of  the  gas  by  allowing  the  amount  of  gas  in  the  cylinder  to  change  during  a  cycle. 
This  simulates  the  effects  of  gas  flow  and  the  refrigeration  cycle  on  the  operation 
of  the  compressor.  Furthermore,  various  mechanical  centering  springs  could  be 
inserted  between  the  housing  and  the  armature.  In  this  way,  a  specified  in-phase 
and  out-of-phase  load  could  be  applied  to  the  motor  while  the  resonance  frequency 
could  be  independently  determined. 
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2.2.  Efficiency 


The  typical  measure  of  efficiency  of  the  motor  is  the  motor  constant  Km,  which 
is  the  amount  of  power  transfered  to  the  armature  relative  to  the  ohmic  losses 
sustained  providing  that  power.  In  our  dynamometer,  we  further  subdivided  the 
armature  power  into  the  amount  transfered  to  the  gas  and  the  amount  lost  to  the 
frictional  drag  on  the  armature.  We  employed  the  fraction  of  the  input  power 
dissipated  in  the  gas  as  the  figure  of  merit  in  our  tests. 


The  total  force  on  the  armature  is  composed  of  that  of  the  gas,  the  springs, 
and  of  friction  in  the  bearing  surfaces.  Assuming  that  the  springs  are  lossless, 
the  average  power  delivered  to  the  armature  over  a  cycle  only  goes  into  PV  work 
and  to  drag.  The  PV  work  was  obtained  by  measuring  the  gauge  pressure  of  the 
cylinder  with  a  sensitive  diaphragm  pressure  gauge,  and  monitoring  the  piston  motion 
with  a  LVDT  mutual  inductance  sensor.  By  plotting  these  on  an  oscilloscope,  the 
PV  diagram  could  be  measured  and  the  power  delivered  to  the  gas  determined.  The 
drag  force  was  not  routinely  obtained,  but  its  magnitude  could  be  estimated  by 
measuring  the  decay  of  the  motion  of  the  armature.  It  is  a  complex  term  that  depends 
on  the  nature  of  the  bearings,  the  weight  of  the  moving  assembly,  magnetic 
sideforces,  and  the  detailed  alignment  of  the  components.  It  was  only  approximately 
that  found  in  a  compressor,  but  since  it  remained  reasonably  constant  from  run 
to  run  the  dynamometer  was  still  useful  in  evaluating  changes  to  the  motor. 

As  discussed,  power  transferred  to  the  armature  divides  between  useful  gas 
work  and  heat  due  to  drag.  Additional  losses  occur  in  the  motor  that  can  be 
characterized  by  electrical  measurements  on  a  motor  where  the  armature  is  prevented 
from  moving.  In  this  fixed  armature  mode,  the  input  power  to  the  device  can  be 
measured  as  a  function  of  frequency  and  current  with  a  wattmeter.  The  effective 
resistance  obtained  by  dividing  the  power  by  I 2  exceeds  the  simple  dc  resistance 
by  the  amount  due  to  the  hysteretic  losses  in  the  premeable  material  and  to  eddy 
currents.  These  can  be  separated  by  their  frequency  dependence,  and  by  separate 
hysteresis  measurements  on  the  laminations.  This  total  effective  resistance  at 
the  operating  frequency  is  used  to  estimate  the  electrical  losses  when  the  motor 
is  operating.  It  errs  by  the  small  amount  the  moving  armature  affects  the  processes 
involved. 

The  distribution  of  power  could  now  be  determined.  The  current  was  measured 
with  an  ammeter  and  the  input  power  was  measured  with  a  wattmeter.  The  power  P(in) 
became: 


P(in)  =  I*I*R  +  f*  §  PdV  +  P(drag) 


Where  all  but  the  drag  could  be  determined  reasonably  well.  The  true  efficiency 
of  the  motor  was  given  by  f*  §  PdV/P(in),  and  was  generally  the  figure  of  merit. 
It  was  a  function  of  the  phase  and  magnitude  of  the  load  and  the  stroke,  so  these 
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parameters  were  controlled  while  motor  variations  were  being  evaluated.  Because 
of  changes  in  drag,  the  dynamometer  results  after  disassembly  were  reproducible 
to  only  ±  3%. 


3.  Generator  Dynamometer  Mode  of  Operation 


The  dynamometer  could  be  reconfigured  as  in  Figure  2,  to  enable  us  to  measure 
the  output  voltage  of  the  motor  as  it  was  driven  by  an  auxilliary  rotary  motor. 
In  this  mode  the  springs,  cylinder  head,  and  pressure  gauge  are  removed  and  the 
crank  assembly  added.  The  open  circuit  emf  induced  in  the  coil  is  a  dynamic  measure 
of  the  force/amp  rating  "g"  of  the  motor  since  the  armature  power: 


P( armature )=F*velocity=(g*I)*velocity=I*(g*velocity)=I*emf . 


The  generator  is  a  sensitive  way  to  monitor  this  coefficient  as  small  changes  are 
made  to  the  motor  because  the  output  voltage  is  insensitive  to  the  effects  of  the 
drag  force  on  the  armature.  Variations  in  drag  simply  require  variations  in  power 
delivered  by  the  external  motor  to  operate  the  armature  at  the  desired  frequency. 


The  output  voltage  is  not  necessarily  sinusoidal,  even  though  the  armature 
is  driven  sinusoidally.  Equivalently,  the  force/amp  rating  can  depend  upon  the 
position  of  the  armature  which  has  significant  design  consequences.  This  can  be 
measured  by  plotting  the  induced  Emf  versus  a  differentiated  position  waveform 
on  the  oscilloscope,  as  shown  in  Figure  3.  Since  the  armature  is  driven 
harmonically,  the  velocity  is  a  known  function  of  position.  In  Figure  3a  the  motor 
constant  is  clearly  independent  of  position  because  the  voltage  is  proportional 
to  velocity  throughout  the  cycle.  In  Figure  3b,  however,  the  voltage  is  depressed 
during  the  low  velocity  part  of  the  cyle  at  the  extremes  of  travel.  This  can  be 
caused  by  saturation  in  a  moving  magnet  motor,  or  by  the  coil  leaving  the  magnet 
in  a  moving  coil  motor. 


The  generator  can  be  run  with  various  resistive  loads  across  its  output. 
This  provides  information  on  the  change  in  motor  performance  when  flux  due  to  the 
flow  of  current  is  present.  However,  since  the  power  is  coming  from  the  motor, 
the  phase  of  the  flux  is  evidently  different  from  that  occurring  in  motor  operation 
and  is  of  limited  use.  One  finds  primarily  that  the  output  power  is  maximized 
when  the  impedance  is  matched  to  the  load.  The  maximum  output  power  does  depend 
on  the  effectiveness  of  the  magnetic  circuit,  so  it  generally  correllates  with 
motor  efficiency. 


There  was  a  useful  operating  mode  we  had  neglected  to  include.  The  addition 
of  a  strain  gauge  on  the  shaft  connecting  the  crank  to  the  armature  would  allow 
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during  generator  operation  a  measure  of  the  drag  friction  due  to  the  bearings  and 
that  due  to  any  magnetic  interaction  between  the  stator  and  armature  at  the  operating 
frequency-  This  would  have  allowed  a  more  quantitive  evaluation  of  these  effects 
in  our  motor. 


4.  Applications 


Many  configurations  of  linear  motors  were  evaluated  with  the  dynamometer. 
Sizing  and  other  details  of  the  magnetic  circuit  were  optimized  empirically  while 
the  motor  operated  under  realistic  conditions.  Modifications  were  crosschecked 
in  the  motor  and  generator  modes  to  insure  that  the  observed  effects  were  consistent. 


Two  specific  applications  of  the  dynamometer  will  now  be  discussed.  The  first 
illustrates  the  importance  of  operating  the  motor  at  its  resonance  frequency. 
In  Figure  4,  we  plot  the  power  delivered  to  the  gas  and  the  power  dissipated  as 
ohmic  loss  in  a  motor,  as  the  frequency  of  the  drive  oscillator  was  varied  on  both 
sides  of  the  dynamometer  resonance  at  58  Hz.  This  was  measured  at  constant  stroke, 
so  the  fraction  of  power  lost  to  drag  can  be  expected  to  be  the  same  throughout. 
Clearly,  the  maximum  power  transfer  to  the  gas  occurs  at  resonance  where  the  power 
flows  directly  to  the  load.  The  impedance  of  the  motor  depends  upon  the  phasing 
of  the  emf  induced  by  the  armature  relative  to  the  drive  current.  It  is  resistive 
at  resonance  which  accounts  for  the  efficient  power  transfer,  but  inductive  below 
resonance  and  capacitive  above. 


The  second  application  illustrates  the  usefulness  of  the  dynamometer  in 
evaluating  the  performance  of  a  motor  driver  breadboard  circuit.  We  have  been 
developing  electronic  circuits  to  drive  the  coolers  that,  among  other  requirements, 
must  operate  from  a  DC  voltage  that  ranges  from  18  to  32  volts.  The  dynamometer 
in  Figure  1  was  excited  at  its  resonance  frequency  by  the  drive  waveform  shown 
in  Figure  5.  We  illustrate  a  square  wave  voltage  pulse  with  approximately  a  20% 
duty  cycle  that  was  applied  across  the  terminals  of  the  motor.  The  motor  current 
responded  with  a  modified  inductive  rise.  The  supply  was  then  disconnected,  and 
current  decayed  through  a  diode  back  across  the  switch  which  caused  a  momentary 
negative  spike  across  the  motor.  This  was  followed  by  the  open  circuit  voltage 
of  the  moving  armature  as  it  turned  around,  and  then  a  voltage  pulse  in  the  opposite 
direction.  The  force  applied  to  the  armature  is  proportional  to  the  current  and 
is,  therefore,  roughly  a  triangular  pulse  with  a  width  determined  by  the  duty  cycle. 


The  power  delivered  to  the  armature  was  proportional  to  the  magnitude  of  the 
voltage  and  the  duration  of  the  pulse.  In  one  series  of  tests,  the  dynamometer 
was  operated  at  constant  output  power  as  a  function  of  the  input  voltage.  As  the 
voltage  was  raised,  the  duty  cycle  was  decreased  until  the  PV  work  performed  was 
at  a  specified  value.  The  total  input  power  was  then  recorded  and  the  result  is 
displayed  in  Figure  6.  The  power  required  to  drive  the  unit  increased  by 
approximately  30%,  indicating  that  the  high  voltage  and  short  duty  cycle  pulse 
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was  much  less  efficient  in  driving  the  motor  than  was  the  low  voltage  long  duty 

cycle  pulse.  The  cause  is  apparently  the  harmonic  content  of  the  driving  force 

waveform  at  short  duty  cycles,  and  its  effectiveness  in  driving  a  resonant  system. 
The  average  current  flow  during  a  short  pulse  had  to  be  higher  to  deliver  the  same 
impulse  and  power  to  the  armature.  However,  the  ohmic  losses  increased  substantually 
during  a  short  pulse  since  they  are  proportional  to  the  square  of  the  current. 
The  total  input  power,  therefore,  increases  leading  to  the  decrease  in  motor 

efficiency.  Because  of  this  shortcoming  alternate  methods  of  driving  the  motor 

were  initiated. 


5.  Conclusions 


A  versatile  device  for  evaluating  the  operation  of  resonant  linear  motors 
has  been  described.  It  provides  for  the  adjustment  and  determination  of  primary 
load  on  the  motor  under  reasonably  wel-1  controlled  conditions.  Because  of  its 
flexibility  various  motor  effects  were  successfully  sorted  and  a  detailed 
understanding  of  the  motors  obtained 


We  would  like  to  express  our  appreciation  to  H.  Kroebig  for  his  splendid  design 
and  to  A.  Nickels  for  his  fabrication  support. 
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Figure  1 .  A  diagram  of  the  motor  dynamometer  described  in  the  text,  illustrating  its 
principal  components. 
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ROTARY  MOTOR 


Figure  2.  A  diagram  of  the  generator  version  of  the  dynamometer,  in  which  the  rotary 
motor  drives  the  armature  to  generate  an  output  voltage. 
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Figure  3.  Open  circuit  generator  voltage  plotted  against  measured  armature  velocity 
illustrating  position  dependent  non-linear  behavior. 
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Figure  5.  Drive  waveform  applied  to  the  linear  motor  dynamometer  during  breadboard 
efficiency  evaluation  tests. 
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INCREASE  IN  INPUT  POWER  (P-P0)/P, 


Figure  6.  Fractional  increase  in  input  power  due  to  increased  |2r  losses  during  short 
high  voltage  drive  pulses. 
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miniature  multistage  uigu-pressure  gas 

COMPRESSOR  FOR  LINUE-IIAMPSON  CKYOCOOLERS 


E.  Atkins,  G.  Walker,  S.  Zylstra 
General  Pneumatics  Corporation 
Western  Research  Center 
Scottsdale,  AZ  85260 


A  novel  configuration  for  a  compact  multistage  gas 
compressor  was  investigated.  The  compressor  is  intended 
for  inclusion  in  small  closed  cycle  Linde-Hamson  cryocoolers 
with  gas  liquefaction  by  Joule-Thomson  expansion. 

The  compressor  arrangement  may  be  described  as  a  four 
or  five  stage  pressure  balanced  opposed  piston,  twin-tandem 
compressor  with  a  Scotch-yoke  drive  mechanism  energized  by 
an  electric  motor  with  electronic  control.  The  new 
compressor  is  simple,  very  compact,  easy  to  manufacture  at 
relatively  low  cost  and  has  the  potential  for  long, 
maintenance  free  operating  life. 

A  prototype  compressor  was  fabricated  in  the  course  of 
the  Phase  I  SB1R  project  entitled  "Compact  Reliable 
Low-Capacity  Helium  Liquefier"  .  Test  results  and 
operating  experience  are  reviewed. 

Key  Words:  High  pressure,  multistage  gas  compressor, 
Linde-Ilampson  cryocooler,  Joule-Thomson  expansion 


^Supported  in  part  by  the  United  States  Department  of  Energy 
Contract  No.  DE-AC02-85ER8027 1 . 


1.  Introduction 

Gas  compressors  are  utilized  in  a  large  number  of  applications  from 
miniature  high  pressure  gas  compressors  for  Linde-Hampson  closed  cycle 
cryocoolers  and  Joule-Thomson  liquefiers  to  portable  recharging  units  for 
self-contained  underwater  breathing  apparatus  (SCUBA).  The  applications  cover  a 
wide  range  of  sizes,  flow  capacities  and  pressure  ratings. 

A  new  miniature  multistage  high  pressure  gas  compressor  concept  was 
developed  at  the  General  Pneumatics  Corporation’s  (GPC)  Western  Research  Center 
for  closed  cycle  Linde-Ilampson  cryocoolers,  with  Joule-Thomson  expansion  for  gas 
liquefaction,  intended  for  use  in  a  "Compact  Reliable  Low-Capacity  Helium 
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Rel  iqtief  ier".  The  technology  of  Li nde-llampson  cryocoolers  and  Joule-Thomson 
liquefiers  has  been  summarized  by  Walker  (1983)  (1). 

2.  Miniature  Multistage  High  Pressure  Gas  Compressor 

This  new  development  in  multistage  high  pressure  gas  compressors  is  less 
complicated,  more  compact,  more  reliable  and  easier  to  manufacture  at  less  cost 
than  some  of  the  more  conventional  compressors.  The  device  is  a  four  stage 
reciprocating  piston  type  compressor  with  a  sliding  Scotch-yoke  drive  mechanism. 
The  compressor  accomplishes  the  overall  100:1  compression  ratio  in  four  stages. 
As  a  consequence,  the  overall  performance  characteristics,  in  terms  of  input 
power  vs.  output  flow  and  pressure,  are  drastically  improved  and  since  the  duty 
of  the  valves  is  reduced,  the  rate  of  valve  failure  is  significantly  decreased 
(no  valve  failures  were  experienced  throughout  the  performance  and  evaluation 
testing). 

Compressors  previously  developed  at  GRC '  s  Western  Research  Center,  for 
Linde-Hampson  cryocoolers,  were  primarily  of  the  diaphragm  type.  The  intent  was 
to  eliminate  contaminants  induced  by  rubbing  and  sliding  seals  which  tends  to 
cause  cryostat  blockage  and  flow  restriction  at  the  orifice  (Joule-Thomson 
valve).  A  new  breakthrough  in  cryostat  design,  specifically  the  Joule-Thomson 
expansion  valve,  by  GPC 1 s  Western  Research  Center  has  virtually  eliminated  these 
problems.  These  new  cryostats,  which  are  not  susceptible  to  contamination,  have 
been  summarized  by  Hedegard  (1986)  [2]. 

Diaphragm  type  compressors,  comparable  in  size  to  piston  type  compressors, 
must  run  several  times  faster  (usually  3  to  6)  than  piston  type  compressors  to 
pump  an  equivalent  amount  of  fluid.  This  is  due  to  the  smaller  displacement 
volumes  caused  by  the  small  stroke  to  diameter  ratios  required,  usually  about 
1:100.  Also,  because  of  these  much  smaller  displacement  volumes  the  volumetric 
and  valve  efficiencies  become  much  more  critical. 

The  new  compressor  consists  of  four  (4)  pistons  reciprocating  in  cylinders 
closed  at  the  top  and  bottom  ends.  The  pistons  and  cylinders  are  stepped  so  the 
ends  are  at  different  diameters.  At  the  large  diameter  end  the  space  between 
the  end  of  the  piston  and  the  cylinder  head  is  the  first  stage  compression 
chamber.  The  small  diameter  end  space  between  the  piston  and  its  cylinder  head 
is  the  second  stage  compression  chamber.  The  third  and  fourth  stage  compression 
chambers  are  inside  the  second  and  first  stage  chambers,  respectively. 

Each  stage  compression  chamber  is  provided  with  a  delivery  and  exhaust 
valve.  The  delivery  valves  for  all  four  stages  are  hard  conical  poppet  with 
soft  conical  seat  type  reverse  check  valves.  The  exhaust  valves  for  all  four 
stages  are  metal-to-metal  ball  and  sharp  edge  seat  type  check  valves.  The 
valves  are  sized  proportionally  for  each  stage. 

External  plumbing  connects  the  first  stage  exhaust  valve  with  the  second 
stage  delivery  valve  and  the  second  stage  exhaust  valve  with  the  third  stage 
delivery  valve.  Internal  plumbing  connects  the  third  stage  exhaust  valve  with 
the  fourth  stage  delivery  valve.  High  pressure  compressed  gas  leaves  the  fourth 
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;tage  through  its  exhaust  valve  and  low  pressure  return  gas  enters  the  first 
stage  through  its  delivery  valve. 

The  piston  was  designed  with  piston  rings  and  guide  bushings  of  Rulon  A,  (a 
proprietary  poly tetraf luorothy lene  based  glass  filled  composite  material  widely 
lccepted  for  dry  rubbing  seals  and  bearings). 

The  piston  rings  and  guide  bustlings  ultimately  would  be  replaced  with  close 
tolerance  labyrinth  seals,  and  gas  bearings,  respectively,  to  eliminate  all  the 
rubbing  surfaces.  Elimination  of  all  these  rubbing  surfaces  allows  for  very 
long,  maintenance  free,  compressor  operation.  The  compressor  module  can  be 
equipped  for  water  cooling  with  intercooling  heat  exchangers  incorporated  in  the 
.compressor  module  between  compression  stages  and  an  aftercooler  downstream  of 
the  high  pressure  stage. 

The  pistons  oscillate  with  short  strokes,  in  the  cylinders,  by  means  of  a 
simple  Scotch-yoke  mechanism.  With  this  configuration  a  single  throw  crankshaft 
passes  along  the  transverse  axis  through-  the  piston  and  is  mounted  on  main 

bearings  attached  to  the  cylinder.  The  crankpin  carries  a  slider  block  which  is 
constrained  to  slide  in  a  groove  in  the  piston.  Therefore,  as  the  crankshaft  is 
rotated  by  the  electric  motor,  the  crankpin  rotates  about,  but  offset  from  the 

axis  of  the  crankshaft.  The  slider  mounted  on  the  crankpin  slides  in  the  piston 

groove  and  the  piston  reciprocates  in  the  cylinder  at  the  crankshaft  speed  and 

with  a  stroke  equal  to  the  diameter  of  rotation  of  the  crankpin. 

The  stroke  of  the  piston  is  small  relative  to  the  piston  diameter  to  reduce 
the  slider  velocity  (and  so  increase  the  compressor  life),  to  reduce  the  inertia 
loads  and  to  facilitate  compact  construction. 

The  ratio  of  the  cylinder  diameters  may  be  selected  so  that  the  pressure 

ratios  and  work  inputs  to  the  four  stages  are  approximately  equal.  In 
compressor  design  it  is  customary  to  equalize  the  work  of  compression  for  the 

various  stages  so  as  to  maximize  the  savings  in  power  input  inherent  in  the 

process  of  intercooling  the  fluid  between  stages. 

In  the  case  of  high  pressure  compressors  used  for  Joule-Thomson  gas 

liquefiers  an  overall  compression  ratio  (P  /P  .  )  of  100:1  or  so  is 

.  ,  .  ,  ,  max  min  .  .  r  „  ,  . 

required.  Two  stages  of  compression  would  require  compression  ratios  of  10:1  in 

each  stage.  Four  stages  of  compression  require  compressor  ratios  of  only  3.16:1 

(i.e.  10)  in  each  stage. 

Consider  a  compressor  to  pressurize  gas  from  i  atm  (14.7  psia)  to  100  atm 
(1470  psia).  As  described  above,  the  compression  ratio  is: 

(P  /P  .  )  =  100:  1 
max  min 

Assume  the  compression  is  isothermal  and,  neglecting  clearance  effects,  the 
compression  process  is  as  shown  in  figure  1. 
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The  work  of  each  stage  is  the  same  when  the  pressure  ratio  of  each  stage  is 
the  same: 
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Now  for  each  stage  the  mass  of  gas  compressed  is: 
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where  the  subscripts  1,  2,  3,  4  refer  to  compression  stages  1,  2,  3,  4  and  the 

subscripts  a,  b,  c,  d  refer  to  respective  pressures  in  the  compression  stages  at 
the  start  of  compression.  D  refers  to  piston  diameter,  S  refers  to  piston 
stroke.  T  refers  t.o  absolute  temperature  and  R  refers  to  the  characteristic  gas 
constant  of  the  fluid  being  compressed. 

Neglecting  fluid  used  Lo  energize  hydrostatic  gas  bearings  the  mass  of 
fluid  at  the  start  of  each  compression  stage  is  the  same,  i.e. 


m 


1 


mi 


4 


Hence  :t  can  be  shown  by  elementary  algebraic  manipulation  that,  lor  the  above 
equality  the  following  is  obtained: 


=  1.37  U2 


D2  "  2'03  °3 


°3  =  ‘-77  U 4 


Now  consider  a  four  stage  compressor  of  the  type  discussed  above  with  a 
first  stage  cylinder  diameter  of  10  cm  (4  in  approx),  a  fourth  stage  cylinder 
diameter  of  1.3  cm  (0.625  in  approx)  and  a  stroke  of  1.5  cm,  A  large  bore/short 
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stroke  arrangement  is  preferred  so  as  to  reduce  the  sliding  velocity  (and  hence 
extend  the  life)  of  the  Scotch-yoke  mechanism. 


Assume  that  at  the  start  of  compi 
compression  cylinder  has  a  pressure 
respectively  (14.7  psia  and  60°F),  The 
stage  at  the  start  of  compression  is  then: 


start  of  compression  the  fluid  in  the  first  stage 
a  pressure  and  temperature  of  1  atm  and  15°C 
id  60°F),  The  mass  of  gas  contained  in  the  first 


pV  =  11)0  x  4  (0,1  -  0.015  )  0.015 

RT  2.078  x  288 

=  1.924  x  10 " 5  kg 


and  at  a  speed  of  8  Hz  (500  rev  per  min)  the  mass  flow  per  sec  is: 

m^  =  1.924  x  10  ^  x  8  =  1.539  x  10  ^  kg /sec 

in  accordance  witli  our  previous  estimate  of  the  ratio  of  cylinder  diameters 
we  can  select  the  stage  cylinder  diameters  and  other  principal  parameters  as 
follows  : 


1st  stage 
2nd  stage 
3rd  stage 
4th  stage 
S  t  roke 
Speed 


-  10  cm  (4  in  approx) 

-  6  cm  (2.5  in  approx) 

-  3  cm  ( 1 . 2  i n  approx) 

-  1.5  cm  (0.6  in  approx) 

-  1.5  cm  (0.6  in  approx) 

-  8  Hz  (480  rev  per  min) 


The  compression  power  input  for  isothermal  compression  is 


W  =  f 


Pj  Vj  1  n ( r  ) 


Whe  re 


work  ol  compression 

1  requency 

initiaL  pressure 

initial  volume 

pressure  ratio  ( P  /P  ) 
max  nun 


(8  Hz) 

(100  k P a  )  / 

(1.17  x  uf  m  ) 
(3.  16) 


“  IT'S  x  0.  I2  x  0.015) 

4  I  4 
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The  re  fore 


W  =  8  x  100  x  1.17  x  10  4  in  (3.16) 
W  =  0.108  kw 


and  since  there  are  four  stages  of  approximately  equal  work  input  the  total 
theoretical  power  input  is  0.108  x  4  =  0.433  kw. 

An  isothermal  efficiency  of  60%  and  a  mechanical  efficiency  of  70%  may  be 
realistic  for  the  compressor  so  that  the  actual  power  input: 


W  = 


0.433 
0.6  x  0.7 


1.03  kw 


Diagrams  of  the  input  shaft  torque  as  a  function  of  crankangle  are  shown  in 
figure  2.  The  zero  datum  crankangle  occurs  with  the  piston  at  the  extreme  right 
hand  position  with  clockwise  or  anti-c.lockwise  rotation.  The  tor  que /c  rankang  le 
characteristics  for  all  four  stages  are  virtually  identical  with  those  for 
stages  2  and  3  out  of  phase  by  tT/2  with  those  for  stages  1  and  4.  The  four 
diagrams  were  summarized  to  find  the  net  torque  diagram  shown  at  the  bottom  of 
figure  2.  The  net  torque  char  ac  te  r  i  s  t  ic  lias  two  equal  peaks,  180c  apart  with 
zero  torque  at  the  piston  dead  points.  The  peak  torque  to  mean  torque  ratio  was 
computed  to  be  approximately  2:1.  This  indicates  a  moderate  size  flywheel  will 
be  sufficient  to  assure  compressor  operation  at  a  steady  speed  of  operation. 


3.  Four  Stage  Compre ssor  Test i ng 

The  test  set-up  for  the  compact  four  stage  compressor  is  shown 
d  iagrammat ical Ly  in  figure  3. 

The  compressor  performance  characteristics,  using  N,,  gas  as  the  working 
fluid,  were  tested  measuring  the  following  parameters: 

a)  inlet  pressure  to  the  first  stage 

b)  compressor  speed 

c)  compressor  housing  temperature 

d)  ambient  temperature 

e)  input  power  consumption 

f)  compressor  output  pressure  and  flow 

The  test  procedure  was  as  follows: 

1)  Start  compressor  with  downstream  needle  valve  wide 
open  for  maximum  flow.  Set  inlet  pressure  and 
compressor  speed  at  specified  setting. 

2)  Measure  the  parameters  a  through  f,  listed  above. 


Shaft  Torque-Arbitrary  units 


1st  Stage  Compression 


2nd  Stage  Compression 


3rd  Stage  Compression 


4th  Stage  Compression 


Mean  Torque 


Net  Torque 


FIGURE  2.  INPUT  SHAFT  TORQUE  AS  A 
FUNCTION  OF  CRANKANGLE 
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FIGURE  3.  DIAGRAM  OF  THE  COMPACT  FOUR  STAGE  HIGH  PRESSURE  GAS 

COMPRESSOR  TEST  ARRANGEMENT 


3) 


Close  needle  valve,  to  reduce  outlet  flow,  and  note 
the  increase  in  outlet  pressure 

A)  Repeat  with  decreasing  outlet  flow  until  needle 
valve  is  closed,  (no  flow).  This  gives  maximum 
outlet  pressure  from  the  compressor. 

The  results  of  these  tests  showing  the  compressor  outlet  pressure  as  a 
function  of  outlet  flow  at  constant  compressor  speed  and  inlet  pressure  are 
shown  in  figure  A. 

As  previously  described  high  pressure  compressors  for  Joule-Thomson  gas 
liquefiers  require  an  overall  compression  ratio  (P  / P  .  )  of  100:1.  The 
compression  ratio  for  each  stage,  of  a  four  stage  compressor  is: 

\/?  /P  .  =  VlOO/l  =  3.16 

max  min 

The  prototype  compressor,  built  and  tested  here,  easily  met  and  exceeded 

these  requirements  reaching  pressures  in  excess  of  A000  psig,  as  shown  in  figure 

A.  The  overall  compression  ratio  (P  /P  .  )  exceeded  200:1  giving  an 
......  .  .  .  max  min 

individual  stage  compression  ratio  is: 

(V~P  /P  •  >  of  3.76:1. 
max  min 


A.  Conclusion 

The  miniature  multistage  high  pressure  gas  compressor  developed  for 
Linde-Hampson  cryocoolers  is  presently  continuing  performance  and  life  testing. 

Primary  concentration  is  being  focused  on  the  Scotch-yoke  drive  mechanism 
to  increase  the  operating  life  by  reducing  the  sliding  friction  and  wear. 

Alternative  concepts  for  the  delivery  and  exhaust  valves,  piston  rings  and 
guide  bushings  are  also  being  investigated  to  improve  reliability  and  overall 
system  efficiency  while  at  the  same  time  further  reducing  the  package  size, 
weight  and  cost. 
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FIGURE  4.  COMPRESSOR  OUTLET  FLOW  AS  A  FUNCTION 
OF  OUTLET  PRESSURE  WITH  CONSTANT 
COMPRESSOR  SPEED  AND  INLET  PRESSURE 
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PROGRESS  IN  DEVELOPMENT  OF  OIL-FREE  RESONANT-PISTON  COMPRESSORS 

FOR  CRYOGENIC  APPLICATIONS 


Peter  W.  Curwen 

Mechanical  Technology  Incorporated 
Latham,  New  York  12110 


Oil-free  helium  compressors  offer  potential -cost  and  reli¬ 
ability  advantages  for  cryogenic  systems.  Recent  progress  has 
been  made  at  Mechanical  Technology  Incorporated  (MTI)  in  the 
development  of  linear-motor-driven,  oil-free  resonant-piston  com- 
ressors  (RPC).  Particularly  noteworthy  is  the  development  of  a 
new  type  of  linear  motor  having  significantly  reduced  recipro¬ 
cating  mass.  This  motor  has  been  incorporated  into  a  single- 
stage,  helium  compressor  with  a  2.7:1  pressure  ratio.  The  primary 
objectives  of  this  compressor  are  low  manufacturing  cost  and  long 
operating  life. 

Key  words:  Linear  motors;  oil-free  compressors;  resonant-piston 
compressors 


1:  Introduction 

At  the  1981  Cryogenic  Engineering  Conference,  MTI  reported  on  a  U.S.  Navy-spon¬ 
sored  program  to  develop  a  linear-motor-driven,  oil-free  resonant-piston  compressor 
(RPC)  for  helium  liquefaction  [1]*.  This  development  was  for  a  54  Ib/hr,  16:1  pres¬ 
sure  ratio,  two-stage  compressor.  The  RPC  was  equipped  with  hydrostatic  helium  gas 
bearings  to  eliminate  the  need  for  oil  lubrication  and  clearance  seals  to  eliminate 
life-limiting,  wear-couple  seals. 

Figure  1  shows  the  reciprocating  assembly  for  the  second-stage  module  of  this 
two-stage  compressor.  Pistons  for  the  two  parallel-flow,  second-stage  cylinders  are 
located  at  each  end  of  the  assembly.  These  pistons  are  dwarfed  by  two  double-acting 
gas-spring  pistons  needed  to  resonate  the  46-lb  mass  of  the  reciprocating  assembly  at 
60  Hz.  The  27-lb  plunger  of  the  reciprocating  linear  motor  is  located  in  the  center  of 
the  assembly.  Although  the  second-stage  RPC  successfully  demonstrated  the  feasibility 
of  oil-free,  wear-free  compressor  operation,  the  demonstration  had  to  be  performed  at 
reduced  flow  rates  due  to  a  shortfall  of  power  from  the  linear  motor.  The  complete 
two-stage  compressor  was  not  developed  due  to  MTI's  inability  to  develop  a  17-hp 
linear  motor  having  a  plunger  specific  power  of  0.63  hp/lb. 


♦Numbers  in  brackets  refer  to  the  literature  references  listed  at  the  end  of  this 
report. 
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Plunger  specific  power  is  perhaps  the  most  critical  parameter  for  any  free-piston 
compressor.  This  parameter  is  obtained  by  dividing  the  rated  shaft  power  of  the  reci¬ 
procating  linear  motor  by  the  weight  of  the  motor's  plunger.  The  highest  possible 
value  of  this  parameter  is  desired  in  order  to  minimize  size  and  maximize  efficiency 
of  the  RPC. 

The  plunger  specific  power  that  was  actually  achieved  with  the  Navy  motor  was 
0.31  hp/lb,  which  was  typical  of  MTI  motors  developed  during  the  1970s.  By  the  early 
1980s,  it  was  apparent  that  significant  increases  in  plunger  specific  power  were  need¬ 
ed  if  the  full  potential  of  free-piston,  resonant  compressors  was  to  be  realized. 
This  paper  describes  MTI's  efforts  to  achieve  such  increases  and  the  application  of 
one  such  advanced  motor  to  an  oil -free,  helium  compressor. 

2.  Advances  in  linear  motor  design 

Figure  2  shows  a  doubly  excited  (electrodynamic)  linear  motor  of  the  type  used  in 
the  Navy  compressor.  The  plunger  and  stator  are  of  round  geometry.  This  particular 
motor  produced  3.5  hp  at  84%  efficiency  with  .a  16-lb  plunger,  resulting  in  a  plunger 
specific  power  of  0.22  hp/lb.  The  path  of  the  dc  field  flux  through  the  motor  is  shown 
in  Figure  3.  As  illustrated,  the  flux  travels  axially  through  the  center  of  the  plun¬ 
ger.  Sufficient  magnetic  iron  must  be  provided  in  the  plunger  centerbody  to  carry 
this  flux  without  saturation.  It  is  the  weight  of  this  magnetic  centerbody  that 
results  in  the  low  plunger  specific  power  for  this  type  of  motor. 

Figure  4  shows  the  plunger  assembly  for  a  recently  developed  3.5-hp  linear  motor 
that  has  demonstrated  a  plunger  specific  power  of  1.0  hp/lb  (a  factor  of  4.5  increase 
over  the  motor  shown  in  Figure  2).  The  plunger  geometry  in  this  case  is  flat  rather 
than  round.  The  path  of  the  dc  field  flux  through  this  motor  is  shown  in  Figure  5.  As 
illustrated,  the  dc  flux  travels  transversely  (rather  than  axially)  through  the 
two-plunger  pole  packs,  resulting  in  a  substantial  reduction  in  the  weight  of  iron 
needed  in  the  plunger. 

Efficiency  of  the  newly  developed  flat  motor  is  currently  about  73%.  To  bring 
this  efficiency  up  to  that  of  the  motor  shown  in  Figure  2,  more  iron  and  copper  are 
needed.  Our  calculations  indicate  that  the  total  weight  of  the  flat  motor  must  be 
increased  to  almost  that  of  the  round  motor  if  the  same  levels  of  efficiency  are  to  be 
achieved.  However,  most  of  this  weight  increase  will  occur  in  the  stator.  Plunger 
specific  weight  will  decrease  slightly  but  will  still  be  three  to  four  times  greater 
than  that  of  the  round  motor. 

3.  Oil -free  helium  compressor  using  new  motor 

For  the  past  several  years,  MTI  has  conducted  an  internally  funded  program  to 
demonstrate  the  feasibility  of  an  oil-free  helium  compressor  using  the  flat  motor 
described  above.  Design-point  ratings  of  the  compressor  are  15.6  lb/hr  (1.96  g/sec) 
at  100  psig  inlet  and  300  psig  discharge  pressures.  These  conditions  are  typical  of 
those  used  in  commercial  cryopump  systems.  A  major  objective  of  this  development  is 
to  achieve  a  low-cost,  hermetic  compressor  capable  of  30,000  hours  of  maintenance-free 
life. 


Figure  6  shows  a  cross  section  of  this  new  oil-free  helium  RPC.  The  motor  plunger 
assembly  for  this  compressor  is  shown  in  Figure  4.  In  addition  to  using  the  flat 
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motor,  this  design  incorporates  another  innovation  specifically  directed  at  reducing 
the  cost  of  the  compressor;  the  RPC  is  equipped  with  just  one  cylinder  and  one  piston 
(as  shown  in  Figure  6).  All  previous  RPCs  developed  by  MT I  have  used  opposed  cylinders 
and  pistons  (i.e.,  a  piston  and  cylinder  located  at  each  end  of  the  reciprocating 
assembly).  This  was  done  to  obtain  a  zero  net  average  pressure  force  acting  on  the 
free-piston  assembly.  Pressure  balancing  is  highly  desirable  since  it  greatly  simpli¬ 
fies  the  problem  of  maintaining  centered  operation  of  the  reciprocating  assembly. 

This  single-cylinder  RPC  is  also  pressure  balanced.  Piston  stroke  is  0.8  in.  at 
3600  strokes/min.  The  piston  is  double  acting.  Helium  compression  is  performed  on 
one  side  of  the  piston  using  conventional,  pressure-actuated  reed  valves  to  control 
inlet  and  discharge  flow  through  the  cylinder.  The  other  side  of  the  piston  operates 
in  a  "balance"  cylinder  that  pressure  balances  and  stabilizes  the  reciprocating, 
free-piston  assembly.  The  balance  cylinder  also  provides  about  50%  of  the  "spring 
stiffness"  needed  to  resonate  the  reciprocating  assembly  at  60  Hz.  The  remaining  50% 
of  the  resonance  stiffness  is  obtained  from  the  compression  cylinder.  Comparison  of 
Figures  1  and  6  indicates  the  significant  advantage  of  high  plunger  specific  power. 
The  size  of  auxiliary  gas-spring  cylinders  needed  to  achieve  resonant  operation  of  the 
compressor  is  greatly  reduced,  as  are  also  gas-spring  losses. 

Figure  7  shows  a  side  view  of  the  flat  motor  assembly  for  the  helium  RPC.  Also 
shown  is  one  of  the  hydrostatic  helium  gas  bearing  shafts  used  to  support  the  motor 
plunger  without  sliding  contact.  Pressurized  helium  for  these  bearings  is  obtained 
from  compressor  discharge. 

Figure  8  shows  recently  measured  flow  delivered  by  the  compressor  as  a  function 
of  inlet  pressure  and  motor  current  while  maintaining  a  constant  discharge  pressure  of 
300  psig.  This  plot  demonstrates  how  variable-capacity  operation  of  a  free-piston  RPC 
can  be  easily  obtained  by  simply  changing  the  voltage  (current)  applied  to  the  linear 
motor. 

Testing  of  the  present  RPC  configuration  has  been  underway  for  only  several 
weeks.  Continuous  steady-state  operation  has  been  demonstrated  at  motor  currents  of 
22  and  25  A;  steady-state  operation  at  progressively  higher  currents  is  the  objective 
of  our  continuing  test  program.  Design-point  operation  has,  in  fact,  been  achieved  in 
short-duration  runs  at  33  A.  Operation  of  the  helium  hydrostatic  bearings  thus  far 
has  been  trouble  free. 


4.  Summary 

Substantial  progress  has  been  made  toward  achievement  of  a  low-cost,  oil-free 
helium  RPC  as  a  result  of  a  significant  improvement  in  plunger  specific  power  for  the 
linear  motor.  Further  development  will  concentrate  on  RPC  performance  improvement, 
endurance  testing,  and  an  assessment  of  whether  current  fabrication  materials  are 
acceptable  from  a  contamination  standpoint. 
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